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Rayleigh-Bénard Convection
in Open and Closed Rotating
Cavities

Buoyancy effects can be significant in the rotating annular cavities found between com-
pressor discs in gas-turbine engines, where Rayleigh numbers above 10"? are common. In
some engines, the cavity is “closed” so that the air is confined between four rotating
surfaces: two discs and inner and outer cylinders. In most engines, however, the cavity is
“open” and there is an axial throughflow of cooling air at the center. For open rotating
cavities, a review of the published evidence suggests a Rayleigh—Bénard type of flow
structure, in which, at the larger radii, there are pairs of cyclonic and anti-cyclonic
vortices. The toroidal circulation created by the axial throughflow is usually restricted to
the smaller radii in the cavity. For a closed rotating annulus, solution of the unsteady
Navier-Stokes equations, for Rayleigh numbers up to 10°, show Rayleigh—Bénard con-
vection similar to that found in stationary enclosures. The computed streamlines in the
-0 plane show pairs of cyclonic and anti-cyclonic vortices; but, at the larger Rayleigh
numbers, the computed isotherms suggest that the flow in the annulus is thermally mixed.
At the higher Rayleigh numbers, the computed instantaneous Nusselt numbers are un-
steady and tend to oscillate with time. The computed time-averaged Nusselt numbers are
in good agreement with the correlations for Rayleigh—Bénard convection in a stationary
enclosure, but they are significantly higher than the published empirical correlations for
a closed rotating annulus. [DOI: 10.1115/1.2432898]
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methods that are used to produce the computed flow structures
and Nusselt numbers that are presented in Sec. 5 for a closed
cavity. The principal conclusions are summarized in Sec. 6.

1 Introduction

Buoyancy-induced flow occurs in the rotating annular cavities
found between the compressor disks in gas-turbine engines. In
some engines the cavity is closed, and the trapped air is confined
between four rotating surfaces: two disks and an inner and outer
cylindrical surface. In most engines, however, the cavity is open,
as shown in Fig. 1, and there is an axial throughflow of cooling air
in the clearance between the center of the discs and a rotating
shaft. (Although the shaft usually rotates at a different angular
speed from that of the discs, in this paper it is assumed to have the
same speed, ().) Figure 2 shows a schematic diagram of the open
and closed rotating cavities that are the subject of this paper.

Rayleigh-Bénard convection can occur in the fluid enclosed
between two, stationary, horizontal plates, the lower of which is
heated. The buoyancy-induced flow structure (see Refs. [1-3])
comprises a parallel array of contrarotating vortices with horizon-
tal axes, as shown in Fig. 3. King and Wilson [4] showed that a
similar flow structure can occur in a rotating annulus, where the
outer cylindrical surface is heated. In this case, where the centrip-
etal acceleration, r, is much greater than the gravitational ac-
celeration, g, the axes of the counter-rotating vortices in the an-

2 Linear Equations for Rotating Fluids

Consider a frame of reference, rotating with angular speed ()
about an axis located at point 0. In cylindrical-polar coordinates,
u, v, and w are the components of velocity in the r, 6, z directions.

The so-called linear equations are a simplified form of the
Navier—Stokes equations when the nonlinear inertial terms are
negligibly small compared with the Coriolis acceleration. Strictly,
the linear equations are only valid when |u| and |v| are much
smaller than Qr. There are, however, many flows where the equa-
tions give good predictions of experimental measurements even
when |u| and |v| are of similar magnitude to Qr (see Refs. [5,6]).
The equations developed below are based on those derived by
Farthing et al. [7]; they are used here to show their relevance to
Rayleigh—Bénard flow.

For steady flow, the continuity equation and the inviscid linear
equations (which, in meteorology, are referred to as the geo-

nulus are in the axial direction. (In an engine, (/g is typically
of the order of 10%, and Rayleigh numbers are usually greater than
10'2)

This paper considers the occurrence of Rayleigh—Bénard con-
vection, and related buoyancy-induced flow, in both open and
closed rotating cavities. Section 2 presents the linear equations for
rotating fluids, and Sec. 3 reviews some relevant published work.
Section 4 describes the governing equations and computational

Contributed by the Internal Gas Turbine Institute (IGTI) of ASME for publication
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strophic equations) can be expressed as

d,(pru) + dg(pv) + d,(prw) =0 (1)
1 2
2Qv=—d,p-Q°r (2a)
p
1
2Qu=——43p (2b)
pr
1
=—d,p (2¢)
p

Equations (1) and (2) lead to the result that
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cavity

compressor shaft

Fig. 1 Simplified diagram of high-pressure compressor rotor
with axial throughflow

Q
d(pw) = > 9P (3)

For incompressible or axisymmetric flow (where dy, is zero) it
follows that pw is invariant with z. This result, often referred to as
the Taylor—Proudman theorem, means that # and v are also invari-
ant with z. Two important consequences should be noted: (i) ro-
tation tends to create two-dimensional (2D) stratified flow, reduc-
ing circulation; (ii) radial flow can only occur if dgp#0. (As
shown in Ref. [6], for source-sink flow in a rotating cavity, radial
flow is confined to Ekman layers on the discs and there is virtually
no flow in the inviscid core of fluid between these layers.)

For incompressible flow, equation (2a) can be written as

1
2Qv=—-4,P (4)
P
where P is the so-called reduced pressure defined by
1
P=p-pr (5)

For cyclonic circulation, where »>0, the pressure increases radi-
ally. As the pressure at the center of the circulation is lower than
that at the outside, cyclonic circulation is associated with low
pressure (as in the earth’s atmosphere); conversely, anti-cyclonic
circulation is associated with high pressure.

In a rotating cavity, Rayleigh—-Bénard convection is always as-
sociated with an even number of vortices; in a stationary enclo-
sure, the number may be odd or even. These cyclonic and anti-
cyclonic pairs of vortices create the circumferential pressure
gradient that is needed to produce the radial convection of fluid in
the rotating cavity. The above results apply to inviscid flow: vis-
cosity tends to reduce the circulation, and heat transfer to the

cavity

(a) open cavity (b) closed cavity

Fig.2 Schematic diagram of open and closed rotating cavities

@j I, [~
116060060

Fig. 3 Rayleigh—-Bénard convection in a horizontal stationary
enclosure
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cylindrical surfaces of a rotating cavity occurs in the boundary
layers on these surfaces.

3 Review of Previous Work

The definition of symbols is given in the Nomenclature.

3.1 Open Rotating Cavities. The Sussex Group [7-12] made
measurements and computations for a rotating cavity with an axial
throughflow of cooling air for a/b=0.1. There was no central
shaft, and either the discs or the shroud (the outer cylindrical
surface) were heated.

Farthing et al. [7] carried out flow visualization and laser-
Doppler anemometry (LDA) studies in both isothermal and heated
cavities. For the isothermal case, the axial throughflow was seen
to generate a powerful toroidal vortex, in cavities with large gap
ratios (G>0.4), the strength of which decreased as the rotational
speed increased. Depending on the values of G and Ro, the
Rossby number, axisymmetric and nonaxisymmetric vortex break-
down [13] was observed in the central jet. When one or both of
the disks were heated, the flow in the cavity became nonaxisym-
metric, and cyclonic and anti-cyclonic circulation was observed.
The core of fluid between the discs precessed at an angular speed
(Q, say) slightly less than that of the discs. The ratio of Q./Q
decreased as the temperature difference between the discs and the
cooling air increased.

For the case of G=0.138, with both discs heated to the same
(radially increasing) temperature, Farthing et al. [8] correlated the
Nusselt number, Nu;, by

Nu, = 0.0054 Re G (6)

The correlations for natural convection [14] from a heated vertical
plate in air (where the centripetal acceleration Q% in the defini-
tion of Gr; is replaced by the gravitational acceleration g, and
(b-r) is replaced by the vertical height) are

Nu, =0.36 Gr?’25 for laminar flow (7a)

Nu; =0.022 Gr}*  for turbulent flow (7D)

For the vertical plate, transition from laminar to turbulent flow
occurs at Gry =~ 10°. For the rotating cavity, Farthing et al. found
no evidence of transition even for Gr;>10'!, which suggested
that the flow might be laminar even at very large values of the
Grashof number.

As part of a major European research project [internal cooling
air systems in gas turbines (ICAS-GT)] Owen and Powell [15]
made measurements in an open cavity, where a/b=0.4 and G
=0.2, in which one of the discs was heated. LDA and heat transfer
measurements were made for 1.4X10°<Re,<5X10* and 4
X103 <Re,<3.2X 10°. Spectral analysis of the LDA measure-
ments revealed a multi-cell structure comprising one, two or three
pairs of vortices. As found in the experiments of Farthing et al.,
the core of fluid between the discs precessed at an angular speed,
Q,, less than that of the discs, and ./ decreased as the tem-
perature of the heated disk increased. At the smaller values of Re,,
the measured Nusselt numbers were consistent with buoyancy-
induced flow; at the larger values of Re,, the effect of the axial
throughflow became dominant.

Complementary computational research, conducted as part of
ICAS-GT, was reported by Smout et al. [16]. Three-dimensional,
unsteady, turbulent computations for the open rotating cavity at
low values of Re, produced a multi-cell structure and the com-
puted Nusselt numbers were consistent with the measurements
made by Owen and Powell.

Tian et al. [17] computed the flow and heat transfer in a rotating
cavity based on the geometry of Farthing et al. Their 3D, steady,
turbulent computations showed that the flow structure comprised
two parts: Rayleigh-Bénard convection at the larger radii, and
forced convection in the central region. The computations sug-
gested that there is a critical Rayleigh number above which the
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flow becomes unstable and time dependent.

Johnson et al. [18] investigated the stability characteristics of
variable-density swirling flow in rotating cavities. Using a
narrow-gap approximation for inviscid flow, they produced crite-
ria for the necessary and sufficient conditions for stability. When
the rotating surfaces are colder than the “cooling air” (such as at
takeoff in an aeroengine) the flow is stably stratified: the axial
throughflow cannot penetrate very far into the cavity and the re-
sulting convective heat transfer is relatively low. Conversely,
when the rotating surfaces are hotter than the air (at cruise and
landing), the flow is unstable, the axial flow can readily enter the
cavity, and the heat transfer is increased as a consequence. (For
these unstable conditions, flow visualization revealed “multi-lobe
secondary flows” rotating inside the cavities of a compressor
drum.)

3.2 Closed Rotating Cavities. The Aachen group [19-22]
made measurements and computations for a sealed annulus where
the heat flow could be either axial (from a hot disk to a cold one)
or radial (from a hot outer cylindrical surface to a cold inner one).
The subscripts 2 and 3 are used below for axial and radial heat
transfer, respectively. In both cases, the Nusselt numbers represent
the ratio of (axial or radial) convection to conduction in the annu-
lus. The Nusselt numbers are spatially and time averaged values.

For G=0.5, a/h=0.52, 2 X 108<Ra,<5x10'0, the Nusselt
number for the axial case was correlated by

Nu, = 0.346 Ra)'** (8)

For the radial case, three different geometries were tested for
107 <Ra;<10'2, and the correlations are given below.
Geometry A (axisymmetric annulus with G=0.34, a/b=0.35)

Nus 4 = 0.266 Raj**® (9a)
Geometry B (axisymmetric annulus with G=0.5, a/b=0.52)
Nu; 5 =0.317 Ra3?!" (9b)

Geometry C (annulus with 45 deg segments with G=0.5, a/b
=0.52)

Nus ¢ =0.365 RaJ*" (9¢)
From the definitions of Ra; and Rejs it follows that
Ras = (s/r,,)Pr BAT Re3 (10)
where
Res = Qr,s/v (11)

Therefore the Rayleigh number depends on both the rotational
Reynolds number, Res;, and the buoyancy parameter, SAT. Cori-
olis forces increase as () increases, and the results of Sec. 2 sug-
gest that circulation inside the annulus should be reduced as (),
and hence Res, increases. In the experiments, for a given value of
Rasz, Rej g was greater than Re; 4. Consequently, Nuj 5 <Nuj 4,
although the differences were relatively small.

As shown in Sec. 2, radial flow can only occur in the inviscid
core of fluid if dgp # 0. For annuli A and B, this pressure gradient
is created by pairs of cyclonic and anti-cyclonic vortices. In an-
nulus C, the radial walls in the cavity allow a pressure gradient to
exist without the need for vortex pairs. Bohn et al. [20] found that,
in annulus C, there was anti-cyclonic circulation, with an isother-
mal core, in each of the eight segments. This circulation provided
enhanced convection so that, for a given value of Ras, the Nusselt
numbers in annulus C were slightly greater than those in either A
or B.

For Rayleigh-Bénard convection in stationary, horizontal en-
closures, King [23] used dimensional and physical arguments to
show that Nu;=A,Ra%! +A,Ra®>+..., where A, A,, a;, and a, are
constants. Niemela et al. [24] correlated Nuj for low and high
Rayleigh numbers, and Grossman and Lohse [3] produced the
semi-empirical result

Journal of Engineering for Gas Turbines and Power

Nu; =0.27 Ra'* + 0.038Ra'”3
Holland et al. [25] obtained the correlation, for Pr=0.7

Nus = 1 + 1.44 max{l — 1708/Ra,0} + max{(Ra/5830)'* — 1,0}
(13)

King and Wilson [4] solved the unsteady 2D laminar equations
(see Sec. 4) for an annulus (with the outer surface heated) in
which the gravitational acceleration, g, was replaced by a constant
centripetal acceleration ({)?h). Their computed streamlines
showed the vortex structure associated with Rayleigh—-Bénard
convection. The computed Nusselt numbers, for 10*<Ra<10°
and a/b=0.5 and 0.7, were in good agreement with the above
correlations for a stationary enclosure.

(12)

4 Governing Equations and Computational Methods

The unsteady Navier—Stokes equations are expressed, using di-
mensionless variables, in vorticity-streamfunction and velocity—
vorticity formulations for the 2D and 3D computations, respec-
tively. Derivations, from the original primitive-variables forms of
the equations using Boussinesq approximations and suitable sub-
stitutions, are given by Lewis [26] and King [23].

The 2D dimensionless equations in cylindrical polar coordi-
nates and in a rotating frame of reference for radial-tangential
(r-6) flow in streamfunction-vorticity form are

o=V (14)

1 [ ~ 11(_ JJ)] 2Ra,,
—| dw+ — w, +
T 7R,

J(T, ) +Rayd,T=V*® (15)

Pr e ¢Pr

-1 - _

#T+—J(T,¢) =V°T (16)
r

where the Jacobian operator is given by J(A,B)=d-Ad,B

—0:BdpA and 7,T, @, and ¢ are the nondimensional time (or Fou-
rier number), temperature, vorticity and streamfunction, respec-
tively.

The vorticity-velocity formulation for the dimensionless 3D
equations are

1 B
—[&,A + (it . V)A = Adsit — =gt — Cost
Pr - 7

2Ra, - -
— 2Rey0:0 + —(Td:1 + wo:T)
(&

R ¢Pr
2 A
—_v2 - el
_VA—FZ&GB—FZ (17)
1 5\ B
—[0;3+ (. V)B—A(a;ﬁ— %) —Z(@+d0) - Cov
Pr - I3 r )
2Ra, - —
—2Re g0 + —2(Td + 06:T)
° Re¢Pr N
o, 2 B
+7Rayd:T=V B+_—2079A—; (18)
r

1 B
—[%C+ . V)C-Adsw — —dgw — Cr?ﬁ]
Pr - r

Rad, - _ .= v =
Tow — ud:T — —dgT
P r

2
—2Re d-w +
#72 Re 4Pr
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— Ray9,T=V*C (19)

where A, B, and C are the components of vorticity and iz, 0, w the
nondimensional velocities in the r, 6, and z directions, respec-
tively. The Poisson equations for velocity are derived using the
curl of the vorticity and the continuity equation. The velocity ex-
pressed in terms of vorticity is then given by

1 B
Vi =—dpA — 6:B — — (20)
r r
2 U 2C
V4 00+ =00+ — — gA (21)
r r r
o 2. _ i 1 1 2 _
Vi + it + 5 = 9:B=—04C— —dyC — =07 (22)
r r r r r
The energy equation is
&+ (. V)T=V’T (23)

The boundary conditions for the various dimensionless variables
are such that there are no-slip velocity conditions, adiabatic side

discs, T=1 on the outer cylinder, and 7=0 on the inner cylinder.
The computations were started from solid-body rotation and a
conduction profile in temperature; the unstable flows develop
through either numerical rounding errors or an imposed artificial
disturbance.

The equations were solved using second-order-accurate finite-
difference approximations in space on collocated uniform curvi-
linear grids for the 2D equations and on staggered grids for the 3D
equations. The Arakawa [27] formulation was used to treat the
nonlinear terms in the 2D equations. Time-stepping was based on
the Du- Fort-Frankel method where values of a dependent vari-
able at the present time step were exchanged for averages of new
and previous time-step values. Equations (14) and (20)—(22) are
boundary value problems within each time step. To accelerate
convergence, they were solved using a V-cycling multigrid rou-
tine, incorporating a Gauss—Seidel line relaxation scheme.

The computed Nusselt numbers were based on the ratio of ra-
dial convection, at ¥=1, to 1D radial conduction in the annulus.
The local Nusselt number, Nus, was therefore defined as

Nu; = In(b/a)(6-T) -, (24)

and the global, or spatially averaged, Nusselt number, Nus ,,, was
obtained by integrating Nuy over the area of the outer cylindrical
surface.

Various grid and time-step resolutions were used to ensure nu-
merical stability. For the 2D computations, the finest grid resolu-
tion was 96X 192 (in r-6) and the smallest time step was 2
X 1078 for the 3D computations, they were 32 X 32X 128 (in r-z-
6) and 5 X 1078, respectively.

5 Computed Flow in Closed Cavities

5.1 Flow Structure. The results discussed below were ob-
tained by solving the equations given in Sec. 4 for Pr=0.7 and
a/b=0.5. Limitations in available computing power meant that
computations were not practical for Rayleigh numbers greater

a) Streamlines

b} Isotherms

Fig. 4 Computed 2D streamlines and isotherms for a/b=0.5

than 10° for 2D flow and 10° for 3D flow.

The values of BAT used in the computations were chosen to
match those in the experiments of Bohn et al. It was assumed that
ﬂAT:l.lRago'lM; as Ra30<,8ATRe§, BAT varied between 0.44
and 0.1, and Re; between 128 and 1.5X 10° for the range of
Rayleigh numbers used in the computations. (As shown in Sec. 2,
increasing ()—and hence increasing Re;—tends to reduce the cir-
culation in the annulus. As found in the Aachen experiments, for a
given value of Raj, increasing Re; tends to reduce the Nusselt
number.)

Figure 4 shows the 2D computations of the instantaneous
streamlines and isotherms; the values of 7 are given in Table 1.
Although the streamlines show clear evidence of Rayleigh—
Bénard convection, the isotherms show a more complicated pic-
ture. For Raz=10*, the isotherms show a series of lobes; for Ras
=10°, the vortex pairs are clearly visible and their cores appear to
be virtually isothermal; for Ray= 108, despite the vortex flow seen
in the streamlines, the isotherms suggest that thermal mixing has
occurred. Reasons for this mixing are discussed below.

Two-dimensional computations were conducted for 1032
=Raz= 10%, and Table 1 shows the number of pairs of vortices, n,
that were observed for each value of Ra;. The fact that n can vary
from 4 to 6 in what appears to be a random fashion suggests that

Table 1 Number of pairs of observable vortices, n, in annulus for a/b=0.5
Ra; 1033 10* 104° 10° 10°° 1063 107 1072 108 1083 10°
7 2.5 0.25 0.25 0.2 0.2 0.15 0.04 0.015 0.003 0.01 0.003 0.0015
n(streamlines) 5 6 5 6 5 5 5 5 5 4 6 5
n(isotherms) 5 6 5 6 5 5 5 5 5 — — —
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Velocity vectors
anticyclonic

+ve

Isotherms

a) Re; =546 b) Re; = 1821
Fig. 5 Computed 3D flow structure at z=0.25 and for Ra,
=10%°, a/b=0.5, G=0.5

n is time dependent. (The computations of Lewis [26] for a rotat-
ing annulus also showed that the number of vortex pairs could
change with time.) The flow vacillates, and it is this vacillation
that is thought to be responsible for the lack of coherence in the
isotherms for Ra;=103: the constantly changing flow structure
acts as an effective thermal-mixing device. (Vacillation is used to
mean an unsteadiness in the flow structure; this includes struc-
tural vacillation in which the number of vortices can change with
time.)

The phenomenon of coherent flow structures and thermal mix-
ing was also seen, above a critical Rayleigh number, in computa-

tions in a stationary annulus [23]. The measurements of Niemela
et al. [24] for Rayleigh-Bénard flow in a stationary enclosure
confirmed that large-scale coherent flow structures with thermal
mixing could occur for Rayleigh numbers up to 10'7. This sug-
gests that the phenomenon is physical.

Figure 5 shows the 3D computations of the instantaneous flow
structure in an annulus with a gap ratio of G=0.5 for Ra;=10%°
and Re;=546 and 1821. For Re;=546, the velocity vectors, at
z/5s=0.25 in the r-0 plane, show a similar structure to the 2D
computations for Ra;=10* in Fig. 4.

In the 3D computations for Re3;=546, the contours of axial
velocity show that there is axial flow away from the discs (+ve) in
the cyclonic (low pressure) vortices, and flow towards the disc
(=ve) in the anti-cyclonic vortices. (This can be seen more clearly
in the results for Re;=546 than for Re;=1821.) The isotherms
show a lobe-type of structure similar to that shown in the 2D
computations in Fig. 4.

For Re;=1821, the 3D flow structure in Fig. 5 is far less clear
but, for the reason stated above, increasing Re; reduces the circu-
lation, and the circular isotherms show that conduction dominates
over convection.

5.2 Nusselt Numbers. Figure 6 shows the computed variation
of Nuj ,,, the global Nusselt number, with time 7 for Ra;=10%,
109, and 10%. For stably stratified flow, where only conduction
occurs, Nuj ,,=1, which is the case as r—0. For Ra3=104, the
flow becomes unstable (that is, Rayleigh-Bénard convection oc-
curs) for 7>0.1, and Nus ,, increases to a constant value of ap-
proximately 2.5. For Ra;=10°, however, Nus ,, never achieves a
steady value: for 7>0.1, periodic oscillations occur and 7
<Nuj 4, <9. For Raz= 108, the oscillations are aperiodic, and 30
<Nuj 4, <40. The oscillations in Nuj ,, are attributed to the vac-
illating flow structure discussed above.

Figure 7 shows the variation of Nuj,,, the computed time-
average global Nusselt number, with Ra;. The computed Nusselt
numbers are in good agreement with the correlations for a station-
ary enclosure but differ significantly from those for a rotating
annulus.

King [23] conducted 3D laminar computations, for Ra;= 109,
and the computed Nusselt numbers were in good agreement with
the correlations for a stationary enclosure. Limitations in comput-
ing power meant that it was not possible to compute Nus,, at
values of Raz high enough to make comparisons with the empiri-
cal correlations for the rotating annulus. It is possible that 3D
computations, with an appropriate turbulence model, could pro-
duce better agreement with the correlations for the rotating annu-
lus, but that is beyond the scope of this paper. (It should be noted
that Sun et al. [28] achieved good agreement with the results of
Bohn et al. using a 3D compressible time-accurate code with a
low-Mach-number preconditioner.)

5.0 N 10 40 )i "1
Ny, Uy | Nu,, | M ‘\WMNM WM o
. ] ‘ ' y
407 ® 30+ M ”15 A | M
3.0 6 7|
1 20
/" |
2.0 4 |
1/ ]l f‘
10|
ol ] |
- _ — _ _J _
0.0 T T T T T t 04 T T T t 0 T T 1 1 t
0.0 0.050.1 01502 02503 00 005 01 015 02 0.0 0.002 0.004 0.006 0.008 0.01
Ra,= 10" Ra, = 10° Ra, = 10"

Fig. 6 2D computations of variation of Nus ,, with f for a/b=0.5
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Fig. 7 2D computations of variation of N_us,av with Ra; for
alb=0.5

Heating the disks, or the outer surfaces, of a rotating cavity can
produce buoyancy-induced flow. For the case of an open rotating
cavity with an axial throughflow of cooling air, previously pub-
lished work shows that a complex flow structure occurs: cyclonic
and anti-cyclonic vortex pairs are created at large radii and the
toroidal circulation induced by the throughflow is confined to the
smaller radii.

For a closed rotating cavity (or sealed annulus), where the outer
cylindrical surface is hotter than the inner one, the computed flow
structure is similar to the Rayleigh-Bénard convection that occurs
in stationary horizontal enclosures. Two-dimensional unsteady so-
lutions of the Navier—Stokes equations, for rotational Rayleigh
numbers up to 10° in a cavity with a/b=0.5, show that cyclonic
and anti-cyclonic vortex pairs are created in the r-6 plane. For
large Rayleigh numbers, the computed streamlines show clear evi-
dence of vortex pairs, whereas the thermal contours suggest that
the flow in the annulus is thermally mixed. This result, which has
also been observed in stationary enclosures, is thought to be
caused by vacillation in the flow structure.

The computed instantaneous Nusselt numbers also show un-
steady behavior at the higher Rayleigh numbers. The time-
averaged Nusselt numbers are in good agreement with the corre-
lations for Rayleigh—Bénard convection in stationary enclosures,
but they are significantly higher than the empirical correlations for
a closed rotating annulus. The reason for this overprediction is not
understood, but it is possible that the use of an appropriate turbu-
lence model may produce better agreement between the computa-
tions and measurements for the rotating annulus.
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Nomenclature
a,b = inner, outer radius of cavity
A,B,C = components of vorticity in r, 6, z directions
d = vertical height of stationary enclosure; radial
height of annulus
g = gravitational acceleration
G = s/b, gap ratio
Gr; = Q% (b-r)*>BAT/v?, Grashof number for open
cavity
k = thermal conductivity

310 / Vol. 129, APRIL 2007

= horizontal length of stationary enclosure
characteristic length
mass flow rate
number of vortex pairs
Nu; = g(b-r)/kAT, Nusselt number for open cavity
Nuy oy = ¢qay8/kAT, average Nusselt number for annulus
(axial heat flow)
Nu; = ¢/qeong> local Nusselt number for annulus (ra-
dial heat flow) or stationary enclosure
= global-average of Nuj
Nusz ,, = time average of Nuj ,,

s 3~
Il

i’r = v/ a, Prandtl number

g = heat flux

r = radius

¥ = r/b, nondimensional radius
I = %(a+b), mean radius of annulus

Ra = gd’BAT/va, Rayleigh number for stationary

enclosure

Ra, = O%,s’BAT/va, Rayleigh number for annulus
(axial heat flow)

Ra; = O%r,d’BAT/va, Rayleigh number for annulus
(radial heat flow)

Ra, = Q%b*BAT/va, rotational Rayleigh number

Re; = Qr,s/v, rotational Reynolds number for
annulus

Re, = WL/v, axial Reynolds number
Rey = Qb?/ v, rotational Reynolds number
Ro = W/Qa, Rossby number
s = axial gap between disks
t = time
t = at/b? nondimensional time (Fourier number)
T = absolute temperature
T = (T-T,)/(Ty—T.), nondimensional temperature
u,v,w = radial, tangential and axial components of ve-
locity in a rotating frame of reference
u,v,w = values of u,v,w normalized with respect to
Qb
W = bulk-average axial velocity
z = axial distance from left-hand disk
Z = z/s, nondimensional axial distance
a = thermal diffusivity
B = T:elf, volume expansion coefficient
AT = (Ty-T.) temperature difference
M = dynamic viscosity
v = kinematic viscosity
p = density
) = angular speed of cavity
Q. = angular speed of fluid core
® = vorticity
® = wb?/a, nondimensional vorticity
¢ = streamfunction in r-6 plane
¢ = ¢/ a nondimensional streamfunction
Subscripts

av = average value
C = cold surface
cond = conduction
H = hot surface
I = inlet value
ref = reference value
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Components Map Generation of
Gas Turbine Engine Using Genetic
Algorithms and Engine
Performance Deck Data

In order to estimate the gas turbine engine performance precisely, the component maps
containing their own performance characteristics should be used. Because the compo-
nents map is an engine manufacturer’s propriety obtained from many experimental tests
with high cost, they are not provided to the customer generally. Some scaling methods for
gas turbine component maps using experimental data or data partially given by engine
manufacturers had been proposed in a previous study. Among them the map generation
method using experimental data and genetic algorithms had showed the possibility of
composing the component maps from some random test data. However not only does this
method need more experimental data to obtain more realistic component maps but it also
requires some more calculation time to treat the additional random test data by the
component map generation program. Moreover some unnecessary test data may intro-
duced to generate inaccuracy in component maps. The map generation method called the
system identification method using partially given data from the engine manufacturer
(Kong and Ki, 2003, ASME J. Eng. Gas Turbines Power, 125, 958-979) can improve the
traditional scaling methods by multiplying the scaling factors at design point to off-
design point data of the original performance maps, but some reference map data at
off-design points should be needed. In this study a component map generation method,
which may identify the component map conversely from some calculation results of a
performance deck provided by the engine manufacturer using the genetic algorithms, was
newly proposed to overcome the previous difficulties. As a demonstration example for this
study, the PW206C turbo shaft engine for the tilt rotor type smart unmanned aerial
vehicle which has been developed by Korea Aerospace Research Institute was used. In
order to verify the proposed method, steady-state performance analysis results using the
newly generated component maps were compared with them performed by the Estimated
Engine Performance Program deck provided by the engine manufacturer. The perfor-
mance results using the identified maps were also compared with them using the tradi-
tional scaling method. In this investigation, it was found that the newly proposed map
generation method would be more effective than the traditional scaling method and the
methods explained above. [DOI: 10.1115/1.2436561]
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treated by the manufacturer’s important propriety. Therefore most
research engineers, who are studying the performance simulation
of the gas turbine, use the scaled maps based on the design point
from the known and limited component maps. But the scaling
method is only available if it may use very similar maps to the
real engine. If similar maps were not used to simulate the engine,
the simulated performance may be very different from the real
engine performance at off-design conditions.

In order to overcome the above mentioned difficulties, Kong
and Ki [1] proposed a map generation method called the system
identification method using partially given operation performance
data from the engine manufacturer, and they could improve the

Introduction

Generally, it must be agreed that not only will performance
simulation of the gas turbine reduce the risk as well as the cost at
the engine development phase but will also monitor the engine
health for optimal maintenance in the operation phase.

The purpose of performance simulation is to estimate precisely
the engine performance at various operational conditions using
each component performance characteristic and thermodynamic
relationship. Therefore, the correct engine performance simulation
should satisfy the constraint that “each component’s performance
of the engine should follow its component’s performance map.” In
other words, it is a very important condition for performance

simulation that component maps to express precisely their charac-
teristics should be obtained.

Generally, in order to simulate performance similar to a real
engine, major component maps should be used through their com-
ponent rig tests. However, component maps of most commercial
engines are not released even to the purchaser because those are

Contributed by the International Gas Turbine Institute of ASME for publication in
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traditional scaling methods by multiplying the scaling factors at
design point to off-design point data of the original performance
maps. However this technique has a limitation on generation of
component maps for the engine performance simulation at various
operational conditions. In addition to this, recently Kong et al.
proposed a new map generation method obtained by applying ge-
netic algorithms to some random test data, and therefore he had
showed a possibility of composing the component maps from
some random performance data [2].

When the engine customer purchases the engine, most engine
makers provide a performance deck which can calculate only the
engine performance output with input data but cannot see the
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context of the program. In such cases, because sufficient perfor-
mance data cannot be obtained if the performance deck would
only be used, the user must develop a performance simulation
program. Therefore, a component map generation method, which
may identify a component map conversely from a performance
deck provided by the engine manufacturer, is proposed in this
study. Because this method can generate the component maps
with engine manufacturer’s partial performance data, maps similar
to real engine maps may be obtained.

As a demonstration example for this study, the PW206C turbo
shaft engine for the tilt rotor type Smart unmanned aerial vehicle
(UAV) which has been developed by Korea Aerospace Research
Institute (KARI) was used, and genetic algorithms (GAS) were
used for identification of the component maps. Because each com-
ponent’s efficiency might not be found from analysis results of the
performance deck, it was assumed by the proper value obtained
from similar engine component data.

In order to evaluate the newly proposed map generation tech-
nique, the engine performance analysis results using the compo-
nent maps obtained from the present method were compared with
the analysis results using the traditional scaling method. As the
engine performance analysis tool for evaluation of the proposed
method, the commercial engine performance program GASTURB
9.0 was utilized [3].

Engine Specification

As previously mentioned, the PW206C turbo shaft engine is
used to demonstrate the newly proposed component map genera-
tion method, because it was selected as a power plant for the tilt
rotor type Smart UAV which has been developed by KARI. Its
performance deck was provided by the manufacturer PWC. Figure
1 shows a schematic layout of this engine.

It was constructed with the gas generator composed of single
stage centrifugal compressor, reverse flow annular type combus-
tion chamber, and single stage compressor turbine, and the power
section composed of single stage free power turbine, exhaust duct,
reduction gear box, and output drive shaft.

The System Integration Group of the Smart UAV Project Center
of KARI provided the operating flight range requirement for the
propulsion system (see Table 1).

Table 2 shows the design performance data at maximum takeoff
condition, which was provided by the engine manufacturer [4].

Journal of Engineering for Gas Turbines and Power

Table 1 Operating range of propulsion system required by
System Integration Group of Smart UAV of KARI

65-100%
0-15000
0-0.4

Gas generator (rpm)
Altitude (ft)
Flight mach no.

Compressor Map Generation Using Gas

The GA is an adaptive heuristic search algorithm based on the
evolutionary ideas of natural selection and genetics. As such it
represents an intelligent exploitation of a random search used to
solve optimization problems. Although the GA is randomized, it
exploits historical information to direct the search into a better
performance region within the search space. The basic technique
of the GA is designed to simulate a required process for evolution
in natural systems. In particular, the GA follows the principle of
“survival of the fittest,” which was first proposed by Charles Dar-
win. In other words, competition among individuals in scanty re-
source circumstances results in the survival of the fittest indi-
vidual dominating over the weaker ones.

The GA simulates the survival of the fittest among individuals
over consecutive generations for solving a problem. Each genera-
tion consists of a population of character strings that may be
analogous to the chromosome. Each individual represents a point
in a search space and a possible solution. The individuals in the
population are then made to go through a process of evolution.

The GA is based on an analogy with genetic structure and be-
havior of chromosomes within a population of individuals using
the following fundamental principles [5]:

1. Individuals in a population compete for resources and mates;

2. More successful individuals in each “competition” will pro-
duce more offspring than the poorly performing individual;

3. Genes, from “good” individuals propagate throughout the
population so that a good pair will produce better offspring
than their parents sometimes; and

4. Thus each successive generation will be suited more to its
environment.

In this study, the compressor map is identified from the perfor-
mance deck data using the genetic algorithms characteristics men-
tioned above. The characteristic map for the compressor can be
expressed as the related functions such as the engine rotational
speed, the pressure ratio, the mass flow function, and the isentro-
pic efficiency. The mass flow parameter and the pressure ratio for
constructing the component map can be calculated from the EEPP
deck of the PW206C turbo shaft engine, and these component
parameters can be corrected to the standard atmospheric condi-

Table 2 Design performance data provided by engine
manufacturer

Variable Values

Sea level static
standard condition

Atmospheric condition

Mass flow rate (Ibm/s) 4418
Fuel flow rate (Ibm/s) 0.087
Compressor pressure ratio 7912
Turbine inlet temperature (R) 2258
Shaft horse power (hp) 560.8
SFC (Ibm/hp h) 0.556
Gas generator rotational 58900
speed (100% rpm)

Propeller rotational speed 6120

(100% rpm)
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tion. Here the mass flow function (MFPy) may become a function
of the pressure ratio (PR) and the rotational speed (N) as follows

MFPy = aPR? + bPR? + cPR + d (1)

Because the isentropic efficiency might not be found from analy-
sis results of the performance deck, it was assumed as the proper
value obtained from similar engine component data.

According to the proposed scheme in the present study, first the
known compressor map similar to the study map at each rotational
speed is scaled by the mass flow parameter, and the pressure ratio
at each observed rotational speed obtained from the performance
deck. The reason why the scaling is first performed with the
known map is because it is much faster to obtain the unknown
coefficients a, b, ¢, and d of Eq. (1) using the GAs through a
rough design of the compressor map.

In the next step, two point data among the roughly scaled map
and some data obtained from the performance deck are used as the
reference data for the object function of the GAs.

In the present study, a simple GA is applied to find the un-
known coefficients a, b, ¢, and d. After constructing n number of
data sets from Eq. (1) through calculation at various conditions,
the absolute value of the following object function is minimized

Objetfuc = (2)

n

where the “error” is defined as a percentage error about arbitrary
a, b, ¢, and d, respectively. In this study, three reference data sets
were used by function of the mass flow parameter and the com-
pressor pressure ratio.

In the GAs, individuals are considered at two levels such as the
phenotypic level and the genotypic level. An individual’s pheno-
type is its value in the domain over which the objective function is
defined, constituting a candidate setting for the decision variables
of the problem. On the other hand, an individual’s genotype is a
representation of its phenotype at a lower level, analogous to the
genetic sequences contained in biological chromosomes, which
the computer stores and the GA manipulates. The phenotype is
therefore encoded in the genotype, as a real encoding in this study.
The random initialization is applied to produce the initial popula-
tion, and in this study 1000 populations and four chromosomes
were used. Individuals are evaluated via the objective function
which defines the problem. The fitness of each individual is nor-
malized by using the scaling windows scheme. Selection, cross-
over, and mutation are used to obtain the genetic operator for
reproduction. Selection is the process of choosing individuals to
participate in the production of offspring proportionally to their
fitness. In this study, the gradient-like selection scheme is used,
and the modified simple crossover technique is used to crossover
operation. In mutation operation, the dynamic mutation method is
applied. The crossover rate and the mutation rate were 0.9 and 0.1
in this study, respectively [6].

Figure 2 shows the calculation structure of the GAs applied to
the present study [6].

Table 3 shows the reference data sets, which were obtained
from EEPP and the scaled maps, for the 100% compressor rota-
tional speed line.

Figure 3 and Table 4 shows that three mass flow parameter
(mfp) values obtained by the GAs were almost the same as the
reference data. Furthermore it shows that the absolute value of the
object function error is finally converged to 0.583.

In this calculation, it was assumed that the number of genera-
tion is 600, and the range of unknown coefficients is from —1200
to 1200. The coefficients a,b,c,d were obtained at 70%, 80%,
90%, and 100% rpm, respectively, as shown in Table 5.
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Fig. 2 Flow chart of genetic algorithms applied to the present
study
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Therefore the compressor map generated is finally derived as
shown in Fig. 4.

Performance Analysis for Evaluation of the Generated
Map

In order to evaluate the proposed component map generation
scheme, steady-state performance analysis of the PW206C engine
was performed at various operational conditions such as rotational
speeds of the gas generator, altitudes, and flight Mach numbers
using the commercial performance program GASTURB 9.0.

In this analysis, there are two calculations such as the result
using the compressor map shown in Fig. 4 that is obtained from
the present study and the result using the map by the traditional
scaling method based on the design point performance data. These
two calculation results were compared with some performance
parameters such as mass flow rate, fuel flow rate, and shaft horse
power of the performance deck “EEPP.”

Because of the limited information by the performance deck,
the component map of NASAGV61 for the compressor turbine
and the map of NASAGV68 for the power turbine provided by the
GASTURB for the compressor turbine and the power turbine
were used by scaling [3].

Figure 5 shows the performance analysis results with varying
gas generator rotational speed at sea level static condition.

According to performance analysis comparison results at each
rotational speed of the gas generator, when the scaled compressor
map provided by GASTURB is used, if the calculation point is far

Table 3 Reference data sets used for 100% compressor rota-
tional speed

Data set

No. mfp CPR Obtained from
1 442 7912 EEPP

2 4.30 7.965 Scaled Map
3 5.06 4.234 Scaled Map
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tion

away from the design point the error of the performance analysis
results increases. This shows that the well-known traditional scal-
ing method might be used very limitedly.

However the performance analysis results using the compressor
map generated by the present study are well agreed on with the
EEPP results at even far away off—design points from the design
point.

Figure 6 shows the performance analysis results with varying
altitude at 100% rpm and Mach number 0.

As shown in Fig. 6, the error of the performance analysis re-
sults using the scaled compressor map provided by GASTURB is
greatly reduced relatively to the part load performance analysis
results. The major reason for the error reduction might be that the
analysis was performed at a design point operation region such as
100% gas generator rpm and static flight condition with only al-
titude variation. However the performance analysis results using
the compressor map generated by the present study is much closer
to the EEPP results compared to those using the scaled compres-
sor map provided by GASTURB.

Table 4 Errors between reference data and GAs data

Data set Reference Obtained Error
No. (mfp) by GAs (%)
1 4.42 4.45 0.679
2 4.30 4.27 0.697
3 5.06 5.06 0

Objectfuc — — 0.583

Table 5 Unknown coefficients obtained by GAs

%RPM a b c d

60 ~5.628 59.151 -205.21 240.498
70 ~13.675 160.731 -626.19 815.302
80 ~17.90 219.90 —895.80 1119.0
90 ~15.00 187.60 —777.30 1077.40
100 —6.186 77.442 -322.41 454.25

Journal of Engineering for Gas Turbines and Power

Figure 7 shows the performance analysis results with varying
flight Mach number at 100% rpm and 25,000 ft.

As shown in Fig. 7, both of the errors of the performance analy-
sis results using the scaled compressor map provided by GAS-
TURB and those using the compressor map generated by the
present study are increasing at off-design points such as far away
from the design point flight Mach number and altitude. However
it is confirmed that the proposed scheme for the compressor map
can reduce the error of the performance analysis results relatively
to the traditional scaling map.

In the above investigation, the performance analysis results us-
ing both maps generated by the traditional scaling scheme and the
newly proposed scheme in this study are the same as those of the
performance deck, EEPP at the design point such as the 100% gas
generator rpm and sea level static ISA condition. However when

D.P. = (mfp, cpr) |
=(4.418,7.912) |

@
T

N
3]
T

100% RPM 7

~
T

o
3]
T

o
2]
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)]
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80% RPM} g3, RP

Compressor Pressure Ratio
(2]

4.5} 1
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3.5 3.5 4 45 5

Mass Flow Parameter (m*sqrt(T1/Tstd)/(P1/Pstd)

Fig. 4 Compressor map generated by GAs and some data
from EEPP
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the performance analysis is performed at remove operation condi-
tions from the design point, in the case of use of the component
map by the traditional scaling method, the error of the perfor-
mance analysis results is greatly increased. On the other hand, if
in the case of use of the compressor map generated by the pro-
posed GAs scheme, the performance analysis results are closely
met with those by the performance deck, EEPP. In other words,
through this study, the availability of the proposed map generation
method using the GAs can be confirmed.

Conclusion

A component map generation method, which can identify the
component map conversely from performance calculation results
of the performance deck EEPP provided by engine manufacture
PWC, was proposed in this study.
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The genetic algorithm was utilized to generate a compressor
component map which might be available for searching the opti-
mal target value from random space.

In order to obtain the precise component map, it is very impor-
tant to build the object function. More precise results need more
reference data, but this requires more time for calculation. More-
over because some data that can be taken from the performance
deck at each gas generator rotational speed are greatly limited,
additional reference data scaled from similar class engines were
used.

By comparing the performance analysis results using the com-
pressor map generated by the present study with those using the
scaled compressor map provided by GASTURB, it is found that
the component map obtained by the newly proposed present
method can reduce the error of the performance analysis results.
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If the component maps for the compressor turbine and the
power turbine may be generated with the same scheme as the
compressor map presented in this study, the error of the perfor-
mance analysis results may be further reduced. Moreover because
the accuracy of the component map depends on available refer-
ence data, a criterion for selection of the useful reference data
must be additionally found in the near future.
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Nomenclature
CPR = compressor pressure ratio
EEPP = engine estimated performance program
GAs = genetic algorithms
N = percentage nondimensional rotational speed
Objectfun = object function of genetic algorithms
PR = pressure ratio
rpm = revolution per minute
UAV = unmanned aerial vehicle
a,b,c,d, = unknown coefficients of a function
error = percentage error for unknown coefficient
mfp = mass flow parameter
n = number of data sets
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LES and RANS Investigations Into
Buoyancy-Affected Convection in
a Rotating Cavity With a Central
Axial Throughflow

The buoyancy-affected flow in rotating disk cavities, such as occurs in compressor disk
stacks, is known to be complex and difficult to predict. In the present work, large eddy
simulation (LES) and unsteady Reynolds-averaged Navier-Stokes (RANS) solutions are
compared to other workers’ measurements from an engine representative test rig. The
Smagorinsky-Lilly model was employed in the LES simulations, and the RNG k-& turbu-
lence model was used in the RANS modeling. Three test cases were investigated in a
range of Grashof number Gr=1.87 to 7.41 X 10% and buoyancy number Bo=1.65 to 11.5.
Consistent with experimental observation, strong unsteadiness was clearly observed in
the results of both models; however, the LES results exhibited a finer flow structure than
the RANS solution. The LES model also achieved significantly better agreement with
velocity and heat transfer measurements than the RANS model. Also, temperature con-
tours obtained from the LES results have a finer structure than the tangential velocity
contours. Based on the results obtained in this work, further application of LES to flows

e-mail: colin.young@rolls-royce.com

1 Introduction

In order to achieve further improvements in turbomachinery
internal air system design and component temperature prediction,
an accurate knowledge of the flow and heat transfer behavior of
the system is essential. Computational fluid dynamics (CFD) is
now commonly used to support the design of many elements of
the internal air system, but the prediction of buoyancy-affected
flow in high-pressure compressor disk cavities has proven particu-
larly difficult. Recognizing the need for progress in this area, ex-
perimental and computational research studies of convection in
rotating cavities have been included in the European Union (EU)
sponsored ICAS-GT (internal cooling air systems for gas turbines)
and ICAS-GT2 research. Most of the work described here was
undertaken as part of the ICAS-GT?2 research program and arose
from the recognition that LES methods may have distinct advan-
tages over RANS methods for this problem, which is known to
give rise to large scale unsteady flow structures. In LES the larger
turbulent eddies are simulated, with smaller (subgrid scale) eddies
being modeled. The subgrid scale modeling is dependent on the
mesh size and (unlike RANS models) is designed to allow devel-
opment of the larger resolved eddies that interact with the mean
flow.

A number of relevant experimental studies have been reported
using various experimental techniques, such as velocity measure-
ment, heat transfer, and/or flow visualization. The geometries con-
sidered in the experiments include simply enclosed rotating cavi-
ties (for example, [1]), the idealized plane disc with an axial
throughflow [2-4], as well as geometries that are more represen-
tative of engines [5-9]. Typically, the cavity flows were found to
be highly three-dimensional (3D) and unsteady, with various flow
structures, such as “radial arms,” penetrating the cavities. Strong
dependency on rotational speed, axial throughflow strength, and
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temperature gradients has also been identified. The disk heat
transfer regimes can be broadly divided into three regimes: buoy-
ancy dominated, axial throughflow dominated, and transitional.
Heat transfer correlations are often related to rotational Rayleigh
or Grashof numbers, through analogy to results for free convec-
tion in gravitational fields. Dependencies on Reynolds number
and Rossby number (Ro=W/a{) where W is the axial throughflow
bulk velocity and a() is the disk speed at the inner radius) have
also been identified. In accordance with mixed convection under
gravity, different regimes have been associated with different
ranges of a buoyancy number (Bo=Ro/[ BAT]%>, where AT is the
driving temperature difference and 3 is the coefficient of thermal
expansion). The experimental correlations are inevitably based on
particular geometries and consequently often display significant
scatter. In these difficult experiments, measurement uncertainty
can also be significant.

A number of numerical simulations have also been reported.
For low rotational Grashof number convection in a sealed cavity
with different uniform disk temperatures, Chew [10] found that an
axisymmetric, steady, laminar flow model gave good agreement
with heat transfer measurements. Bohn et al. [11,12] reported that
laminar steady models gave “quite good” agreement with mea-
surements for axially heated sealed rotating cavities at higher
Grashof number, and also noted the tendency of the flow to be-
come unsteady with radial heating. It is now widely accepted that
negative radial density gradients cause flow unsteadiness analo-
gous to Rayleigh-Benard convection under gravity. Long and
Tucker [13] obtained laminar unsteady CFD solutions for a heated
cavity with axial throughflow and claimed reasonable accord with
an earlier experimental correlation for disk surface heat transfer.
However, limitations of the laminar model were also recognized.
Tacovides and Chew [14] applied a steady, axisymmetric RANS
model to the high Rossby number “throughflow-dominated™ re-
gime and concluded that the calculated disk heat transfer was
comparable to measured data, but firm conclusions could not be
drawn due to experimental and modeling uncertainties. Other
studies (for example, [15,16]) have been reported using conven-
tional k-g turbulence models in unsteady 3D simulations, but the
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information available in the open literature is limited. Wong’s
comparisons [16] with heat transfer measurements gave mixed
results. In a recent publication, King et al. [17] applied a two-
dimensional, unsteady, laminar CFD model to Rayleigh-Benard
convection in a sealed cavity. The calculated heat transfer was
higher than Bohn et al.’s [1] experimental correlation.

As a precursor to the present work, Sun et al. [18] studied high
Rayleigh number free convection under gravity in a stationary
cube and under centripetal force in a rotating cavity. Somewhat
surprisingly, laminar, unsteady three-dimensional CFD models
were found to give excellent agreement with accepted empirical
correlations for the stationary cube, and with Bohn et al.’s sealed
rotating cavity results. Large-scale flow structures were found at
all conditions considered. Although the solutions showed turbu-
lent characteristics, the smallest (Kolmogorov) turbulent length
scales were not fully resolved, indicating that these calculations
could be classed as large eddy simulations with the numerical
viscosity contributing to turbulence energy dissipation. As the
laminar unsteady/LES model would be unlikely to be suitable for
modeling cavities with a central axial throughflow, the
Smagorinsky-Lilly model was used in the present LES study. The
results obtained are compared to both experimental data and with
RANS solutions. The configuration studied experimentally by
Long et al. [19] was selected for this study, as it was considered to
be reasonably representative of engine operating conditions, and
shroud heat transfer and cavity velocity measurements were avail-
able. As far as the authors are aware, this is the first application of
LES to the problem of buoyancy affected rotating cavity flow with
axial throughflow.

2 Model Definition

2.1 Geometry and Meshing. The geometry considered in
this work is based on the rig described by Long et al. [19]. A
detailed description of the test rig and experiments performed can
be found in the thesis by Alexiou [20]. This test rig included a
stack of model compressor disks forming four rotating cavities.
The third cavity was selected for detailed investigation and is
illustrated schematically in Fig. 1. The ratio of the inner and outer
radii is a/b=0.319. The gap ratio between the cavity width s and
the outer radius b of the cavity is G=s/b=0.195. A stationary
shaft, radius r;=0.886a formed the inboard flow boundary. During
the experiments, the disks and connecting cavity shroud were ro-
tated at a constant speed, and heating was applied to the outer
surface of the rotor.

The computational meshes were generated in GAMBIT [21] by
first defining a 2D mesh in the plane of Fig. 1 and then extruding
this circumferentially. Following Sun et al. [18], sector models
were generated instead of a full 360 deg cavity to reduce comput-
ing requirements. Three sector models, with arc lengths of 45, 90,
and 120 deg, as well as a full 360 deg model were generated. The
mesh sizes for these models were constructed from 1.36, 3.24,
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Fig. 2 Sectional view of the 120 deg mesh

4.07, and 12.2 million hexahedral cells, respectively. Mesh spac-
ing was such that the value of the mean dimensionless near-wall
distance (y*) was 0.6—-1.0 in the LES calculations. The number of
mesh cells in the wall boundary is typically 20. The expansion
ratio of the boundary mesh cells is 1.1. Such a mesh resolution
may be regarded as adequate from a general consideration of LES
practice. Supporting evidence is also given by the mesh indepen-
dence investigation conducted in the authors’ previous study [18]
for high Rayleigh number free convection under gravity in a sta-
tionary cube and under centripetal force in a rotating cavity, al-
though mesh independence has not been demonstrated in the
present investigation. A sectional view of the 120 deg mesh,
which has 250 equally spaced points in the circumferential direc-
tion, is shown in Fig. 2.

2.2 Boundary Conditions and CFD Modeling. The FLUENT
CFD code version 6.1 [22] was used in all the calculations pre-
sented here. The domain boundary was divided into rotating sur-
faces, stationary surfaces, inlet, and exit and circumferentially pe-
riodic sections, and appropriate conditions were imposed. The
inlet mass flow rate and the outlet static pressure were defined in
accordance with experimental data. In FLUENT LES computations,
the stochastic velocity components of the inflow are accounted for
by superposing random perturbations on individual velocity com-
ponents, which are obtained in terms of the assigned turbulence
intensity, mean flow velocity, and the Gaussian random function.
In recognition of the strong mixing effects between the central
axial throughflow and swirl flow in the upstream cavities, the inlet
turbulence intensity was set to 20%. For two LES cases discussed
later (tests 33 and 34), the inlet mean swirl velocity was specified
from the tangential velocity profile at outlet obtained from a
steady, axisymmetric RANS simulation of an annular pipe flow
with similar geometry. For a third case (test 50), the preswirl was
simply defined consistent with “solid-body” rotation at rotor
speed, as this was thought to be a fair approximation to the steady
RANS solution. No-slip conditions were imposed on all solid
boundaries. Rotor temperatures were specified from interpolation
of thermocouple measurements for the corresponding experiment,
and the shaft was assumed to be adiabatic.

The LES models used the classic Smagorinsky-Lilly subgrid
scale model [23,24]. It is generally thought that the model param-
eter C, needs to be tuned from case to case. According to Sagaut
[25], the model constant C represents a relationship between the
mixing length associated with the subgrid scales and filtering cut-
off length and may vary from 0.10 to 0.33. The theoretical value
of C, is 0.18 for isotropic, homogeneous turbulence. For the iner-
tial subrange of an isotropic, homogeneous turbulence, Lilly [24]
further derived a value of 0.23 for the constant C,. Therefore, the
constant C;=0.23 was adopted after some initial experimentation.
In the near-wall regions, the FLUENT LES model is reported to
assume linear profiles when y* values are small (as is the case
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Table 1 Three test cases investigated in the study

Test case Re, Re, Ro Gr Bo
33 4.41x10* 1.04 X 105 146 232x108 3.0
34 435%10* 1.99x10° 075  741x10® 1.65
50 1.53X10° 1.03x10°  5.05 1.87 X 108 11.5
50" (CFD) 1.53X10° 1.29%x10° 404 202x10%8 921
here).

To compare to the LES simulations, a RANS calculation using
the same mesh was also conducted. The RANS turbulence model
employed in this calculation was a two-layer RNG k-&/k-I model
[26,22]. This model is appropriate for the fine near-wall mesh
spacing used here and had been found to perform similarly to
other two-equation RANS models for this class of flow.

An implicit pressure correction solution algorithm was em-
ployed, with second-order temporal and spatial discretization for
both the LES and RANS solutions. Central spatial differencing
was used for the LES calculations, and upstream differencing for
the RANS calculations. The time step was set to 1.0 ms (corre-
sponding, for example, to 0.02 times the revolution time (277/())
for test 33). Solutions were obtained in the frame of reference
rotating with the rotor; thus, relative velocities were smaller than
they would have been in the absolute frame. Unsteady simulations
were started from “part-converged” steady-state RANS solutions.

2.3 Flow Conditions. The three experimental test cases con-
sidered, tests 33, 34, and 50, are summarized in Table 1, with
appropriate nondimensional parameters. The test cases were se-
lected to cover most of the experimental range for the Buoyancy
number with the rotational speeds being relatively low to mini-
mize the mesh resolution requirements. The shroud Grashof num-
ber in Table 1 is defined as Gr=Q2BATb(s/2)3/1?, where AT is
the shroud to inlet air temperature difference, and v denotes kine-
matic viscosity. The Rossby number Ro and the buoyancy number
Bo are as previously defined. Axial and rotational Reynolds num-
bers (Re,=WI/v, and Re¢=Qb2/ v, where [ is the inlet hydraulic
diameter) are also given for reference. Note that in the test 50
calculations, the operating pressure was set to a higher value in
the CFD than in the corresponding experiment, resulting in Gr
=2.92X10% and Bo=9.21, whereas Re,=1.53 X 10° remained un-
changed. Based on the results of other work and experimental
evidence in this parameter range, it is judged that the higher op-
erating pressure should not radically affect the Shroud Nusselt
number predictions.

With regard to the computation speed, typically for a 120 deg
model with a mesh of 4 X 10° cells, each time step takes ~4 min
in CPU time when performed on a PC cluster with 20 2 GHz
processors using low latency Myrinet networking. More powerful
PC clusters and supercomputers will shorten the computation
time.

3 Results

LES results are presented first, in the following three subsec-
tions. RANS and LES models are then compared in the section
“Comparison of LES and RANS Models.”

3.1 Shroud Heat Transfer. In the experimental investigation,
heat fluxes were estimated from thermocouple measurements at
the midaxial position on the shroud. Shroud heat transfer was
therefore selected for initial evaluation and comparison of results.
Figure 3 shows a time history for the calculated circumferentially
averaged midshroud heat flux. This is typical of the LES results.
Considerable variations occur even after circumferential averag-
ing, and this indicates the presence of large-scale rotating struc-
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Fig. 3 Time history of shroud Nusselt number, LES, test 34,
120 deg model, Gr=7.41X 108, Bo=1.65

tures in the flow. (Henceforth, the term average is used to refer to
a circumferential average.) Note that the shroud Nusselt number
used here is defined as

q(s/2)
kAT

Nu= (1)
where ¢ is shroud heat flux.

Sensitivity to the angular extent of sector used in the model was
examined for test 33, and results are shown in Fig. 4, which also
presented the corresponding experimental data. The CFD results
in Fig. 4 (and elsewhere when time-mean values are presented)
are obtained from time averages of the monitored circumferen-
tially averaged shroud heat flux data, typically based on 5000 time
steps in the later part of the simulation, for which the time mean
value had stabilized. (Henceforth, the term mean is used to denote
the time average of the circumferential average monitors). For
convection in a sealed rotating cavity, Sun et al. [18] showed that
there was little difference in computed mean heat transfer between
45 deg sector and full 360 deg models. In the present results,
some sensitivity is apparent, although there is little change in
results obtained using the 120 and 360 deg models. The trend can
be explained by the fact that the periodic conditions limit the
appearance of larger flow structures, consequently reducing the
heat transfer on the shroud. All further calculations reported here
were conducted using the 120 deg sector model.

Underprediction of the shroud heat transfer is obvious in Fig. 4.
Further comparisons are shown in Figs. 5 and 6. The experimental
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Fig. 4 Shroud mean Nusselt number for test 33 with sector
and full annulus models, Gr=2.32X 108, Bo=3.0
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Fig. 5 Comparison of shroud mean Nusselt number between
CFD and experiment, Nu versus Gr

data presented in these figures and the choice of parameters are
from Long and Tucker [7] and Long et al. [19]. In Ref. [19],
accuracy of the shroud heat transfer results is estimated as ap-
proximately +1% to £6%, based on uncertainty in measured sur-
face temperatures of +0.2 K. For test 50, the displacement be-
tween the test and CFD 50" on the abscissae is due to a higher
value of pressure used in the calculations, as explained above.
Noting the experimental trends of shroud Nusselt number at these
Grashof and buoyancy numbers, this is unlikely to have a serious
effect on the conclusions drawn here. Tests 33 and 34 are at rela-
tively low buoyancy numbers. Test 50 is at a higher buoyancy
number, where the axial throughflow is relatively stronger. The
difference in heat transfer between the LES calculations and the
measurements is between —25% and 6%. For tests 33 and 34, LES
underpredicts the heat transfer, whereas for test 50 the difference
may well be within experimental uncertainty. Experimental trends
are followed by the model predictions reasonably well, as far as
can be deduced from this limited number of tests. Also, consider-
ing that these results may be sensitive to the near-wall LES mod-
eling and the assumed boundary conditions, the degree of agree-
ment achieved is considered encouraging.

3.2 Mean Velocity and Turbulence Characteristics. Experi-
mental velocity measurements from this test rig have been re-
ported by Alexiou [27]. These show that the mean flow is almost
in “solid-body” rotation in the outer part of the cavity when buoy-
ancy number is small. This behavior is captured in the present
LES calculations for tests 33 and 34, as shown in Fig. 7. Here, the
time mean and circumferentially averaged relative tangential ve-
locity at the midaxial position divided by the disk speed is plotted
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Fig. 6 Comparison of shroud mean heat transfer between CFD
and experiment, Nu versus Bo
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Fig. 7 Comparison of mean relative tangential velocity pro-
files on the midaxial plane

against nondimensional radial position. A direct comparison of the
tangential velocity profile with measurement for the test case test
50, for which Bo=11.5, is also given in this figure. It can be seen
that the LES predictions are in good agreement with the measured
data.

As previously noted, the predicted flow and heat transfer is
essentially three-dimensional and unsteady, as observed in experi-
ment. Although the existence of large-scale unsteady structures is
widely accepted, the degree of turbulence that is present is less
well established. Indeed, it has been hypothesized that regions of
laminar flow may occur. Monitoring point histories of temperature
and relative tangential velocity at the domain central point (CP)
are shown in Figs. 8 and 9. Corresponding normalized turbulence
energy spectra are shown in Figs. 10 and 11. The data shown are
for test 34. Figures 10 and 11 include a —5/3 trend line to allow
comparison to the expected trend for isotropic turbulence in the
inertial subrange as observed in many experiments (see, for ex-
ample, [28]). Clear irregular fluctuations can be seen in Figs. 8
and 9. The corresponding spectra in Figs. 10 and 11 show that the
resolved turbulence energy spectra have regions where the slope is
—5/3. Qualitatively, the spectra have the expected properties with

Temperature (T-Tin)/AT

0.0 M 1 N 1 . 1 N I N 1

2500 3500 4500 5500 6500

Number of Time Steps

7500 8500

Fig. 8 Time history of temperature at the central point, LES,
test 34, 120 deg model, Gr=7.41X 108, Bo=1.65
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Fig. 9 Time history of relative tangential velocity at the do-
main central point, LES, test 34, 120 deg model, Gr=7.41X 108,
Bo=1.65

foreshortening of the —5/3 region at high frequencies due to dis-
sipation associated with the sub-grid-scale turbulent viscosity and
(possibly) numerical diffusion.

3.3 Flow Structures. Large-scale flow structures are revealed
by instantaneous, midaxial contour plots of static temperature (7
—T,))/ AT, relative tangential velocity V, ./r{) and radial veloc-
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Fig. 10 Temperature fluctuation spectrum at the domain cen-
tral point, LES, test 34, 120 deg model, Gr=7.41X108, Bo
=1.65
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Fig. 11 Relative tangential velocity spectrum at the domain
central point, LES, test 34, 120 deg model, Gr=7.41X 108, Bo
=1.65
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(12-a) Test 33
Gr =2.32x10%, Bo = 3.0

(12-b) Test 34
Gr = 7.41x10%, Bo = 1.65

(12-c) CFD 50*, Gr= 2.92x10%, Bo= 9.21

Fig. 12
plane

Instantaneous temperature contours on the midaxial

ity V,./bQ in Figs. 12-14. The colder central throughflow can
clearly be seen in Fig. 12. It may also be observed that hot and
cold radial “arms” or “plumes” penetrate the cavity. Test 34, with
the highest Grashof number and lowest buoyancy number, shows
the strongest cold plume emanating from the throughflow jet. The
flow structures for this case are possibly less ordered than at lower
Grashof number. CFD 50", corresponding to Test 50, with the
highest buoyancy number, exhibits the sharpest definition of the
jet boundary and has a generally cooler core flow within the
cavity.

The instantaneous velocity contours in Figs. 13 and 14 show
larger flow structures compared to those from the instantaneous
temperature contours in Fig. 12. King et al. [17] noted even more
pronounced differences between velocity and temperature con-
tours in some of their 2D laminar-sealed cavity simulations, and

Rotation

(13-b) Test 34
Gr=7.41x10%, Bo =1.65

(13-a) Test 33
Gr= 2.32x10%, Bo= 3.0

(13-c) CFD 50*, Gr = 2.92x108, Bo= 9.21

Fig. 13 Instantaneous relative tangential velocity contours on
the midaxial plane
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(14-a) Test 33
Gr=2.32x108, Bo= 3.0

(14-b) Test 34
Gr=7.41x10%, Bo=1.65

(14-c) CFD 50*, Gr= 2.92x10%, Bo= 9.21

Fig. 14
plane

Instantaneous radial velocity contours on the midaxial

attributed this to vacillation of the flow structure. Examination of
transient behavior does confirm that the flow structure is continu-
ally changing.

3.4 Comparison of LES and RANS Models. For compari-
son to the LES results, an unsteady RANS calculation for test 50
was conducted using the RNG k-& model with the 120 deg sector
model and same mesh as for the LES calculation. As shown in
Fig. 15, it was found that the RANS calculation gave much poorer
predictions in terms of shroud heat transfer and tangential velocity
profiles. The amplitude of shroud heat transfer fluctuations is also
weaker in the RANS calculation. A further RANS calculation,
using a coarser, 2 X 10° cell mesh for the full 360 deg domain,
also gave similar results.

Comparison of the RANS prediction of turbulence viscosity to
the LES sub-grid-scale turbulence viscosity at the cavity midaxial
position shows the former to be around two orders of magnitude
larger, as might be expected. This, of course, affects the mean
flow field and its fluctuations, as confirmed by the center point
tangential velocity results in Fig. 16. At first sight, the normalized
turbulence energy spectra from the two calculations are perhaps
surprisingly similar. Note, however, that it is difficult to identify
clear trends from these data; longer simulation times are really
required to reduce the statistical scatter and aliasing. This does of
course raise interesting questions regarding the relationship be-
tween unsteady RANS calculations and LES as often practiced. In
this case, the basic instability of a rotating flow with a negative
radial density gradient makes some unsteadiness in the RANS
solution inevitable, and the energy contained in large-scale fluc-
tuations, must presumably be convected away or dissipated. The
subgrid turbulence time scale in the LES calculation is given by
Lf o/ Vsgs» Where Lgos and vyo denote the subgrid length and the
subgrid turbulence kinematic viscosity, respectively. The subgrid
turbulence time scale is of order 10 ms at the cavity center point,
which is consistent with dissipation of turbulence energy (and
departure from the —5/3 slope in Fig. 16) for frequencies greater
than 100 Hz. The turbulence time scale for the RANS solution at
the cavity center is ~3 ms. This corresponds to a frequency of
~300 Hz, and, compared to the LES result, gives a less convinc-
ing representation of the large scale turbulence.

Differences between large-scale flow structures presented in the
LES and RANS results are more obvious in the instantaneous,
midaxial plane temperature and velocity contours. For the RANS
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Fig. 15 Comparison of flow and heat transfer between LES,
RANS, and measurement

calculations, these are given in Fig. 17, which should be compared
to Figs. 12-14. In the case of the RANS results, the structures
appear sharper and better defined.

4 Conclusions

Large eddy simulations of flow and heat transfer in a heated
rotating cavity with a central axial throughflow have been ob-
tained and compared to the available experimental data and un-
steady RANS model calculations. The results of the LES models
are very encouraging in that they were clearly in better agreement
with the measured data than those obtained using a k-€ model. In
the LES study, shroud heat transfer predictions were within 25%
of measurements, and good agreement with tangential velocity
measurements was demonstrated. However, the LES calculations
are computationally demanding, to the extent that the present in-
vestigation was limited to just three experimental conditions. Fur-
ther work is recommended, including investigation of more ex-
perimental conditions and careful consideration of the near-wall
LES modeling and interaction of the flow in the central jet with
the main cavity flow. As recent calculations on the UK national
HPCx computing facility show, the capability for LES calcula-
tions is advancing rapidly and further development and applica-
tion of LES for this class of problem is to be expected.

Both LES and RANS models reveal large-scale flow structures.
These are better defined for the RANS calculations, and there is a
higher level of fluctuation in the LES. Temperature contours from
the LES results show a finer structure than the corresponding ve-
locity contours. For both RANS and LES models, results from a
120 deg sector model gave very similar mean flow quantities to
those obtained from a full 360 deg model. For smaller sector arc
lengths, the suppression of the larger structures by the periodic
boundary condition does affect the mean flow and heat transfer.
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From a more general point of view, it may be observed that the
current study adds to the growing evidence that LES can be of use
in flows of industrial complexity and offer advantages in terms of
accuracy over unsteady RANS models. A review of progress in
this area is beyond the scope of this paper, but examples may be
found in the open literature. Further turbomachinery applications
of LES are given by Viswanathan and Tafti [29], who illustrate
LES applications for turbine blade internal cooling, and Sarkar
and Voke [30], who show LES calculations for flow over a low-
pressure turbine blade.
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Nomenclature
a = inner radius of cavity
b = outer radius of cavity
Bo = buoyancy number =Ro/(BAT)%>
Cp = specific heat at constant pressure
G = gap ratio of cavity=s/b
Gr = shroud Grashof number=Q2BATb(s/2)3/ v
[ = hydraulic diameter of annular inlet
Nu = shroud Nusselt number=¢(s/2)/ kAT
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Rotation

(17-a) Temperature

(17-b) Relative tangential velocity

(17-c) Radial velocity

Fig. 17 Instantaneous temperature and velocity contours on
the midaxial plane, test 50, RANS calculation

Pr = Prandtl number=uCp/k
shroud heat flux
r = radius
ry = shaft radius
Ra = Rayleigh number=Pr Gr
. = axial through flow Reynolds number=pWI[/u
Rey = rotational Reynolds number= pQb*/
Ro = Rossby number=W/a{)
s = cavity width
T = temperature
T,, = cooling air temperature at inlet
shroud wall temperature
W = bulk velocity

y* = normalized wall distance=pu,y/u
Greek Symbols
B = coefficient of thermal expansion
AT = temperature difference between shroud and
cooling air
k = thermal conductivity
p = dynamic viscosity
v = kinematic viscosity=pu/p
p = density
7 = stress tensor or wall friction stress
) = angular velocity of rotor
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Experiments are presented to quantify the convective heat transfer and hydrodynamic
loss that is obtained by forcing water through blocks of porous carbon foam (PCF)
heated from one side. The experiments were conducted in a small-scale water tunnel
instrumented to measure the pressure drop and temperature rise of the water passing
through the blocks and the base temperature and heat flux into the foam block. In com-
parison to similar porosity aluminum foam, the present results indicate that the pressure
drop across the porous carbon foam is higher due to the large hydrodynamic loss asso-
ciated with the cell windows connecting the pores, but the heat transfer performance
suggests that there may be a significant advantage to using PCF over aluminum foam for
extended surface convection elements in recuperators and electronic cooling

devices. [DOI: 10.1115/1.2436562]
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Introduction

Cast or foamed materials, such as porous carbon foam, typi-
cally have an open, interconnected void structure that enables
fluid exposure to internal surface area and, thus, the potential for
significant convective heat transfer. Therefore, such materials
have the potential for wide application in energy exchange and
heat recovery. Porous carbon foam (PCF) is produced by a process
of foaming, carbonization, and subsequent graphitization of a
carbon-based precursor material. PCF has a high effective (stag-
nant) conductivity (40—160 W/m K) [1] due to the high material
conductivity of the graphitized carbon material (800—1900
W/m K). In comparison, similar porosity aluminum foams have
effective conductivities of 2—26 W/m K, resulting from material
conductivities of 140-237 W/m K (for various aluminum alloys)
[2]. The high conductivity of the graphitized solid enables PCF to
readily entrain heat into the solid structure of the foam to be swept
away by passing fluid. Another significant advantage of PCF over
aluminum or other metal foams is the high internal surface area
that results from the foaming process. The internal surface area,
which can be as high as 5000-50,000 m?2/m3, serves to reduce
the convective resistance thereby fostering energy exchange at the
pore level. It is this combination of high material conductivity and
high internal surface area that makes PCF attractive as a heat
transfer material for both single and multiphase applications.

Although data is available quantifying the convective heat
transfer in open cell metal foams (see, for example, [3-5]), there
is relatively little information available on the fundamental char-
acterization of porous carbon foam. Gallego and Klett [6] pro-
vided some of the first data on the pressure drop and heat transfer
for PCF. Their study provides estimates of the influence of con-
figuration on the heat transfer and pressure drop, but not enough
detail was provided to assess the influence of porosity, pore diam-
eter, and Reynolds number. Yu et al. [7] proposed a sphere-
centered unit-cube geometry model to characterize the internal
structure of PCF. The unit-cube model provides expressions for
the internal and external surface area, and the effective (or stag-
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nant) conductivity as a function of the porosity and the void di-
ameter. Straatman et al. [8] recently considered the convective
enhancement obtained by bonding a layer of PCF to a metal sub-
strate and subjecting the layer to parallel airflow. Convective en-
hancements of 30—10% over that obtained from the flat plate
alone were observed over the range of Reynolds numbers
150,000-500,000. The enhancements in this case were due to
natural infiltration of air into the foam resulting in exposure to the
internal surface area of the foam. For cases where the air is forced
directly into the foam, the surface area exposure is much higher,
and thus, convective heat transfer enhancement is expected to be
much more significant.

The purpose of the present work is to further explore the heat
transfer and pressure drop obtained when passing fluid through
the internal structure of PCF. The motivation for this work is to
develop expressions describing the pressure drop and pore-level
heat transfer such that PCF can be considered in design applica-
tions such as recuperators and electronic heat sinks. Experiments
are described that establish the flow and convective heat transfer
obtained by forcing water through PCF specimens of different
porosity and pore diameter. Results are presented to show the
hydrodynamic and thermal performance of the PCF specimens,
and a formulation is presented that produces universal results for
the Nusselt number. The present results are also compared to simi-
lar results for aluminum foams. Though experiments using a gas
would be more directly relevant for recuperator applications, the
present experiments still effectively show the difference in ther-
mal and hydraulic performance of available PCFs.

Carbon Foam Specimens

Three different PCF specimens have been considered in the
present work. The geometric properties and effective thermal con-
ductivities of the specimens are summarized in Table 1. Scanning
electron microscope (SEM) images of the foam specimens are
given in Fig. 1. On the basis of the large pore diameter and high
effective conductivity, the tabulated data indicates that the
POCO™ foam has the best combination of properties for convec-
tive heat transfer. Conversely, the 218-3 foam appears to have the
poorest combination of geometric and thermal properties. The im-
ages in Fig. 1 indicate that there are also significant differences
between the foams in terms of the size of the cell windows con-
necting the pores. The cell windows provide the interconnectivity

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Table 1 Summary of properties for the carbon foam speci-
mens tested

Average void

Porosity diameter B Kegy
Specimen (%) (um) (m?%/m?3) (W/mK)
219-3 86 350 6850 72
218-3 88 400 5640 61
POCO™ 82 500 5240 120

“As obtained from the unit-cube geometry model [7].

between the voids and thus afford access to the internal surface
area of the foam. From the point of view of heat transfer, it is best
to have small cell windows to maximize the internal surface area
available for convection. However, from the point of view of flow
into the foam, small cell windows will lead to much higher pres-
sure drops due to the hydrodynamic loss associated with rapid
contraction/expansion through the cell windows. Thus, the most
open foam will undoubtedly yield the lowest pressure drop; how-
ever, it may not necessary yield the highest convective heat trans-
fer because of the lower internal surface area. Something the SEM
images do not show, because of the high magnification, is the
small porosity gradient that can occur in the foaming process. The
gradient is due to gravity and is typically only in the foaming
(vertical) direction; however, the images in Fig. 1 clearly show
lateral nonuniformity, particularly in the 219-3 foam. For the
present experiments, test specimens were machined such that the
(gravity) gradient was aligned with the vertical coordinate of the
channel. Samples of foam were cut such that the nominal plan
dimensions were 50X 50 mm, and the nominal thickness was
6 mm, to minimize gradient effects. Approximately 0.2 mm was
added to each nominal dimension so that the foam specimens
could be pressed into the test section to avoid fluid bypass.

Experiments

Experiments have been conducted in a small-scale test rig to
measure the heat transfer and pressure drop obtained by passing
water through specimens of PCF. The test setup, shown in Fig. 2,
consists of a channel with a water inlet and outlet, a heating ele-
ment, and instrumentation to measure the flow rate, the heat input,
the fluid pressure drop and temperature across the foam specimen
(from position 1 to 2), and the base temperature of the heating
element. The flow channel was 50 mm wide by 6 mm high. Foam
specimens, described in the previous section, were pressed into
the test section of the channel. As shown in Fig. 2, the upper 50
X 50 mm surface of the foam was pressed against the heating

fani AN s

(a) 219-3 (b 218-3 (cy POCO™

Fig. 1 Scanning electron microscope images of the porous
carbon foam specimens tested

j%g
Fig. 2 Schematic of experimental setup showing the position

and orientation of the carbon foam, the fluid inlet and outlet,
and the heat input
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Fig. 3 Plot showing the pressure drop as a function of Rey-
nolds number for the three foam specimens considered. The
symbols are measured data and the curves are generated from
Eq. (1), with the values of permeability and form drag summa-
rized in Table 2.

element and the lower surface was pressed against a phenolic
composite wall, which was insulated to avoid heat loss. As such,
the foam specimens represent 50 X 50 mm cross section extended
surfaces heated from one side.

The specimens were subjected to a range of water flow rates
and power densities to quantify variations of pressure drop and
heat transfer on the foam structure, characterized by porosity &
and void diameter D,. For each foam specimen, tests were ini-
tially run without heating to establish the pressure drop as a func-
tion of flow for ambient (cold) conditions. The pressures were
monitored very carefully to ensure that the reported results were
for steady-state conditions. The tests were then repeated for sev-
eral power densities to establish the heat transfer under different
flow conditions.

Results and Discussion

The pressure data are used to obtain permeability and form drag
coefficients so that the classical Darcy-Forchheimer law for po-
rous media can be used to describe pressure losses

AP ;
—=Ev+—c‘épv2 (1)
L K K

Here, AP is the pressure drop across the foam specimen, L is the
length of the specimen along the flow direction (50 mm in the
present work), v is the filter (or average channel) velocity, and K
and ¢, are the permeability and Forchheimer (form drag) coeffi-
cient. The permeability and form drag coefficients are evaluated
simultaneously by considering the whole flow range at the tested
conditions.

Results for the pressure drop as a function of v are shown in
Fig. 3 for the three foam specimens considered. Figure 3 shows
measured pressure drops in symbolic form and curves generated
using Eq. (1) with the permeability and form drag coefficients
established and shown in Table 2. It is clear from Fig. 3 and Table
2 that the permeability and, thus, the pressure drop is very differ-
ent for the three specimens tested, with the 219-3 foam having the
highest fluid pressure drop and POCO having the lowest. As sug-
gested in the previous section, the pressure drop is strongly af-
fected by the pore diameter and perhaps more importantly, the size
of the cell windows connecting the pores, due to the hydrody-
namic loss associated with the sudden contraction/expansion. Al-
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Table 2 Summary of permeability and Forchheimer coeffi-
cients for the carbon foam specimens tested

Permeability K Forchheimer

Specimen (m?) coefficient ¢,
219-3 2.41x1071° 0.7444
218-3 4.46 % 10710 0.4548
POCO 6.13 X 10°10 0.4457

though the results show the expected trend, it is difficult based on
the present result to assess the impact of pore diameter and cell
window size separately.

The results for pressure drop can be compared, in terms of
permeability, to similar results obtained for aluminum foams.
Boomsma and Poulikakos [4] evaluated the permeability of 6101
aluminum alloy foams with and without compression. The uncom-
pressed foam had porosities in the range of 92—-93% and internal
surface areas of 820—2700 m?/m?3, whereas the compressed
foams had porosities in the range of 66—88% and internal areas
two to four times higher than those noted above. In comparison to
the POCO foam, which has the lowest pressure drop among the
foams tested herein, similar-porosity 6101 compressed aluminum
foam has a permeability approximately three times higher, indi-
cating that it is much easier to pass a fluid through the aluminum
foam. This is largely due to the difference between the internal
structures of the aluminum and PCF foams. The aluminum foam
is comprised of thin fused strands and large open cell windows,
but relatively little internal surface area. The PCF is comprised of
spherical voids and small(er) cell windows, but a larger amount of
internal surface area. Since the low permeability of the current
PCF is due to the large hydraulic loss associated with the cell
windows that link the spherical voids, it is of interest to modify
the foaming process for PCF to provide larger and smoother cell
windows to lower the hydraulic loss.

Heat transfer results were obtained by considering several dif-
ferent heat inputs for a particular fixed flow rate, and then repeat-
ing the process for several different flow rates. Since the tempera-
ture of the heater base was a consequence of the particular flow/
heating condition, it is not possible to plot the heat input as a
function of velocity for a given temperature difference between
the fluid inlet and the heater base. Instead, the measured heat input
and temperature difference were used to calculate the thermal re-
sistance for a given flow rate

. AT,
R=-D, — (2)
nio Qi

in degrees Kelvin per watt, where AT is the temperature differ-
ence between the heater base and the fluid inlet, Q is the heat
input in watts, and n is the number of heating conditions for the
flow rate under consideration. Because the thermal resistance is a
function of the Reynolds and Prandtl numbers, it is essentially
constant for all of the heating conditions at a given flow rate.
Figure 4 shows the results of thermal resistance as a function of
filter velocity for all of the conditions considered. The plot indi-
cates that the POCO foam has the lowest thermal resistance fol-
lowed by 218-3 and 219-3. Figure 4 is important because it al-
ludes to the difference in thermal effectiveness of equal-sized PCF
specimens of different geometric and thermal properties. Figure 4
does not, however, provide universal information about the foam
specimens that can be used in design applications. The required
information can be generated from the data shown in Fig. 4, but
care must be taken to ensure that the scaled data is universally
applicable.

The heat transfer data are used to form the Nusselt number,
which is obtained by
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Fig. 4 Plot showing the thermal resistance as a function of the
filter velocity v for the foam specimens tested
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where hy is the heat transfer coefficient at the pore level, D is a
length scale, gy, is the heat transfer obtained from the power
applied to the heater (and from an energy balance on the fluid), k,
is the thermal conductivity of the fluid evaluated at the average
fluid temperature, A is an area, and AT is a temperature difference
(either the mean temperature difference between the heated base
and the fluid inlet or the log-mean temperature difference). As
suggested, the length and area scales can be based on different
variables and the virtues of those mentioned will be discussed in
terms of the current results. In the present treatment, the length
scale D is based on either the equivalent particle diameter of the
foam D, or the hydraulic diameter of the channel. The equivalent
particle diameter is the solid particle diameter that preserves the
interior surface area of a single spherical void and is obtained
using D,=6(1—-¢)/B (see [7]). The hydraulic diameter is obtained
as Dpyg=4Acnan/ P, Where Agy,, is the cross-sectional area of the
channel and P is the wetted perimeter. The area in Eq. (2) is either
the effective heat transfer surface area or the heated base area of
the foam sample. The effective surface area is obtained as A
=nAs+eA,, where 7 is the equivalent microfin efficiency of the
foam obtained using the Taylor model [9], A is the interior wall
surface area of the foam specimen obtained from A =BV, where 8
is the area factor [7] and V is the volume of the specimen, and A,
is the heated based area of the foam; A,=50X 50=2500 mm? for
the present case.

The thermal performance of the foam specimens is shown in
terms of the Nusselt number in Figs. 5 and 6; the Reynolds num-
ber is defined as Re=pvD/ u, where p is the density of the fluid, v
is the channel bulk velocity, and u is the dynamic viscosity of the
fluid. Figure 5 follows the approach described by Boomsma et al.
[5] wherein the Nusselt number is devised using the hydraulic
diameter Dy,q, the heated base area A, and the temperature dif-
ference between the heated base and the fluid inlet and plotted as
a function of the filter velocity. In Fig. 6, the Nusselt number is
formulated using the equivalent particle diameter D,, the effective
area A and the log-mean temperature difference, and is plotted
as a function of the Reynolds number based on D,. Although the
figures produce a similar picture in terms of the thermal perfor-
mance of the foam specimens, care must be taken in interpreting
the utility of the different formulations. Because of the method
used to produce Fig. 5, the resulting Nusselt number cannot be
considered constant and there is an inherent difficulty with ex-

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



200...\‘\\\\ ——T — ——
2193 | | i
aziss |

W0 mpoco [T

:::;;;;:::‘.:::i::::A

N A T Y S
=
100|||1|1‘|||A|1||1||||

2 e e

RN
sof i M T
| I A N
-II\\\\\IIII\\\\\III
Y I R I I
OIII\\\\\IIII\\\\\III
0 0.02 0.04 0.06 0.08 0.1
v [m/s]

Fig. 5 Plot showing the Nusselt number (based on D, 4 and
A,) as a function of the filter velocity v

tending the results to different sized foam blocks. For example,
doubling the foam thickness while maintaining the heated base
area increases the hydraulic diameter and thus reduces the con-
vective coefficient. This leads to the prediction that for a given
base area and temperature difference, the heat transfer is reduced
with increasing foam thickness. Consider also the effect of in-
creasing the heated length of the foam while maintaining the
thickness (and hydraulic diameter). In this case, the Nusselt num-
ber remains constant and the heated base area increases linearly
with increased length. For a given temperature difference, this
suggests that the heat transfer increases linearly with increased
heated path length, which is also not physically correct. Thus, the
formulation adopted from Boomsma et al. [5] and used to produce
Fig. 5 does not characterize the results in a universally applicable
way.

The formulation used to produce Fig. 6 removes the depen-
dence of the Nusselt number on the physical dimensions of the
foam blocks tested and does, therefore, provide universal results.
For example, increasing the thickness of the foam increases the
internal surface area, but reduces the equivalent micro-fin effi-
ciency. Thus, using the effective surface area A in Eq. (3) re-
moves the dependence of the Nusselt number on the thickness of
foam used. The dependence of the Nusselt number on the heated
length is also removed by using the log-mean temperature differ-
ence. As such, the Nusselt number values presented in Fig. 6 can
be considered constant for the given flow condition. Another ad-
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Fig. 6 Plot showing the Nusselt number as a function of Re
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vantage of this formulation is that the Nusselt and Reynolds num-
bers are formed in terms of the equivalent particle diameter, which
characterizes the internal structure of the foam.

Turning now to the thermal performance of the different foams,
Figs. 5 and 6 both show POCO to be the superior foam followed
by 219-3 and 218-3. Differences between the foams can be rec-
onciled by considering the properties listed in Table 1 and the
SEM images given in Fig. 1. The 219-3 and 218-3 foams have a
similar effective conductivity, but 219-3 has significantly more
internal surface area and thus a better capacity to remove energy
that is conducted in. POCO foam has a substantially higher effec-
tive conductivity than 219-3 and thus a higher microfin efficiency.
In this case, the thermal performance of POCO is considerably
higher despite its smaller internal surface area. On the basis of the
present measurements, and considering both the hydrodynamic
and thermal characteristics, the POCO foam is considered to per-
form best.

Comparisons to the measured performance of 6010 aluminum
foam [5] can be made by considering the data in Fig. 6. The
comparisons, which are not shown explicitly in this paper, indi-
cate that POCO foam is slightly better than compressed aluminum
in terms of thermal performance. However, since the data in [5] is
presented in terms of the scales used in Fig. 5, it is important to
consider how proper scaling will influence the comparison. The
heat transfer measurements in Boomsma et al. [5] were conducted
on 2 mm thick compressed aluminum foam specimens (of 40
X 40 mm cross section). Thus, the fin efficiency was likely quite
high over the full range of Re considered. However, because of
the low effective conductivity of aluminum, the fin efficiency
would drop considerably with increased thickness and thus, the
heat transfer effectiveness of the thicker specimen would be poor.
Since the effective conductivity of PCF is 5-20 times higher than
that for aluminum foam, the heat transfer effectiveness would re-
main high for much thicker extended surfaces. Thus, if similar
thickness specimens were considered, the heat transfer perfor-
mance of PCF would be many times higher than that of the alu-
minum. This is perhaps one of the most important merits of PCF
and forms the motivation for pursuing PCF as a convective en-
hancement material in energy exchange and electronics applica-
tions.

Conclusions

Measurements of the pressure drop and heat transfer obtained
by forcing water through blocks of porous carbon foam are re-
ported. The pressure drop is seen to be a function of the pore
diameter and porosity, but also strongly affected by the size of the
cell windows connecting the spherical pores. This is due to the
large hydrodynamic loss associated with the fluid contracting/
expanding through the windows. The heat transfer was seen to be
a function of the effective conductivity and the internal surface
area, as might be expected. A comparison of two different sets of
scaling parameters showed the importance of including geometric
and thermal parameters in the formation of the Nusselt number.
Of the specimens tested, the POCO foam offers the best combi-
nation of hydrodynamic and thermal performance. The present
results suggest that there may be a significant advantage for using
PCF as an extended surface convective enhancement material in
energy exchange and electronic cooling applications.
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g-mail: hanwei@mail etp.ac.cn ucts is proposed in this paper. This new system consumes coal and natural gas as fuel
simultaneously, and cogenerates methanol and power. Coal and natural gas are utilized

Lin Gaoz synthetically based on the method of dual-fuel reforming, which integrates the methane/

steam reforming and the combustion of coal. During the dual-fuel reforming process,
combustion of coal provides high-temperature thermal energy to methane/steam reform-
ing reaction to product syngas. Then, the chemical energy of syngas is used efficiently
since the new system integrates the chemical process and power plant. In this manner, the
energy including both chemical energy of fuels and thermal energy can be used more
effectively from the viewpoint of the whole system. As a result, the total energy efficiency
of this new system was about 60-66%. Compared with the conventional systems, the new
system provides an energy savings of about 8—15%. The results obtained here indicate
that this new system may provide a new way to utilize coal and natural gas more effi-
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ciently and economically. [DOI: 10.1115/1.2432895]

1 Introduction

The world energy demand has increased steadily and will con-
tinue to increase in the future [ 1], and fossil fuel (coal, natural gas,
and oil) will continue to be the main energy source. Coal is over-
whelmingly abundant, and will play an extremely important role
in the future of energy [2,3]. Gasification of coal has been con-
sidered as a promising and effective technology to utilize coal
more efficiently [4]. Syngas as the product of gasification can be
used for power generation through a combine cycle and chemical
products synthesis (methanol and DME). Recently, many demon-
stration plants of integrated gassification combined cycle (IGCC)
and methanol plants based on coal have begun to operate through-
out the world [5]. One of the disadvantages of gasification of coal
is that it requires a complex system, which includes a gasifier,
cleanup unit and air separation unit. Another disadvantage is the
high investment; for example the investment ($/kW) of an IGCC
plant is about double that of a combined cycle plant, which lim-
ited the application of IGCC in large scale. Poly generation sys-
tems were considered as a better way to convert syngas to power
and methanol with high efficiency and its energy saving ratio can
reach 4-15% [6-10].

Natural gas is another major fossil fuel for power and chemical
production. In a combined cycle, natural gas is directly burned in
the combustion chamber, and the exergy destruction of combus-
tion accounts for about half of total exergy destruction of the cycle
[11,12]. In a chemical process, natural gas has to first be trans-
formed into syngas, which is the raw and processed material to
synthesize chemical products, through methane/steam reforming
reaction [13,14]. During the reforming process, a part of natural
gas (NG) (about 30% of the total NG input) has to be burned to
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provide higher temperature thermal energy (above 900°C) to the
methane/steam reforming reaction. Obviously, the combustion of
natural gas will cause great exergy destruction.

The objectives of this paper are: (1) to propose a new approach
to utilize coal and natural gas synthetically and efficiently from
the viewpoint of energy level; (2) to disclose the features in the
dual fuel reforming process; and (3) to synthesize a novel energy
system with coal and natural gas as fuel.

2 New Multifunctional Energy System

2.1 Conceptual Design of the Multifunctional Energy
System. Figure 1 illustrates the schematic of the multifunctional
energy system (MES) according to two basic concepts:

1. To combine the utilization processes of NG and coal to pro-
duce cleaning syngas; and

2. To integrate the chemical process and power plant to use the
syngas efficiently.

Figure 1 shows the concept process of the new MES system.
The figure enclosed by the dashed line illustrates the new ap-
proach of synthetic utilization of coal and natural gas. The
methane/steam reforming process and the burning coal is inte-
grated. The high-temperature thermal energy from burning coal is
provided to the reforming reaction as the driving force. Since two
different fossil fuels are consumed simultaneously, the new
method is called dual fuel reforming in this paper.

Methane/steam reforming is widely used by the chemical indus-
try, and it is a major method to produce syngas from natural gas.
The process is based on two independent equilibrium-limited re-
actions, as follows

CH, +H,0 — 3H, + CO  AHY¢ =206 kJ/mol (1)

CO+H,0 — CO,+H, AH=-41kJ/mol )

Reaction (1) is an endothermic steam reforming reaction, and the
typical reaction temperature is around 900°C. The second one,
often known as the water-gas shift reaction, is a lightly exothermic
reaction. As a whole, the reforming of methane by steam will
absorb a large amount of thermal energy at high temperature.
The conventional methane/steam reforming method, commonly
used in the chemical industry, only consumes natural gas. There-
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Fig. 1 Schematic of the multifunctional energy system

fore, the natural gas may be divided into two streams: one stream
(nearly 70%), as reactant natural gas, is reformed by steam in the
reactor to produce syngas. The other stream, acting as fuel natural
gas, is burned to provide high-temperature thermal energy to the
reforming reaction. During the combustion, about 30% of the
chemical exergy of the fuel natural gas is destructed and the other
part is transformed into thermal exergy. In the dual fuel reforming,
the thermal energy absorbed by the reforming reaction comes
from the burning of coal, instead of the burning of natural gas in
the conventional method. All of the natural gas acts as reactant
and most of the chemical exergy of natural gas is transformed into
the chemical exergy of syngas without exergy destruction, which
means that the chemical energy of natural gas is used more effi-
ciently in the new method. With the same natural gas input, the
dual fuel reforming can generate syngas more than the conven-
tional methane/steam reforming, but the dual fuel reforming has to
consume additional coal. It means that the coal has been changed
into clean syngas indirectly only through burning. Here it refers
that the utilization of coal in the new method as indirect
gasification.

Since the combustion of coal is substituted for the combustion
of NG in the dual fuel reforming process, the high-temperature
corrosion and fouling in the dual fuel reformer should have been
taken into account. The technologies, such as the treatment of coal
to remove most of the components of sulfur, ash, and alkali metals
and the proper combustion system to minimize the corrosion and
fouling, should have been investigated further.

For a long time, the chemical process and power plant have
developed independently. Currently, both of them have met ob-
structions that restrict their further development for higher perfor-
mance. On one hand the chemical process has focused on the high
yields of chemical products, but the efficient utilization of chemi-
cal energy and thermal energy has not been taken into consider-

. stack gas
reaction

tubs
x

7]

‘ |_ L bl
‘ i (VAVAY
AT T

5

flue gas

ation. A chemical plant, especially the chemical plant based on
coal, has a captive power plant (steam cycle) to provide steam and
power to some special chemical processes, such as syngas com-
press, reforming, and distillation processes. In the captive power
plant, since coal is burned directly, much chemical exergy (about
30%) of coal is destructed. At the same time, purge gas, which is
unsuitable for chemical synthesis, is discharged to the atmosphere
from the chemical process. In addition, plenty of high-temperature
thermal energy might be released in some chemical processes,
such as syngas cooling and synthesis processes, but the thermal
energy usually is used to generate midpressure saturated steam
regardless of the big temperature difference, which causes large
exergy destruction. On the other hand the power plant puts em-
phasis on the transition of thermal energy to power. All of the
chemical energy of fuel is transformed into thermal energy
through combustion, in which a large amount of the chemical
exergy of fossil fuel (20-30%) is destructed. Even though the
thermal energy has been used more and more efficiently, the per-
formance of the current power plant is unsatisfied. Cascade utili-
zation of the chemical energy of fuel becomes a potential to im-
prove the performance of power plant further.

When the chemical process and power plant are integrated, the
obstructions of both systems might be overcome simultaneously.
Figure 1 also shows the concept of integration of chemical process
and power plant. The fuel (syngas) can be used for chemical syn-
thesis first, in which the active components of the syngas are
converted to chemical products with lower energy consumption.
The inactive components (unreacted syngas) are discharged form
the chemical process and provided to the power plant as fuel to
generate power efficiently. The thermal energy released from the
chemical process can be recovered by the power plant to generate
the proper pressure steam. The exergy destruction during the heat
exchange process might be obviously decreased. The power plant
also provides the proper pressure steam and power to the chemical
process and meets the needs of the chemical process. In other
words, the chemical energy of fuel and thermal energy can be
used efficiently by the integration of chemical process and power
plant.

2.2 Configuration of MES System. Figure 2 shows a flow
chart of the novel multifunctional energy system (MES). This sys-
tem is mainly comprised of several subsystems including the dual
fuel reformer (a); the methanol synthesis and purification (c1-c2)
and (d—f); and the heat recovery and the power generation
(b1-b3) and (g—k). The reformer (a) is comprised of reaction
tubes and a hearth. The catalyst of the methane/steam reforming is
stored inside of the tubes and the reforming reaction also takes
place here. The coal is burned with the preheated air in the hearth

8
9
methanol
f
water
r

14

a:dual fuel reformer bl-b3:heat exchanger cl,c2:syngas compressor d:synthesizer e:separator
f:distilation unit g:air compressor h:combustion- chamber i:gas turbine j:HRSG Kkl1-k2:steam turbine

Fig. 2 Configuration of MES system
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(outside of the tubes), which provides high-temperature thermal
energy to the reforming reaction. The stack gases are discharged
to atmosphere after the heat recovery in the heat exchanger (b1).
The mixture of the natural gas and the middle pressure steam
extracted from the heat recovery steam generator (HRSG) (j) and
synthesizer (d) enter the reaction tubes of the dual fuel reformer
after being preheated in the heat exchanger (b1), and at the reactor
the natural gas and steam are converted into syngas. The syngas is
compressed in the syngas compressor (cl) after cooling in the
heat exchanger. Then it is mixed with circulating syngas from the
separator (e). Finally the syngas is compressed in the syngas com-
pressor (c2) to the pressure of methanol synthesis. After being
preheated by the heat exchanger (52), the high-pressure syngas
enters the methanol synthesizer (d) to synthesize methanol, and
the heat emitted from the methanol synthesis is recovered to gen-
erate saturated steam. The products of methanol synthesis are
cooled, and raw methanol is separated in the separator (e). The
raw methanol is refined to high purity methanol in the distillation
unit, which is a tricolumn refiner. The unreacted syngas from the
separator (e) is divided into two streams: one stream acts as the
circulating syngas for methanol synthesis and the other steam is
sent to the gas turbine as fuel. The steam used in the distillation is
extracted from the low-pressure steam turbine (k2).

Based on the new method (dual fuel reforming), possible
schemes of difference multifunctional energy systems such as in-
tegration of hydrogen and power or DME and power can be syn-
thesized further.

2.3 Reference Systems Description. As the energy system
proposed in this paper has multiinput of fossil fuels and multiout-
put of products, we estimated the performance of the MES system
based on the comparison of reference systems, which included the
IGCC for power generation, the methanol synthesis based on coal
(MSC), the combined cycle (CC), and the methanol synthesis
based on natural gas (MSN). The IGCC is assumed as integration
of Texaco’s gasification process, gas cleanup and heat recovery
system with a gas turbine generator, a heat recovery steam gen-
erator (HRSG), and the steam turbine generator. The thermal ef-
ficiency of the IGCC is 43.1%. The MSC is composed of Texaco’s
gasification process and gas cleanup system with a methanol syn-
thesis process of Japan Petroleum Institute (JPI) [13]. Usually, the
MSC system also includes a captive power plant, which is a coal
fired power plant, to provide steam and power to the chemical
processes. The energy consumption of MSC system is
45 GJ/t CH4O [9]. In the CC, the turbine inlet temperature (TIT)
and pressure ratio of compressor are, respectively, 1308°C and
15.0. The HRSG of the combined cycle works at two pressure
levels and the thermal efficiency of the CC is 54.2%. The MSN

Table 1 Main assumptions of evaluation

Chemical process

Synthesis pressure of methanol (MPa) 10
Synthesis temperature of methanol (°C) 270
Pressure loss of synthesizer (%) 5
Pressure loss of heat exchangers (%) 3
Pressure loss of reformer of cold side (%) 10
Pressure loss of reformer of hot side (%) 1
Isentropic syngas compressor 0.75
Reforming temperature (°C) 950
Reforming pressure (MPa) 2
Steam to methane ratio 3
Surplus air ratio of coal combustion 1.22
Power plant

Pressure ratio of compressor 15
Turbine inlet temperature (°C) 1308
Pressure loss of heat exchangers (%) 3
Isentropic efficiency of air compressor 0.88
Isentropic efficiency of gas turbine 0.89
Isentropic efficiency of pump 0.8
Pinch point in HRSG (°C) 10
Approach point in HRSG (°C) 30
Pressure loss of HRSG (gas-side) (%) 3
Pressure loss of HRSG (steam, water) 10
Condensation pressure, (MPa) 0.0085

system is composed of methane/steam reforming process and
JPT’s methanol synthesis process, and the energy consumption is
32.2 GJ/t CH4O. The main assumptions during the simulation of
MES and reference systems are presented in Table 1.

3 Evaluation of MES System

3.1 Simulation and Results. We assumed that the reference
systems produce the same quantities of power and methanol as the
proposed system, and the fuel thermal input (lower heating value
(LHV)) ratio of methane to coal is equal to each system. The
energy saving ratio (ESR) was used as a criterion and the defini-
tion was

Qref - QMES

ref

ESR = X 100%
where Qs was the sum of the fuel thermal input of coal and
natural gas consumed by the reference system; and Qs was the
sum of fuel thermal input of coal and natural gas consumed by the
proposed system.

Based on the above assumptions, the system was studied by

Table 2 Parameters of main points of MES system

CH, C,H, CH,0 co Co, H, H,0 0, N,
G )4 T

Point (kg/s) (MPa) (°C) Percent molar composition (%)

1 62.8 0.103 25 — — — — — — 1.0 20.8 78.2
2 62.8 0.102 512 — — — — — — 1.0 20.8 78.2
3 68.3 0.1 950 — — — — 16.3 — 3.6 3.7 76.4
4 6.4 2.58 25 90.0 10.0 — — — — — — —
5 28.1 2.32 500 20.9 2.3 — — — — 76.8 — —
6 28.1 2.09 950 1.1 — — 11.7 4.5 51.6 31.1 — —
7 41.7 10.5 92.7 5.1 — 0.2 4.7 2.8 87.1 0.1 — —
8 41.7 9.8 38 5.6 — 52 1.5 1.7 84.5 1.5 — —
9 11.6 0.11 66.6 — — 99.9 — — — 0.1 — —
10 1.7 9.8 38 6.0 — 0.3 1.6 1.8 90.2 0.1 — —
11 95.5 1.49 25 — — — — — — 1.0 20.8 78.2
12 97.3 1.46 1308 — — — 1.1 — 12.1 12.8 74.0
13 117.8 0.105 551 — — — — 1.0 — 10.1 14.1 74.8
14 9.5 0.55 158.5 — — — — — — 100 — —
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Table 3 Results for MES and reference systems (MW)
Reference systems

Items MES 1GCC MSC CC MSN
Natural gas 314.7 85.6 275.2
Coal 158.6 429 138.9

Methanol 230.3 60.3 170.0
Power 63.96 18.5 46.4 -0.93
Efficiency, % 62.2 43.1 434 542 61.4

means of the commercial software Aspen. Pressure, temperature,
mass flow, and composition of the main points in Fig. 2 are listed
in Table 2.

The energy balance results and the overall efficiency of the
MES system are reported in Table 3. The overall efficiency is
defined as the ratio of products’ energy (no matter electricity and
chemical products) to the lower heating value of the consumed
fossil fuel. The fuel thermal input ratio of natural gas to coal was
nearly 2 and the overall efficiency of the MES system reached
62.2%. The ESR of the proposed system was 12.8%, when the
preheated temperature of air for burning of coal was 512°C. The
temperature of stack gas at the outlet of the reformer was 950°C,
and the circulating ratio of unreacted syngas was 4.0.

Table 4 shows the exergy distributions of the MES system and
the reference systems, based on the simulation of the MES sys-
tem. To produce the same quantities of methanol (258.48 MW)
and power (63.96 MW), the reference systems consumed
48.48 MW natural gas (exergy) and 23.4 MW coal (exergy) more
than those in the MES system. In other words, the MES system
would result in saving about 12.8% natural gas and coal compared
to the reference systems.

3.2 [Exergy Presentation on EUD. Since the MES system
involves chemical and thermal processes, the conventional exergy
analysis is not enough to reveal the internal phenomena of energy
conversion in those processes, because the conventional method
mainly focuses on the exergy difference between output and input
of a process. The energy-utilization diagram (EUD) methodology
[15,16] considers an energy transformation between an energy-
donating process and an energy-accepting process, and focuses
graphically on the energy level difference in a pair of energy
donor and energy acceptor and the variations of both energy level
and energy quantity are graphically shown with A—AH coordi-
nates. The energy level A is an intensive parameter and a ratio of
exergy change to energy change of a process (A=AE/AH=1
—TyAS/AH). The change of energy quantity (AH) refers to any
kind of energy changes, such as thermal energy, power consump-
tion, or generation, and energy change in chemical reaction etc. In

order to reveal the internal phenomenon and the fundamental fea-
tures, we adopted the graphical exergy methodology of EUD to
analyze the process of dual fuel reforming.

3.3 Significant Role of Dual Fuel Reforming in the MES
System. In MES system the syngas is produced by the new
method of dual fuel reforming. In contrast, in the reference sys-
tems the syngas is produced by the conventional methods of
methane/steam reforming and coal gasification. As Table 4 shows,
the exergy destruction during the syngas producing process in the
MES system is 19.87 MW (28.5%) lower than that of the refer-
ence systems.

Figure 3(a) a shows the exergy-destruction distribution of dual
fuel reforming. The oxidation of coal with air acts as an energy
donating reaction (curve of A.q), and the methane/steam reforming
process acts as an energy accepting reaction (curve of Ag,y). Three
feed streams, air (curve of A.,;), coal (curve of A.,»), and a mix-
ture of methane and steam (curve of A.,3) acts as the energy
acceptors which are preheated to the specific combustion or re-
forming temperature. The results show that the exergy destruction
of the dual fuel reforming process is equivalent to the area be-
tween the curves of the energy donor (curve of A.y) and the en-
ergy acceptors (curves of Ay, 1—Acqs) giving to 49.97 MW.

Figure 3(b) shows the exergy-destruction distribution of gasifi-
cation of coal and conventional methane/steam reforming. The
curve of Ay represents the process of oxidation of natural gas
with air in the methane/steam reformer, which acts as an energy
donating reaction, and the methane/steam reforming (curve of
Acas) acts as an energy accepting reaction. The energy acceptors
also include three streams of air (curve of A.,;), natural gas (curve
of Agp) and a mixture of methane and steam (curve of A.3),
which are preheated to the temperature of combustion or reform-
ing. The exergy destruction of the conventional methane/steam
reforming is 46.64 MW. The curve of Ay, represents the partial
oxidation of coal in the gasifier, which acts as an energy donating
reaction, and the energy acceptors included gasification reaction
(curve of A.g) and three streams of oxygen (curve of A.,s), coal
(curve of A.,g), and water (curve of A.,7), which are preheated to
the specific gasification temperature of 1200°C. The exergy de-
struction of the coal gasification is 23.2 MW.

Comparing Figs. 3(a) and 3(b), we can find that the utilization
of coal and natural gas is obviously different. As the coal-
gasification process needs pure oxygen as an oxidant, the energy
level of the partial oxidation of coal (curve of Ay, in Fig. 3(b)) is
higher than that of the oxidation of coal with air (curve of A4 in
Fig. 3(a)) in the dual fuel reforming process. On the other hand,
the thermal energy exchanged between the energy donor and the
energy acceptor in the dual fuel reforming process (158.6 MW) is
also lower than that of the reference methods (199.7 MW). Af-

Table 4 Exergy distributions of MES system and reference systems

Exergy (MW) MES IGCC MSC CcC MSN Total of ref
Natural gas input 330.62 89.94 289.16 379.1
Coal input 159.50 43.17 139.73 182.9
Syngas production 49.97 6.58 16.62 — 46.64 69.84
Air separation — 1.17 3.10 — — 4.27
Shift reaction — — 2.25 — — 2.25
Cleanup unit — 0.43 6.08 — — 6.51
Combustion 31.15 7.63 11.06 27.86 — 46.55
Heat exchangers 44.73 2.59 12.31 5.48 31.83 52.21
Synthesizer 4.71 — 2.36 — 3.49 5.85
Distillation unit 5.01 — 3.35 — 5.31 8.66
Power subsystem 22.25 4.25 1.65 8.41 8.10 22.41
Flue gas 9.86 2.02 4.29 1.76 3.96 12.03
Purge gas — — 8.98 — — 8.98
Methanol output 258.48 67.68 190.80 258.48
Power output 63.96 18.50 — 46.43 -0.97 63.96
Total 490.12 43.17 139.73 89.94 289.16 562.0
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Fig. 3 (a) EUD for dual fuel reforming; and (b) EUD for refer-
ence methods

fected by the two factors above, the exergy destruction of dual
fuel reforming (the shaded area in Figs. 3(a) and 3(b)) is de-
creased. Because coal and natural gas are utilized in an efficient
way, the performance of dual fuel reforming was superior to that
of conventional methods.

In the methanol synthesis plant based on coal, the surplus CO in
syngas has to be converted to CO, through a shift reaction, which
will cause the exergy destruction of 2.25 MW, as shown in Table
4. Then the CO, is separated from the products of shift reaction,
which causes the exergy be destructed by 6.51 MW. The conven-
tional gasification of coal needs O, of 95% as an oxidant and the
exergy destruction during the process of oxygen generation is
4.27 MW. In the MES system, coal is combusted with air in the
dual fuel reformer and the air separation unit is not required. The
exergy destruction of air separation unit (4.27 MW) is not in-
cluded in the MES system. In addition, the syngas produced by
the dual fuel reforming is clean and suitable for methanol synthe-
sis and the processes of shift and cleanup are also unnecessary for
the MES system. Without the shift, air separation, and cleanup
processes, the exergy destruction in these processes (13.03 MW)
is avoided in the MES system.

3.4 Integration of Chemical Process and Power Genera-
tion System. The proposed system integrates the thermal cycle
and the methanol synthesis system. Since the syngas and thermal
energy can be exchanged between the two sides, there exists a big
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Fig. 4 (a) EUD for combustion of unreacted syngas in MES
system; and (b) EUD for combustion in reference systems

potential to utilize the syngas and thermal energy more efficiently.
From Table 4 we can see that the exergy destruction of combus-
tion in the MES system was decreased by 15.4 MW (33%) com-
pared with the reference systems. In the MES system, the com-
bustion takes place in the thermal cycle, in which a part of the
unreacted syngas is burned in the combustor of the gas turbine
and the exergy destruction is 31.15 MW. In IGCC and CC, the
fuels burned in the combustor of the gas turbines, respectively, are
cleaned syngas and natural gas, and the exergy destruction are,
respectively, 7.63 MW and 27.86 MW. In methanol synthesis sys-
tem based on coal (MSC), a captive power plant (coal fired power
plant) is necessary to provide power, steam, and thermal energy
for the chemical process. In the captive power plant the coal is
burned with air in the boiler and the exergy destruction is
11.06 MW. Figures 4(a) and 4(b), respectively, show the combus-
tion in the MES system and the reference systems.

Figure 4(a) is the EUD diagram for the combustion of unre-
acted syngas in the combustor of the gas turbine in the MES
system. The oxidation of unreacted syngas acts as an energy do-
nating reaction (curve of A.), and heating processes of two
streams (the curve of A.,; represents the preheating process of the
unreacted syngas and the curve of A.,, represents the preheating
process of the air for combustion) act as energy acceptors, which
are preheated to the specific combustion temperature of 1308°C.
Figure 4(b) gives the EUD diagram for combustion in the refer-
ence systems. Curves of A.q; and A.qy, respectively, represent the
oxidation reaction of cleaned syngas in IGCC and natural gas in
CC, and the heating processes of four streams (curves of A, —
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Fig. 5 (a) EUD for heat exchange of chemical subsystem in
MES system; and (b) EUD for heat exchange of chemical sub-
system in reference systems

A4, respectively, represent the preheating processes of the syn-
gas, combustion air of syngas, natural gas, and combustion air of
natural gas) act as energy acceptors, which are preheated to the
combustion temperature of 1308°C. Curves of Aqg3 and Ag,5—Acyo
present the processes of burning of coal in the captive power plant
of the MSC system. The oxidation of coal with air in the boiler
(curve of A.43) acts as a donating reaction and heating processes
of five steams (curves of A,5—Ag,0) act as the energy acceptors:
the preheating of air and coal, the evaporation of water, the super-
heating of steam, and the reheating of steam.

Since the components of the unreacted syngas burned in MES
system are mainly hydrogen and carbon monoxide, the energy
level of oxidation of unreacted syngas (curve of A4 in Fig. 4(a))
in the MES system is lower than that of oxidation of natural gas
(curve of Ay, in Fig. 4(b)) in the combined cycle. Along with the
decrement of energy level of donators, the exergy destruction of
the combustion of the unreacted syngas is also decreased by
4.34 MW more than that of the combustion of natural gas. The
combustion of coal in the boiler also causes a large amount of
exergy destruction (11.06 MW) in the MSC system. Since the
MES system integrates the methanol synthesis system and power
plant, the captive power plant (coal fired power plant) used in the
MSC system is unnecessary in the MES system. As a result, the
total exergy destruction of the combustion (area of shadow in Fig.
4(a)) in the MES system is smaller than that (area shaded in Fig.
4(b)) in the reference systems.

In the methanol synthesis system some of the unreacted syngas,
called purge gas, is removed from the synthesizer, because the
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Table 5 Cost of dual fuel reformer and reference reformer or
gasifier

Dual Gasifier,
fuel Conventional cleanup unit,
reformer reformer and ASU
Base specific cost 0.24 0.2 0.27
(M$/MW)
Base capacity 330.6 273.4 181.1
(MW)
Cost (M$) 79.34 54.68 48.9

components of purge gas are not suitable for the methanol synthe-
sis. In the MSC system, the purge gas is discharged into the at-
mosphere after burning, which causes the exergy loss of 8.98 MW
(about 6.4 percentage points of input coal) as shown in Table 4. In
the MES system, the unreacted syngas is used efficiently by re-
covering the purge gas and sending it to the power subsystem of
the MES system to generate power.

Figures 5(a) and 5(b), respectively, show the exergy destruc-
tions of the heat exchange process in the MES system and the
reference systems. In the MES system the thermal energy released
from the chemical processes can be recovered by the power sub-
system efficiently. For example, the surplus heating of syngas and
flue gas of the reformer in the MSN system is used to generate the
superheated steam with a temperature of 435°C and a pressure of
4 MPa (curve of Ag, in Fig. 5(b)). In the MES system this
amount of thermal energy is used to generate the superheated
steam with a temperature of 510°C and a pressure of 8.38 MPa
(curve of A, in Fig. 5(a)). Since the energy level of acceptors in
the MES system is higher than that in reference systems, the ex-
ergy destruction of the heat exchange process is decreased. In the
MSC system, the hot syngas from the gasifier is quenched from
1200°C to 240°C to increase the humidity of syngas and most of
the thermal exergy is destructed (the area of shaded between the
curves of A.p and A,y in Fig. 5(b)). In the MES system, the
syngas produced by the dual fuel reforming is very clean with a
temperature of 950°C, and the thermal energy is recovered to
generate superheated steam with a pressure of 8.38 MPa. Com-
pared to Figs. 5(a) and 5(b), the shaded area of the MES system is
smaller than that of the reference systems and the exergy destruc-
tion of heat exchange in the MES is 7.48 MW (14.3%) lower than
the reference systems, as shown in Table 4.

3.5 Economic Benefit of MES System. An important point
emphasized here is that the syngas produced by the dual fuel
reforming process is very clean. Thereby, the cleanup unit and air
separation unit (ASU) are not required in the MES system. When
the scale parameter is fuel thermal input (LHV), the investments
of the dual fuel reformer, the conventional reformer, and the gas-
ifier are presented in Table 5. The specific cost of conventional
methane/steam reformer and catalyst is about 0.2 M$/MW, and
the specific cost of gasifier, cleanup unit and ASU is about
0.27 M$/MW. The dual fuel reformer can be designed from the
conventional reformer with little modification and the cost of the
dual fuel reformer estimates 0.24 M$ /MW, which is higher by
about 20% than that of conventional methane/steam reformer. In
Table 5 the fuel thermal inputs of the dual fuel reformer, the
conventional reformer, and the gasifier of coal are, respectively,
330.6 MW, 273.4 MW, and 181.1 MW, and the total investments
are, respectively, 79.34 M$, 54.68 M$, and 48.9 M$. The invest-
ment of the dual fuel reformer is decreased nearly by 23.4% com-
pared to the total cost of the conventional reformer and gasifier. It
must be specified that the cost estimation is valid only for a pre-
liminary analysis.
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4 Conclusions

A new kind of multifunctional energy system (MES) is pro-
posed for more effective utilization of fossil fuels. With the same
outputs of power and methanol, the new system provides a fossil
fuel savings of about 12.8%. The graphical exergy analysis based
on EUD reveals that the natural gas and coal are utilized syntheti-
cally by the method of dual fuel reforming. The exergy destruc-
tion of syngas generation process is decreased by about 28.5%
compared with conventional methods. Based on the integration of
chemical process and power plant, the unreacted syngas and ther-
mal energy of chemical process can be utilized efficiently from
the viewpoint of the operation of the whole system, and the ex-
ergy destructions of combustion process and heat exchanging pro-
cess in MES system are, respectively, decreased by about 33%
and 14.3% compared with the reference systems. Some processes,
which are necessary in reference systems, are not required in the
MES system, and the exergy destructions in these processes (2.3
percentage points of input exergy of fuel) are not included in MES
system. The proposed MES system provides a new approach to
utilize the coal and natural gas synthetically, which not only sim-
plifies the system but also decreases the investment cost.
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Nomenclature

MES = multifunctional energy system

MSC = methanol synthesis based on coal

MSN = methanol synthesis based on natural gas
CC = combined cycle

IGCC = integrated gasification combined cycle

LHV = lower heating value
TIT = turbine inlet temperature

EUD = energy-utilization diagram
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A Technoeconomic Analysis

of Different Options for
Cogenerating Power in Hydrogen
Plants Based on Natural

Gas Reforming

Steam methane reforming is the most common process for producing hydrogen in the
world. It currently represents the most efficient and mature technology for this purpose.
However, because of the high investment costs, this technology is only convenient for
large sizes. Furthermore, the cooling of syngas and flue gas produce a great amount of
excess steam, which is usually transferred outside the process, for heating purposes or
industrial applications. The opportunity of using this additional steam to generate elec-
tric power has been studied in this paper. In particular, different power plant schemes
have been analyzed, including (i) a Rankine cycle, (ii) a gas turbine simple cycle, and
(iii) a gas-steam combined cycle. These configurations have been investigated with the
additional feature of CO, capture and sequestration. The reference plant has been mod-
eled according to state-of-the-art of commercial hydrogen plants: it includes a prereform-
ing reactor, two shift reactors, and a pressure swing adsorption unit for hydrogen puri-
fication. The plant has a conversion efficiency of ~75% and produces 145,000 Sm?/hr of
hydrogen (equivalent to 435 MW on the lower-heating-volume basis) and 63 t/hr of
superheated steam. The proposed power plants generate, respectively, 22 MW (i),
36 MW (ii), and 87 MW (iii) without CO, capture. A sensitivity analysis was carried out
to determine the optimum size for each configuration and to investigate the influence of
some parameters, such as electricity, natural gas, and steam costs.
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Introduction CO +H,0 « CO, + H, (AHy=-41 kJ/kmol) (2)

In the last several years, the concern with the anthropogenic
greenhouse effect has increased the interest in the possibility of
using hydrogen as an energy carrier for both vehicle fueling and
stationary energy production. In power production, carbon capture
can be accomplished with different technologies that do not nec-
essarily include fuel decarbonization [1,2]. But in the field of
transportation and small-size power generation, the easiest way to
reduce greenhouse gas emission is the utilization of a decarbon-
ized fuel, such as hydrogen.

The most widespread and mature technology for hydrogen pro-
duction is steam reforming, based on the following reaction:

The high temperature does not allow one to shift all the carbon
monoxide, therefore, the reformed gas still contains a great frac-
tion of CO. One (or two) shift reactor is generally installed after
the reformer in order to minimize CO content in the gas. The final
gas is very rich in CO,, which can be captured with a suitable
technology. Today, pressure swing adsorption (PSA) is commonly
used for H, purification, instead of the amine-absorption process
followed by methanation, which has traditionally been employed
in the past.

Hydrogen plants based on SMR are characterized by a strong
economy of scale; thus, they are the preferable choice for capacity
higher than 1000—5000 Sm?/hr [3,4], whereas electrolysis is used
for smaller capacities. Hydrogen plants usually produce more
steam than the amount required by the reforming process; thus, it
is exported for heating purposes or industrial applications. On the
other hand, electric energy is consumed by the plant, especially in
the case of carbon capture, because CO, must be compressed and
liquefied for transportation. These energy flows, together with the

CH, + H,0 <> CO + 3H, (AH, =206 kJ/kmol) (1)

Since it is an endothermic reaction, it is enhanced at high tem-
peratures and typically takes place at 800—900°C, achieving a

methane conversion of up to 95%. The most common technology
uses tubular reformers, in which the reacting methane and steam
flow through pipes containing a Nickel-based catalyst and are
heated by an external flame. A second reaction occurring simulta-
neously in steam methane reformer (SMR) is known as “CO-
shift” because it transforms the CO into CO,,
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large size typical of the hydrogen plants, suggest that the steam
can be used for electricity generation. The power production and
dispatching becomes even more attractive in a hypothetical future
energy scenario based on hydrogen as fuel for transportation. In
this case, in fact, hydrogen facilities will be located near industrial
districts and can be easily connected to the electric grid or to an
electricity consumer.

Previous works have investigated the feasibility of cogenerating
power in SMR-based hydrogen plants, with different technologies
for the integration of the power section. Terrible et al. [5] pro-
posed four main schemes, all without CO, separation: (i) a top-
ping steam turbine, in which the steam leaving the turbine is used
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Fig. 1 Scheme of the reference hydrogen plant

for reforming; (ii) a gas turbine cycle, which uses the turbine
exhaust as oxidizer in the reformer furnace; (iii) a condensing
steam turbine, in which the steam for reforming is supplied by a
bleeding from the turbine; and (iv) a gas turbine followed by a
bottoming turbine. Consonni and Vigano [6] performed a thermo-
dynamic and exergetic analysis of a steam cycle and combined
cycle integrated with tubular reformers and auto-thermal reform-
ers with carbon capture. In this work, the gas turbine is not used
ahead of the reformer, but rather at the end of the syngas process-
ing because it is fueled by pressure swing adsorption (PSA) off-
gas. Klett et al. [7] made a technoeconomical analysis of the hy-
drogen plants without power generation, comparing the option of
carbon capture with the standard plant with CO, vent.

The aim of the present paper is to perform a technoeconomic
analysis of the hydrogen plants in an extensive range of possible
configurations; in particular, different technologies for power pro-
duction have been investigated, including a steam cycle (SC), a
gas turbine cycle (GT), and a combined cycle (CC). For all the
schemes, carbon capture has been compared to the standard plant
with a CO, vent. Among the possible reforming technologies,
only the tubular reactor has been chosen because it represents the
most mature and widespread technology, especially when hydro-
gen is the primary product. In the following, the typical hydrogen
production plant with no power generation will be addressed as
the reference plant (REF). The hydrogen production in REF is
3.6 kg/s, equivalent to ~145,000 Sm3/hr and 435 MW/ ;;y. This
size has been fixed in order to match the oxygen request of the
SMR furnace with the exhaust gas flow of an existing heavy duty
40 MWk gas turbine. The plant can be considered as a large hy-
drogen facility, though the largest existing plants are in the range
of 250,000—300,000 Sm>/hr [3,4,8—10], and Haldor Topsoe [4]
has recently announced the construction of the largest hydrogen
production capacity in the world (600,000 Sm3/hr). According to
Contadini et al. [10], most of the existing SMR plants lie in the
range of 22,000—-90,000 Sm>/hr. Therefore, the size chosen in
this paper is an intermediate value between the majority of exist-
ing plants and the largest ones.

Journal of Engineering for Gas Turbines and Power

1 Description of Investigated Plants

Reference Hydrogen Plant. The reference hydrogen plant
scheme is depicted in Fig. 1. The plant components have been
chosen and simulated following state-of-the-art of hydrogen
plants based on natural gas (NG) steam reforming. Natural gas is
supposed to be available at the required pressure (27 bar), and its
composition is [11] 94.4% CH,, 3.1% C,Hg, 0.5% C3Hg, 0.4%
Cy, 0.5% CO,, 1.1% N,. To avoid the poisoning of the catalyst,
sulfur has to be removed in the ZnO beds, which follows a hy-
drogenation unit. The hydrogen required to this aim is provided by
recycling a small fraction of the H, produced. Before entering the
hydrogenation and desulphurization unit, the mixture of H, and
NG is heated up to 380°C [10] in two heat exchangers (HES,
HER) placed in the convective section of the furnace.

After the ZnO-beds, NG is mixed with the process steam and
further heated at 550°C in HE9. Hence, it enters the prereformer,
an adiabatic catalytic reactor that accomplishes the reforming of
the heavier hydrocarbons, thus avoiding the coking (solid carbon
deposition) of the catalyst in the SMR. The gas leaves the high-
temperature exchanger at 650°C and enters the reformer, which
operates at 880°C and 25 bar. The hot syngas is cooled in a waste
heat boiler (HE4) before entering the high-temperature shift reac-
tor, which is adiabatic and works at 400°C. The low-temperature
shift reactor is, instead, a cooled reactor operating at 200°C. It is
preceded by another boiler (HE3) and the economizer HE2. Syn-
gas is cooled down to 130°C in HE1, where boiler feed water is
preheated; in the WKO, the condensed water is separated and sent
to cool low-temperature shift (LTS). Syngas purification in the
PSA unit requires further cooling (25°C), which is accomplished
by HE11. The hydrogen recovery factor in PSA is 88%, a value
typically achieved in commercial units [12]. The hydrogen pro-
duced (99.99% pure) is compressed to 60 bar for pipeline trans-
portation. PSA off-gas is supplied to the burners of the SMR fur-
nace; yet the heat duty of the SMR is not completely satisfied,
Thus, additional natural gas is required (15% of the total). The
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Table 1 Assumptions made for simulating plant performance

SYNGAS Processing

S/C 3
SMR T (°C) 880
NG SMR inlet 7' (°C) 650
Chemical equilibrium temperature approach (°C) -10
SMR pressure loss (%) 3
SMR heat loss (%) 1.5
Pre-Ref inlet 7 (°C) 550
Pre-Ref pressure loss (%) 3
Inlet air T (°C) 15
Inlet air p (bar) 1.013
Furnace pressure (bar) 1.05
Furnace outlet temperature (°C) 930
HDS inlet T (°C) 380
HTS T (°C) 400
LTS T (°C) 200
Shift reactors pressure loss (%) 3
Shift reactors chemical equilibrium 7" approach (°C) +10
PSA hydrogen recovery (%) 88
PSA off-gas pressure 1.3
Pump efficiency (isentropic/mechanical) 0.8/0.95
Fan efficiency (isentropic/mechanical) 0.8/0.95
Heat Exchangers

Heat loss (%) 0.7
Gas-gas minimum A7 (°C) 30
Water-gas minimum A7 (°C) 7-10
CO, Capture

Heat for solvent regeneration (MJ/t CO2) 1.0
Syngas T at ABS inlet (°C) 25
Steam to stripper reboiler p (bar) 21
CO, p at stripper outlet (bar) 1.8

CO, Compressor

Final delivery pressure (bar) 150
No. of stages (intercooled) 3
Coolant T (°C) 25
Polytropic efficiency 0.8
Mechanical efficiency 0.9
H, Compressor

Final delivery pressure (bar) 60
No. of stages (Intercooled) 2
Coolant T (°C) 25
Polytropic efficiency 0.78
Mechanical efficiency 0.95
Gas Turbine

Specification GE PG6591C
TIT (°C) 1327
Pressure ratio 19
Airflow (kg/s) 114.7
Coolant total mass flow (%) 15.4

Turbine outlet 7 (°C) 574

Net power (MW) 423
Efficiency (%) 36.2
TIT (°C)—steam injection operation 1287

Pressure Ratio—steam injection operation 19

Stoichiometric flame 7' (K)—Steam injection 2300
Steam Turbine

Turbine efficiency (Isentropic/Mechanical) 0.9/0.97
Condenser p (bar) 0.04
Superheating T (°C) 550
Reheating T (°C)—only in CC plants 550
Steam pressure (bar) in SC 70
Steam pressure (bar) in CC 110/27/3

flue gas leaves the furnace at 930°C (50°C above the gas to be
reformed) and passes through the series of convective heatex-
changers. The air fed to the furnace is preheated to 250°C in HE6,
whereas the off-gas and the additional NG are heated to 92°C
(minimum temperature difference in gas-gas HE is 30°C). The air
mass flow has been determined by imposing an excess oxygen of
3-5% higher than the stoichiometric value. The flue gas leaves
the convective section of the furnace at ~85°C. Steam at 27 bar
is substantially produced in two waste-heat boilers, placed after
the SMR (HE4) and the HTS (HE3), though in some configura-
tions analyzed, and in particular, in the reference case, HE7 oper-
ates both as economizer and evaporator. The steam-to-carbon ratio
(S/C) has been fixed at 3.0 for all the studied plants; this value is
typically found in hydrogen plants based on natural gas reforming
because it ensures an adequate methane conversion and low risk
of carbon deposition. All the simulations have been performed
using Aspen Plus® software. The main assumptions made are
summarized in Table 1.

Options for Cogenerating Power. A lot of different possible
power plant schemes may be integrated with the hydrogen plant
described earlier. Of course, the preference of one configuration
over another strongly depends on economical considerations,
which are the topic of Sec. 3. A driving factor is the availability
and energy requests of nearby consumers, which could be sup-
plied either with steam or power produced by the hydrogen plant.
For this reason in this paper, we focused the attention on three
configurations that correspond to different needs of a possible
nearby consumer: the first configuration (SC) is a Rankine cycle,
which produces only power and no steam for export; the second
configuration (GT) is characterized by a gas turbine for power
production and steam export; the third configuration (CC) is a
combined cycle, which allows the maximum power production
but no steam export.

The three plants are very similar to the REF plant and, in par-
ticular, are characterized by an identical syngas circuit. The main
differences concern the heat recovery section from the SMR flue
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gas, as illustrated in Figs. 2—4. The SC plant is characterized by
the production of high-pressure steam (70 bar), which is super-
heated to 550°C and then expanded in a turbine. The steam nec-
essary to the reforming process (69% of the total produced) is
supplied by a bleeding at 27 bar." The remaining steam is ex-

IChange in ST load can affect steam extraction to SMR, but off-design analysis is
not an argument of the present paper.
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Fig. 2 Scheme of SMR in SC plant
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Fig. 3 Scheme of SMR in GT plant

panded to 0.04 bar, condensed and recycled back to the econo-
mizers fed by the syngas. The selected values for steam produc-
tion do not represent the most advanced conditions for steam
power plants (for example pressure could be increased and reheat-
ing could be introduced at 27 bar). On the other hand, these values
allow the hydrogen plant to operate at conditions very similar to
the reference plant. This makes the comparison between the two

plants more significant. Furthermore, the results obtained are very
close to the ones found by Consonni and Vigano [6] with a more
advanced steam cycle. In fact the steam turbine produces
28.5 MW, equivalent approximately to the 5% of the natural gas
input. Small variations in the heat recovery sections exist between
this plant and the REF case: in particular the positions of HES and
HE9 are inverted and steam production is reduced by 6%. These
modifications are due essentially to the different steam pressure
and to the reheating to 550°C of the process steam (see Fig. 2).

The GT configuration is characterized by a higher level of in-
tegration with the hydrogen facility than the SC; in fact, the hot
gas leaving the turbine is supplied to the furnace as an oxidizer,
thus decreasing the natural gas consumption in the SMR burners.
The last consideration is not so obvious, as the flue gas contains a
large amount of inert gas (oxygen is ~13 vol.%) and in some
cases this may lead to an increasing of the fuel supplied to the
burner. The gas turbine chosen in this work is a medium size
(42.3 MW) heavy duty gas turbine supplied by General Electric:
PG6591C [13]. This gas turbine is widely used in industrial co-
generation and process industries and is suitable for integration
with SMR because of the good electrical efficiency (36%) and the
high temperature of exhaust gas (574°C). The exhaust flow
(117 kg/s) allows the furnace to work with the same oxygen ex-
cess as the reference case (3-5%). As previously said, the oxygen
content is lower in the GT configuration; therefore, the furnace
results bigger than in the reference case. However, from a ther-
modynamic point of view, this choice is more appropriate since
the amount of the natural gas burned in the SMR is minimized in
both the configurations. The heat recovery convective section is
identical to the REF case, except for the air preheater, which is not
necessary here. This causes an increase in the stack temperature
(116°C instead of 84°C of the REF case), even if SMR fuel and

fuel
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Fig. 4 Scheme of SMR in CC plant
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Fig. 5 Simplified scheme of the main streams and blocks and
gas composition for plants with CO, capture

feed preheating has been raised to 127°C.

The CC plant is provided with the same gas turbine as the GT
cycle, but the heat recovery section is different from the previous
configuration: the steam is produced at 110 bar and, after the su-
perheating and expansion to 27 bar, is reheated to 550°C and
expanded a second time. Between HES and HE7, low-pressure
(3 bar) steam is produced and superheated and then mixed with
the steam leaving the medium pressure turbine. Therefore, the
cycle can be regarded as a three pressure steam cycle, with levels
at 110 bar, 27 bar, and 3 bar. Of course the bottoming section of
the combined cycle takes advantage by the integration with the
reformer, which realizes the supplementary firing of the turbine
exhaust gas. A lot of heat is recovered for the gas preheating and
the production of process steam, but the power produced by the
steam cycle is much larger than in a traditional combined cycle
(51.7 MW, even higher than the gas turbine power).

Plants With CO, Capture. CO, is captured by chemical ab-
sorption process based on amine solution. This is the preferable
choice when CO, partial pressure is relatively low, as in the case
of tubular reforming-based hydrogen plants. The gas is treated
after cooling and condensation before entering the PSA unit (see
Fig. 5). It has been assumed that 99% of CO, is removed in the
absorber, and the heat required for solvent regeneration is
1 MJ/kg CO, captured [6]. This heat duty is supplied condensing
a fraction of the steam produced in the boiler (REF and GT) or a
bleeding from the turbine (SC and CC). The percentage of CO,
captured in the absorber, has been kept constant at 99%, and yet
for each plant, different levels of carbon removal have been in-
vestigated. This is due to the nature of the supplementary fuel
burned in the SMR furnace and in gas turbine, which is either
additional NG or a fraction of the produced H,. In fact, CO, is
removed from syngas but not from the furnace exhaust gas, since
the low CO, concentration and low pressure make carbon capture
from flue gas more expensive in terms of money and energy.
Thus, burning hydrogen instead of NG in the furnace means a
higher level of carbon removal. The analysis has been focused on
two possible schemes for the REF and SC plant and on three
configurations for GT and CC plant. Table 2 shows the acronyms
used for plants with carbon capture and the kind of fuel burned.

It is worth noting that in all the plants the H, supplied to the gas
turbine and to the reformer is not pure, but rather it is the gas
leaving the absorber, which contains a hydrogen content of 94.5%
(see Fig. 5). This device allows the PSA unit to treat a lower
amount of gas with the same CO, emission at SMR stack. The
burning of this hydrogen implies, however, the decrease of the
plant capacity, as the same NG feed input has been assumed for all
the configurations.

In the REF plant, the two schemes for carbon capture are char-
acterized by the same excess of air (1.03-1.05 stoichiometric) in
SMR furnace as the plant with CO, vent. This reduces the mass
flow of the reformer flue gas, since in the configuration without
capture SMR fuel contains 52% of CO,, which is inert and re-
quires more fuel (and more air) in the furnace. The decrease in
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Table 2 Additional fuel used in SMR in plants with CO,
capture

SMR
additional GT
fuel fuel
REF-HC H, -
REF-LC NG -
SC-HC H, -
SC-LC NG -
GT-LC NG NG
GT-IC H, NG
GT-HC H, H,
CC-LC NG NG
CC-IC H, NG
CC-HC H, H,

airflow reduces the heat available from furnace hot gas; hence,
some changes have to be made to the convective section of the
reformer:

e The economizer HE7 is not present

e HES and HE9 positions are exchanged

e HES and HE6 positions are exchanged

e HES5 heats the air to a lower T (124°C for HC, 160°C for
LC)

e HESG heats the fuel and the feed gas to 280°C

e Export steam is not superheated

The production of steam is reduced by 8% with respect to the
reference case. A large amount (21%) of the saturated steam pro-
duced in the drum is sent to the CO, plant for solvent regenera-
tion, 72% is used for reforming, and only 7% (3.5 kg/s is
exported).

In SC plants with CO, capture, a different methodology has
been adopted for determining the mass flow of the combustion air
for the furnace. Because of the absence of CO, in the off-gas, in
fact, if the same excess air as the standard plant is used, there is no
steam available for power production and there is not enough
steam for solvent regeneration in the CO, stripper. Therefore, the
air mass flow has been fixed so that the power produced matches
approximately the power required by the auxiliaries and CO, and
H, compressors. The resulting air mass flow is 93.8 kg/s, 20%
higher than the standard SC plant. The heat recovery from re-
former flue gas is identical to the standard SC plant, except for
HE10, not present in the SC-HC and SC-LC.

In GT plants, the amount of oxygen in the combustion process
is fixed by the turbine exhaust gas composition (0,=13 vol%)
and mass flow (117 kg/s). Therefore, GT, GT-IC, and GT-LC are
characterized by the same O, input in the furnace but different
excess of air, since off-gas composition and additional fuel are
different. In particular, the oxygen amount is, respectively, 1.04,
1.22, and 1.16 for GT, GT-IC, and GT-LC. The GT-HC configu-
ration is somewhat different with respect to the other ones. In fact,
the combustion of hydrogen in the gas turbine would cause an
unacceptable level of NO, emission, since lean premix combus-
tion with hydrogen cannot be realized at the moment [14]. Hence,
steam injection has been considered for NO, reduction. Actually,
the authors have no knowledge on the possibility of syngas fuel-
ing or steam injection for NO, reduction in the gas turbine em-
ployed (PG6591C), which is usually equipped with DLN combus-
tors. However, in modern IGCC plants, NO, emission control is
always realized through steam/nitrogen injection or fuel satura-
tion, also in gas turbine usually equipped with dry low NO,
(DLN) combustors. Furthermore, the aim of the present paper is to
investigate the possibility of exporting power and steam; thus,
steam injection and the consequent power increase has to be con-
sidered for thermodynamic and economic considerations. The
steam necessary for NO, reduction has been determined in order
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to limit to 2300 K the stoichiometric flame temperature [14]. The
mass flow of the required steam is equal to 4.8 times the fuel flow.
The performance of the gas turbine has been determined by as-
suming the following conditions:

* TIT reduction of 40°C compared to the NG operation [14]
* IGV operating (same pressure ratio and reduced mass flow)
to avoid compressor stall

The power produced by the gas turbine in this configuration is
48.4 MW versus 42.3 MW in the NG operation; the efficiency is
39.3% (versus 36.2%), while the TOT is 568°C (versus 574°C).
Despite the TIT decrease, power production increases by 14%;
this cannot be explained only by the steam injection (steam mass
flow is just 6.4% of the total air inlet). Another decisive factor is
the combustion of hydrogen, which produces a gas richer in steam
and is thus characterized by a larger enthalpy drop across the
turbine [14].

In all the GT plants with carbon capture, the heat recovery
section is identical to the plant with CO, vent. The CC configu-
rations are based on the same assumptions made for GT.

H, output{ MW/ ;4] + Net electric power outputf MW] + Steam Export{ MW ]

2 Discussion of Results

In the REF plant, the production of hydrogen is 3.6 kg/s
equivalent to 435 MW, yy. The natural gas consumption is
10.45 kg/s for SMR feeding and 1.45 for fuelling the furnace.
The equivalent thermal input is thus 579 MW yy. The electric
power consumed by the auxiliaries is 6.9 MW (~90% of which is
spent in H, compressor). There are 17.4 kg/s of steam exported at
27 bar and 550°C; considering the enthalpy necessary to steam
production and superheating, this flow corresponds to
61.0 MWy.

In order to evaluate the performance of the plant, some param-
eters are explained in the following:

_ H, output MWy 4]

/¢

The fuel efficiency 7y is the ratio between the hydrogen produced
by the plant and the natural gas thermal input. The conversion
efficiency 7 is the fraction of natural gas supplied to the re-
former, which is actually converted to H,; in fact, in certain con-
figurations (i.e., GT and CC) the gas turbine can be fed either with
additional natural gas or with some of the H, produced. Therefore,
this parameter takes into account only the gas input and output
relative to the hydrogen production, with no reference to the fuel
supplied to the gas turbine. In the REF plant, as well as in SC, 7y
and 7. are identical.

The electric efficiency 7 is the fraction of natural gas thermal
input converted to power; this ratio could be negative as the nu-
merator represents the net electric power (the power produced
minus the power required by the auxiliaries). The third parameter
1 1s the global efficiency, which is the sum of three different
forms of energy. Thus, the value of 7; could be misleading, but is
often used in technical literature and manufacturers’ brochures. In
the reference hydrogen plant, the net power output is negative,
and it could be more appropriate considering the power for aux-
iliaries among the energy inputs. However in this paper, the pa-
rameters addressed before have been used for a more significant
comparison to the plants cogenerating power. For REF, 4 and 75
are respectively equal to 75.2% and 84.5%. These values are simi-
lar to the ones found in technical literature (see Table 3). Both
REF-LC and REF-HC have a higher conversion efficiency than
REF; 7y increases, respectively, to 76.6% and 78.9% for HC and
LC. This result has also been obtained by other authors [6,7],
though the assumptions made here are somewhat different (for
example, in [6] S/C is 3.07 in the plant with CO, capture and
SMR temperature is 850°C). In the present paper, the increase in
7y s essentially the consequence of the lower additional fuel flow
required in the furnace. As explained before, in fact, the combus-
tion of the off-gas with a lower CO, content requires less fuel and
less air flow.

The results concerning main thermal and mass input/output for
all the studied configurations are illustrated in Table 4. It is worth
noting that the conversion efficiency is always higher in LC con-
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NG input[MWLHv]

= 3
"7 NG input MW, yv] ®)
_ H2 Output[MWLHV] + H2 to GT[MWLH\/] (4)
e= NG input[MWLH\/] - CH4 to GT[MWLH\/]
_ Net electric power output [MW] 5)
e = NG inpu{ MW, v]
(6)

figurations than IC or HC. This means that using NG as additional
fuel in SMR furnace instead of hydrogen results in an increase of
the H, production efficiency. The reason has to be found in the
particular layout of the plant, which is provided with two waste
heat boilers downstream, the SMR and the HTS. This choice is
typical of syngas processing plants, where hot syngas cooling is
usually coupled with steam production in order to avoid high-
temperature gas-gas heat exchangers. Therefore, a great part of the
thermal input of the NG entering SMR is consumed for steam
production, whereas only a small fraction of the heat recovered
from the furnace flue gas is used for steam production. Thus,
using NG for feeding the furnace means that H, production is
increased at the expense of a reduced steam generation.

3 Economic Analysis

Two methods have been used for evaluating the economic as-
pects of the systems investigated: (i) the cost of the hydrogen

Table 3 Comparison of the plant performance to values from
literature

Steam
export-H,
7y mass ratio  7g

o,
capture (%)

REF (this study) 75.2 4.8 84.5 0
REF-LC (this study) 78.9 1.0 71.7 73.2
SC-LC (this study) 76.4 0 76.1 70.9
Uhde [9] 27 17 NA 0
Lurgi [3] 716 7 NA 0
Consonni Vigano [6]" 75.7 0 78.9 0
Consonni Vigano (CO, capture) 78.0 0 78.0 73.6

Klett et al. [7] 75.9 5.7 NA 0

Klett et al. (CO, capture) 825 0 NA 71.0
Spath Mann [11] 75.2 NA NA 0
Patel et al. [15] from [10] 779 NA 852  NA

“The values from [6] are referred to a H, plant, cogenerating power through a steam
cycle; thus, 7 includes the contribute of electricity rather than steam export and
should be compared to SC-LC.
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Table 4 Performance of the investigated plants

REF  REF SC SC GT GT GT cC CcC CcC

REF HC LC SC HC LC GT IC LC HC CcC IC LC HC
NG input-SMR feed (MW, ) 4942 4942 4942 4942 4942 4942 4942 4942 4942 4942 4942 4942 4942 4942

NG input-SMR fuel (MW, 1) 84.7 - 576  84.7 - 753 73.6 - 51.3 - 75.3 - 52.1 -

NG input-GT fuel (MW, y) - - - - - - 116.7 116.7 116.7 - 116.7 116.7 116.7 -
H, produced (MW, ;) 435.1 3785 4351 4351 358.6 4351 4351 3835 4351 2555 4349 3824 435.1 2543
GT power (MW) - - - - - - 423 423 423 484 423 423 423 484
ST power (MW) - - - 28.5 15.3 15.0 - - - - 51.7 325 323 286
H2 compressor (MW) 6.1 5.3 6.1 6.1 5.0 6.1 6.1 5.4 6.1 3.6 6.1 5.4 6.1 3.6
CO, compressor (MW) 0.0 8.9 8.9 0.0 8.9 8.9 0.0 8.9 8.9 8.9 0.0 8.9 8.9 8.9
Auxiliaries* (MW) 0.8 1.2 1.2 1.4 1.7 1.7 0.5 1.0 1.0 1.0 1.8 1.9 1.9 1.9
Net power (MW) 69 -154 -162 210 _o3 —-17 356 27.1 263 350 861 586 577 627

Steam export (t/hr) 62.7 12.6 12.6 - - - 1159 652 646 545 - - - -
CO, emitted (kg/s) 323 5.0 82 323 5.0 9.2 381 11.5 14.3 50 382 11.5 14.4 5.0
CO, captured (kg/s) - 22.6 22.6 - 22.6 226 - 226 226 226 - 226 226 226
CO, captured (%) - 81.8 73.2 - 81.7 709 - 66.3 612 818 - 66.3  6l1.1 81.8
7c (%) 75.2 76.6 789 752 726 764 766 776 798 766 764 774 79.6 76.7
7 (%) 75.2 76.6 789 752 726 764 63.6 628 657 517 634 626 656 515
75 (%) 12 =31 29 36 01 -03 5.2 4.4 4.0 7.1 12.5 9.6 8.7 12.7
76 (%) 84.5 754 777 788 725 761 853 776 792 695 759 722 743 641

“Power consumption for auxiliaries includes: feed-water pump, cooling water pump (assumed equal to 1% of the heat removed from condensers, compressor intercoolers [16]),

amine solution pump, furnace air fan.

produced by a particular configuration has been calculated and (ii)
the payback period of the additional investment for the power
section has been determined. The cost of hydrogen is calculated as

AC /
CoH[$/GI] = —{$—y]
Houv L GJly

where H,; vy is the amount of hydrogen produced per year and
AC is the total annual cost, given by

AC =TCI, + Cogn + Cng + CoE — Cer (8)

where TCI, is the annual rate of the investment cost, Cpg 1S the
cost of operating and maintenance, Cng is the cost of the natural
gas, CoE is the cost of electric energy, and Cgr is the income for
steam export.

The capital costs have been taken from literature and upscaled
according to the power-law formula

o \f
-2
So

™)

)

where s is the size of the equipment, C and s, are the cost and the
size of the reference equipment, f is the scale factor, and IF is the
installation factor, which includes the cost for installation, BOP,

general facilities, engineering, overhead, and contingencies. The
values used for these parameters are shown in Table 5. Since the
cost of the single component is highly variable from one author to
another, the resulting total capital cost for the reference plant is
compared to other values available in literature in Table 6. It is
worth noting that Table 6 reports the investment cost for the plant
without the hydrogen compressor because this value is more fre-
quently used in the literature. The values found have been scaled
to the size investigated in this paper with a scale factor equal to
0.67. In certain cases, however, a linear dependence between the
size and the cost has been assumed, as suggested by some authors
[22]. Table 6 clearly shows that there is also uncertainty concern-
ing the capital cost of the whole hydrogen plant, though the ma-
jority is close to the mean value ($140M). The cost predicted in
the present study seems to be reasonable and in line with the ones
obtained in the other works. Another aspect pointed out by Table
6 is that there is a strong economy of scale for the hydrogen plant,
thus the assumption of a scale factor equal to 0.67 is correct.
The annual rate of the TCI has been determined, by fixing the
interest rate at 10%, the deflation rate at 2.5% and the plant life-
time at 15 years. The resulting annual capital charge rate is 15%.
Cogm has been set to 4% of the TCI, the plant utilization factor is

Table 5 Parameters used for capital cost estimation

Component Cy (10° US $,005)* So Scaling parameter f IF
SMR" 3.862 890.82 CH, input (MW, ;1y) 0.6° 2.3¢
ASMR (HEs)* 9.951 110.57 MWy 1 1.0
Shift_c 11.275 8.819 Mmol/hr CO+H, 0.85 1.8
PSAS 7.455 0.294 kmol/s purge 0.74 1.0
H, compressor’ 0.00269 - $/kWe 1 1.0
CO, capture” 13.9 44.58 kg/s CO, 0.67 1.86
C02 Compressionf 14.8 13000 kW 0.67 1.0
Gas turbine 30.6 67 MWy 0.67 1.0
ST and condenser’ 59.2 136 MWg 0.67 1.0

Construction Interest

12% of the plant cost

A deflation of 2.5% has been applied to the reference capital cost.

®Lozza and Chiesa [17].
“Hamelinck and Faaij [18].
4De Lorenzo et al. [19].
“Williams et al. [20] in [18].
Kreutz et al. [21].
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Table 6 Comparison of the H, plant TCI with values from the
literature

Cost scaled

Capital to present

Source Size Cost SO f size

tpd 1008 $/GJ 10° $
Sjardin [22] 24.4 13.84 1295 1 145.52
Roy [23] 48.0 41.00 19.50 0.67 144.08
Molburg, Doctor [24] 120.5 82.00 15.54 0.67 155.53
Leiby [25] in [28] 121.0 77.81 1474 0.67 147.57
Leiby [25] in [28] 192.5 106.31 12.61 0.67 147.33
Bredesen [26] in [27] 205.1 91.80 10.22 0.67 121.94
This Study 302.4 121.05 9.14 - 120.07
Klett [6] 417.8 131.00 7.16 0.67 108.01
Foster-Wheeler [29] 607.1 26591 10.00 0.67 170.69
Simbeck [30] 1500.0 365.00 556 0.67 127.81
Blok et al. [31] 2284.5 1082.65 10.82 1 148.46

90%, corresponding to 7884 operating hours. Because of the high
variability of natural gas and electricity costs, it is not easy to
choose an appropriate value for them. In particular NG cost,
which deeply affects the final cost of hydrogen, has increased
rapidly in the two last years, substantially following the trend of
oil prices. Therefore, a sensitivity analysis has been performed,
varying NG cost and other parameters, as described in the follow-
ing section.

The reference values of NG and electricity cost have been fixed
respectively at $4.7/GJ and 0.05 $/kWh, which are common for
large users in the European market [32]. Steam cost has been set
10% higher than NG, i.e., equal to 5.17/GJ 2 This assumption can
be regarded as the trade-off between two opposite considerations:

e In thermal plant producing mainly steam, its cost derives

’In the REF plant and in all GT cycles, steam is exported at 27 bar and 550°C;
thus, its enthalpy content is 3.5 GJ/t. In REF, HC and LC saturated steam at 27 bar
is produced, equivalent to 2.7 GJ/t.

from a lot of different items, among which the fuel cost is
predominant. The final cost can be approximated to 1.3
times the cost of fuel [33].

e In a hydrogen plant, steam is a by-product, generated essen-
tially by the syngas cooling. Therefore, it could be conve-
nient to sell steam even at a cost lower than the NG theo-
retically necessary to its production. It is worth noting also
that the quantity of steam produced is very high; thus, it
could be difficult to find buyers unless a very competitive
price is applied. For this reason, a sensitivity analysis has
been carried out also in relation to steam cost.

The results obtained with these assumptions are shown in Table
7. The H, cost ($7.89/GJ) in the REF plant is relatively high if
compared to other values available in literature. However, it must
be considered that NG cost is usually set at $3/GJ, which is
significantly lower than the actual prices in the European market.
In our model, the hydrogen cost decreases to $5.9/GJ for a NG
cost of $3/GJ and grows to 9.4 for NG cost of $6/GJ. These
results are close to the ones obtained by Padré and Putsche [28],
who found a cost of H,, respectively, equal to 6.3 and 10.6 for a
plant of an equivalent size.

It is worth noting that cogenerating power decreases the hydro-
gen cost in all the configurations except for the steam plant. How-
ever, small differences between the various configurations are ob-
served. In terms of payback period, only the GT plant seems to be
convenient, with a PB of approximately four years. This is due to
the high cost assumed for steam, which has a strong influence on
PB period as shown later.

Sensitivity Analysis. The influence of NG cost is shown in Fig.
6 for an electricity cost of $0.05/kWh and $0.06/kWh. The de-
crease of the hydrogen cost in SC, GT, and CC configurations is,
respectively, equal to $0.14/GJ, $0.23/GJ, and $0.56/GJ, if CoE
is raised to $0.06/kWh; whereas in the REF case, H, cost in-
creases by $0.04/GJ. Obviously, the lines representing a particular
configuration have the same slope, with the lower line correspond-
ing to the lower CoE. Figure 6 also allows one to determine the
NG cost for which a plant typology maybe convenient: for ex-

Table 7 Capital and annual cost of the investigated plants. The AC is relative to the base case (CoE=$0.05/kWh, NG cost

=$4.7/GJ)

REF  REF SC SC GT GT GT cc cc cc

REF HC LC sc HC LC GT IC LC HC ccC IC LC HC

SMR, WHB, HEs 547 516 519 547 541 540 578 557 556 565 582 561 561 569
Shift reactors, HEs 357 357 357 357 357 357 357 357 357 357 357 357 357 357
PSA unit 16.9 8.0 88 169 7.7 88 169 8.1 8.1 60 169 8.0 8.8 6.0
H, compressor 164 143 164 164 136 164 164 145 164 97 164 145 164 9.6
ST and condenser - - - 20.8 13.7 13.5 - - - - 31.0 22.7 22.6 20.8
GT - - - - - - 225 225 225 225 225 225 225 225
CO, capture - 164 164 - 164 164 - 164 164 164 - 164 164 164
CO, compressor - 115 115 - 115 115 - 115 115 115 - 115 115 115
Construction interests 148 165 169 173 183 188 179 197 199 190 217 225 228 215
Total Capital (million $)  138.5 1539 157.6 161.8 1709 1751 1672 1839 1860 177.1 2023 209.8 2127 200.8
TCI, (million $/y) 209 232 238 244 258 264 252 277 280 267 305 316 321 303
Cogn (million $/y) 55 6.2 6.3 6.5 6.8 7.0 6.7 7.4 7.4 7.1 8.1 8.4 8.5 8.0
Cyg (million $/y) 772 659 736 772 659 760 908 809 878 659 91.0 809 879 659
CoE (million $/y) 2.7 6.1 64  _83 0.1 07 -141 -107 -104 -13.8 =339 -23.1 -227 -247
Cgr (million $/y) -90 -14 -14 0.0 0.0 00 -166 -93 -92 -7.8 0.0 0.0 0.0 0.0
AC (million $/y) 97.4 999 1086 998 986 1100 920 960 1036 781 956 978 1057 795
H, cost ($/GJ ) 789 930 880 808 969 891 745 882 839 1078 774 901 856 11.02
CCC ($/t COnerpy) - 2375 1755 2556 1597 2331 18.13 37.63 21.53 1574 36.90
H, cost ($/GJ gy) —Ctax 937 957 918 957 997 933 920 942 905 1117 950 9.61 922 1141
=20 $/t
H, cost ($/GJ y)-Ctax ~ 10.86 984 956 1105 1025 976 1096 1002 971 1156 1126 1021  9.88 11.80
=40 $/t
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Fig. 6 CoH in function of NG cost for a CoE of $0.05/kWh
(solid lines) and $0.06/kWh (dotted lines)

ample, if CoE=$0.05/kWh, the CC plant produces hydrogen at
the lowest cost only for NG cost lower than $3.9/GJ. For higher
NG cost, the GT becomes the most convenient. The breakeven
point between these two technologies shifts to a NG cost of $5/GJ
if CoE is $0.06/kWh.

However, the results of Fig. 6 are significantly affected by the
cost of steam, which is assumed 10% higher than NG cost (as in
the base case). This explains why GT and CC lines have different
slopes even if NG consumption is the same. The influence of
steam cost is shown on Fig. 7. The results are expressed in func-
tion of the cost ratio between steam and NG. The analysis has
been performed with three different values of NG cost: $4.7/GJ,
$5.64/GJ, and $6.58/G]J, represented respectively by solid, dotted
and gray lines. In this case, electricity cost is not fixed, but rather
proportional to NG cost, i.e., equal to $0.05/kWh, $0.06/kWh,
and $0.07/kWh.

From Fig. 7, the following consideration can be made:

* Obviously, SC and CC are not affected by steam-NG cost
ratio, as in these configurations steam is not exported.

e The assumption of an electricity cost proportional to NG
cost clearly modifies the results with respect to Fig. 6. In

fact, although in Fig. 6 the line representing the CC plant
has the highest slope, in this case if NG cost is raised by
20%, the increase of CoH in CC configuration is the lowest
($0.92/GJ versus $1.12/GJ of SC, $1.24/GJ of GT and
$1.29/GJ of REF).

e The CC is the configuration producing hydrogen at the low-
est cost. GT can be convenient for steam-NG cost ratio
higher than 0.9. Note that CC plant becomes even more
convenient than the other configurations when increasing
NG cost.

As previously said, the steam cost influences significantly the PB
of the plant, since in the REF plant a high amount of steam is
exported and the PB is relative to the added investment cost for
power generation. For a high cost of steam (represented by solid
lines in Fig. 8), only GT plant can achieve PB shorter than five
years, unless the cost of electricity is raised to 0.06 (Fig. 8(b)),
which makes competitive also the PB of CC. If the steam cost is
decreased (see, for example, dotted lines representing a steam/NG
cost ratio of 0.5) the PB of CC and SC is reduced and is lower
than five years in a wide range. On the contrary, the PB of GT
plant grows significantly.

In Fig. 9, the PB period has been determined with the assump-
tion of a CoE proportional to NG cost. Differently from Fig. 8, in
this case PB is reduced by a NG cost increase. This analysis is
probably better representative of how the NG cost will influence
the PB in the future. In fact, it is expectable that CoE will follow
the trend of NG (and, in general, of oil price). Therefore, while
Fig. 8 is useful to determine PB when CoE is given, Fig. 9 clearly
demonstrates that in future the probable increasing of NG cost
will favor the installation of a cogeneration plant.

Influence of Plant Capacity. Subsequently, an analysis has
been carried out to investigate how the plant size affects the cost
of hydrogen in the range 20—1300 MW/ vy equivalent hydrogen
output. Essentially, only the capital cost has been varied with the
capacity, according to (9) with a scale factor of 0.67. The hydro-
gen plant efficiency has been set constant, whereas the efficiency
of the gas turbine has been varied in the range of 0.34-0.38,
corresponding to a turbine power output varying between 2.1 MW
and 127 MW. The results are illustrated in Figs. 10 and 11. For a
high steam cost (Fig. 10), the CoH in the REF plant remains the
lowest for plant capacity smaller than 600,000 Sm?/d
(~75 MWy v H,); for a bigger capacity GT plant becomes the
most convenient: this would require a gas turbine of at least
7.5 MW. CC configuration produces hydrogen at a lower cost
than REF for a capacity higher than 2.1 X 10° Sm?/d, equivalent

——REF

—e—GT

—a—S5C

—A—CC

CoH ($/GJ)

0.0 0.2 0.4

0.6 08 1.0 1.2

Steam cost / NG cost ($/GJ)

Fig. 7 CoH in function of cost ratio between steam and NG. Solid lines:
NG=%$4.7/GJ; CoE=%$0.05/kWh and dotted lines: NG=$5.64/GJ; CoE
=$0.06/kWh. Gray lines: NG=$6.58/GJ; CoE=$0.07/kWh.
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to the installation of a 26 MWg gas turbine (57 MWy combined
cycle). For a steam-NG cost ratio equal to 0.5 (see Fig. 11), the
lowest CoH is obtained in REF plant for a capacity smaller than
1.1 10° Sm3/d (~140 MW/ ;;y H,) and in CC for bigger plants,
thus requiring at least 30 MWg produced in combined cycle. In
this case, SC is also competitive, showing a lower CoH than REF
for a capacity higher than 1.1 X 10® Sm3/d.

The PB period relative to the investment cost for the power
section is shown in Fig. 12 for two values of CoE and steam cost.
The PB analysis is very significant, since the simple CoH is not

12 S
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7 8
3
> 7
o
a 6
5
4
3
2 T T
35 4 45 5 55 6
NG cost ($/GJ)

Fig. 9 PB period relative to the investment for power plant in
function of NG cost: CoE=0.05/4.7XNGcost ($/kWh);
Steam-NG cost ratio is 1.1 (solid lines), 0.8 (dashed lines), and
0.5 (dotted lines)

Journal of Engineering for Gas Turbines and Power

12

1

10

CoH ($/GJ)
©

0o 1 2 3 4 5 6 7 8 9 10 N
Plant Capacity {10° Nm%/d H,)

Fig. 10 Influence of plant capacity on CoH for NG cost
=$4.7/GJ, CoE=$0.05/kWh, steam/NG cost=1.1

sufficient to evaluate the convenience of an investment. For ex-
ample, if a PB of five years is considered acceptable, for a CoE of
$0.05/kWh (Fig. 12(a)) and steam/NG=1.1 in GT plants, this
result is obtained by a plant size of approximately 2.1
X 10% Sm3/d (corresponding to a gas turbine of 25 MWg). This
capacity is approximately equal to 3.5 times the capacity for
which the CoH is lower in GT. If the CoE is raised to $0.06/kWh,
a PB of five years is obtained for a plant size of approximately
1.4 X 10° Sm?/d (17 MWg). CC configuration can achieve a PB
of five years only for the higher CoE with a plant capacity of 3
X 10% Sm3/d. If steam is sold at a cost equal to 0.5 times the cost
of NG, the results are quite different: SC and CC show shorter PB
than GT and for CoE equal to $0.05/kWh they achieve a PB of
five years both for a capacity of 4.7 X 10° Sm?/d (equivalent to a
CC of 128 MW and SC of 38 MW), which is reduced to 1.7 (CC)
and 1.9 (SC) by a CoE of $0.06/kWh (equivalent to a CC of
46 MW and SC of 16 MW).

Cost of CO, Capture. The main difference in the capital cost
between the standard plants and the plants with carbon capture is
the cost of the equipment for CO, removal and compression.
Table 7 shows that in the plants with capture the cost for PSA
system decreases (it is approximately one-half of the standard
plant), as the scaling parameter used for calculation is the mole
flow of the off-gas, which is significantly reduced by CO, absorp-
tion. In the REF plant, TCI is higher, respectively, by 11% and
14% than REF-HC and REF-LC. This result is in line with Klett et
al. [7], which found an increase of 9% in the TCI. It is worth
noting also that other parameters affect the final TCIL, such as the

CoH ($/GJ)
©

o 1 2 3 4 5 8 7 8 9 10 N
Plant Capacity (10° Nm®/d H,)

Fig. 11 Influence of plant capacity on CoH for NG cost
=%$4.7/GJ, CoE=$0.05/kWh, steam/NG cost=0.5
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cost of H, compression, which is proportional to the amount of
hydrogen produced. The cost of CO, capture has been determined
as

CoHapr — CoH [$/GJ

(COZCAPT) 1/GJ

HZLHV

where the subscript CAPT indicates the plant with carbon capture.
Thus CCC is expressed as the ratio between the increase in the
hydrogen cost due to the carbon capture and the amount of carbon
dioxide captured per GJ of hydrogen produced. The results (Table
7) are particularly interesting because they show that the cost for
carbon capture is very much different in relation to the configu-
ration employed. It is evident that in all the cases the lowest
hydrogen cost is obtained in the LC configuration. This is substan-
tially due to the best conversion efficiency, which characterizes
this kind of technology. Figure 13 shows how the NG cost affects
the hydrogen cost in the REF plant if two different carbon taxes
are applied. For a carbon tax of $20/t CO, emitted, the REF plant
produces hydrogen at a cost substantially higher than LC, but
lower than HC. This is in agreement with the results of Table 7, in
which the cost of carbon capture is 23.75 and 17.55, respectively
for HC and LC: a carbon tax of $20/t CO, makes attractive only
the second option. However, it is worth noting that for high values
of NG cost (~$6.2/GJ), CoH is lower in REF than in LC. This is
due to the steam and electricity cost, both assumed proportional to
NG cost. In particular, the high steam-NG cost ratio (equal to 1.1)
favors the REF plant, which exports much more steam than con-
figurations with capture.

If carbon tax is raised to $40/t CO, the cost of the H, in REF
is 6-15% higher than in HC and 9-18% than in LC. This clearly
shows the convenience of carbon capture in the plants producing
only hydrogen in presence of a carbon tax. The increase in TCI

CCC[$/t]= (10)

348 / Vol. 129, APRIL 2007

(+$15.4%10% in HC and +$19.1 X 10° in LC compared to stan-
dard plant) is substantially recovered in a brief period if a carbon
tax of $25/CO, is applied, as the AC decreases by $16.8x 10°
and $5.8 X 10°, respectively, for HC and LC (PB is 1 y for HC
and 4.5 y for LC).

Cogeneration plants show similar results: the dependence of
hydrogen cost on carbon tax is shown in Fig. 14. It is worth noting
that LC configurations have the lowest cost in a wide range (for
carbon tax higher than $15/t and lower than $90/t). On the con-
trary, in GT-HC and CC-HC the CCC is the highest; thus, hydro-
gen price in these configurations is lower than in the relative stan-
dard plant only for carbon tax higher than ~$50/t.

In plants with CO, capture, the PB period can be considered as
the PB relative to the investment increase for CO, capture. Figure
15 shows the trend of PB in LC configurations in function of the
carbon tax. For a Ctax equal to $25/t, all the plants have a PB

12

1

CoH ($/GJ)
3

9
LES : , , ,
35 4 45 5 55 6 8.5
NG cost ($/GJ)
Fig. 13 Influence of NG cost on CoH in the REF plant, for a

carbon tax of $20/tCO, (solid lines) and $40/tCO, (dotted lines)
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lower than five years; the PB decreases to less than two years for
a Ctax of $35/t. For the analysis of the PB period in IC and HC
plants, a different approach has been followed. The results illus-
trated in Table 7, in fact, have been obtained with the same NG
input to the reformer, in order to investigate plants characterized
by equipment of the same size. This causes a lower H, production
in HC and IC configurations, while the analysis of PB period
should be related to plants of the same capacity. To this aim, HC
and IC plants have been scaled to the same H, production of the
standard and LC case (equivalent to 435 MW, ). Table 8 shows
the main results, which substantially are close to the ones obtained
with the previous approach. Of course, the main differences con-

Journal of Engineering for Gas Turbines and Power

cern GT-HC and CC-HC, which require a 1.7 times larger size.
The trend of PB period for HC and IC as a function of the carbon
tax is depicted in Fig. 16.

Conclusion

In this paper, a technoeconomic analysis has been carried out to
investigate the possibility of cogenerating power and removing
CO, in hydrogen plants based on steam methane reforming. In the
reference plant, the resulting cost of hydrogen is $7.89/GJ, for a
natural gas cost equal to $4.7/GJ, a cost of electricity of
$0.05/kWh, and a steam cost of $5.17/GJ. For a combined cycle
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integrated plant, H, cost decreases to $7.74/GJ, while the cost in
gas turbine plant is $7.45/GJ. However, the cost of hydrogen in
GT plant is strongly affected by the cost of exported steam, which,
instead, does not influence CC and SC. These configurations can
be convenient both for a lower cost of steam or a higher cost of
electricity. A plant capacity of ~2.1X10° Sm3/d is required to
obtain a payback period relative to the investment for GT cycle
lower than five years. This corresponds to the installation of a gas
turbine of 25 MWfg. If the cost of steam is equal to 0.5 times the
cost of natural gas and electricity is sold at $0.06/kWh, the CC
and SC show the shortest PB, equal to five years, respectively, for
capacity of 1.7 (CC) and 1.9 X 10° Sm?/d (SC) (equivalent to a
CC of 46 MWy, and SC of 16 MWg).

Table 8 Results for HC and IC with a capacity of 435 MW,y

REF SC GT GT CcC CcC
HC HC IC HC IC HC

Scale factor 1.15 1.21 1.13 1.70 1.14 1.71

The best option for carbon capture is fueling the SMR furnace
and the gas turbine with natural gas, instead of hydrogen. This
reduces the percentage of carbon captured but increases the hy-
drogen production and the efficiency of the plant. In this case, the
cost of carbon capture has been estimated at $16-18/t CO,. A
carbon tax of $25/t is sufficient to reduce to acceptable values the
payback period relative to the investment for carbon capture.
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Nomenclature
AC = annual cost
BFW = boiler feed water
CC = combined cycle
CCC = cost of carbon capture
CoE = cost of electricity
CoH = cost of hydrogen
COMP = compressor
DLN = dry low NO,
GT = gas turbine cycle
HC = high level carbon capture
HE = heat exchanger
HRSG = heat recovery steam generator
HTS = high-temperature shift
IC = intermediate level carbon capture
IGCC = integrated gasification combined cycle
IR = interest rate
LC = low level carbon capture
LHV = lower heating value
LTS = low-temperature shift
NG = natural gas
NPV = net present value
O&M = operations and maintenance
p = pressure
PSA = pressure swing adsorption
REF = reference

SC = steam cycle
TCI (10° $) 169.0 1945 2002 253.1 2287 287.8 ST = steam turbine
AC (10° $1y) 1134 1172 107.3 123.8 1094 1254 SMR = steam methane reformer
CoH ($/GJ nv) 9.18 9.49 8.69 10.02 8.86 10.16 T = temperature
CCC ($/t COycppy) 217 224 211 291 189 272 TCI = total cost of investment
CoH ($/GJny) 945 977 929 1042 946 10.55 TIT = turbine inlet temperature (first rotor)
Ctax=20 $/t WHB = waste heat boiler
CoH ($/GJiuy) 9.71  10.05 9.89 10.81 10.06 10.94 WKO = water knock-out
Ctax=40 $/t WREM = water removal
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Combustion Oscillation
Monitoring Using Flame
lonization in a Turbulent
Premixed Combustor

To achieve very low NO, emission levels, lean-premixed gas turbine combustors have
been commercially implemented that operate near the fuel-lean flame extinction limit.
Near the lean limit, however, flashback, lean blow off, and combustion dynamics have
appeared as problems during operation. To help address these operational problems, a
combustion control and diagnostics sensor (CCADS) for gas turbine combustors is being
developed. CCADS uses the electrical properties of the flame to detect key events and
monitor critical operating parameters within the combustor. Previous development efforts
have shown the capability of CCADS to monitor flashback and equivalence ratio. Recent
work has focused on detecting and measuring combustion instabilities. A highly instru-
mented atmospheric combustor has been used to measure the pressure oscillations in the
combustor, the OH emission, and the flame ion field at the premix injector outlet and
along the walls of the combustor. This instrumentation allows examination of the down-
stream extent of the combustion field using both the OH emission and the corresponding
electron and ion distribution near the walls of the combustor. In most cases, the strongest
pressure oscillation dominates the frequency behavior of the OH emission and the flame
ion signals. Using this highly instrumented combustor, tests were run over a matrix of
equivalence ratios from 0.6 to 0.8, with an inlet reference velocity of 25 m/s (82 ft/s).
The acoustics of the fuel system for the combustor were tuned using an active-passive
technique with an adjustable quarter-wave resonator. Although several statistics were
investigated for correlation with the dynamic pressure in the combustor, the best corre-
lation was found with the standard deviation of the guard current. The data show a
monotonic relationship between the standard deviation of the guard current (the current
through the flame at the premix injector outlet) and the standard deviation of the chamber
pressure. Therefore, the relationship between the standard deviation of the guard current
and the standard deviation of the pressure is the most promising for monitoring the
dynamic pressure of the combustor using the flame ionization signal. This addition to the
capabilities of CCADS would allow for dynamic pressure monitoring on commercial gas
turbines without a pressure transducer. [DOI: 10.1115/1.2431390]
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Introduction CH+ O — CHO" — CHO" + ¢~ (1)

The U.S. Department of Energy (DOE) National Energy Tech-
nology Laboratory (NETL) conducts programs that support the
global interest for clean power generation, such as the Turbine
Program. In support of the goals of the Turbine Program, re-
searchers at NETL are developing sensor technology for combus-
tion monitoring and control. This sensor development is based on

Application of sufficient voltage allows complete collection of
the generated electrons. The number of electrons produced has
been found to be proportional to the number of hydrocarbons in
the sample, with modifications for specific functional groups, such
as —OH. An extensive review of past research in flame ionization
has been published by Fialkov [7].

using the flame’s electrical properties to perform real-time diag-
nostics and in situ monitoring of critical combustion parameters
[1,2]. This paper describes ongoing research on ion and electron
distribution in a lean premixed turbulent combustor, which sup-
ports this sensor development effort.

It is well known that a flame can conduct electrical current
[3-6] and that the measured current conducted through the flame
relates to the flame characteristics. The flame ionization detector
(FID) used in gas chromatography [4,5] uses the measured current
through the flame to measure very low concentrations of hydro-
carbons. The reaction most often cited for providing the FID re-
sponse results from the chemi-ionization of CHO" [4,5]:

Contributed by IGTI for publication in the JOURNAL OF ENGINEERING FOR GAS TUR-
BINES AND POWER. Manuscript received September 30, 2004; final manuscript received
August 30, 2006. Review conducted by Lee Langston. Paper presented at the ASME
Turbo Expo 2004: Land, Sea and Air (GT2004), June 14, 2004-June 17, 2004,
Vienna, Austria. Paper Number GT2004-53881.
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In most practical combustion systems, mass flow rates are or-
ders of magnitude higher than the flow rates in a FID. This makes
complete charge collection very difficult (i.e., requiring very high
electric field strength). However, a representative signal at various
conditions may be obtained at relatively low electric field
strengths.

To study the charged species distribution in premixed, turbulent
combustion, a special combustor (Fig. 1) has been built with elec-
trodes on the end of the premix injector center body and along the
combustion chamber walls. The measuring system applies a bias
to the electrodes and uses the electrons and ions in the combustion
field to complete the circuit to ground (the steel walls of the com-
bustor). The resulting current is measured from each electrode.
Although this experiment does not specifically select ions or elec-
trons as charge carriers, it is likely that electrons are the primary
charge carriers due to their considerably higher mobility [8].
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Spark Plugs During operation, the airflow has been varied between 9.6 and

S Kl 14.4 g/s (1000-1500 ft3/h at 60°F, 1 atm), with equivalence ra-
Vanes ' |lulu|uluslm tios from 0.6 to 0.8 using commercial natural gas as the fuel. A
Plug variable quarter-wave resonator has been attached to the fuel
Eusid di 6G)y Imeas manifold to allow for acoustic tuning of the fuel injection system.
Flow From < ba . Flame  This is discussed by Richards et al. [9]. In these tests, the acoustic
Premixer -T Vbias Wall  tuner has been applied to change the magnitude and frequency of
the combustion oscillations. A constant bias of +5 V has been
Clniedor || ||| = applied to all electrodes. The current flow from each electrode is

enterbody

read independently through a prototype system built at NETL.

Spark Plugs Each channel is scaled independently to optimize the signal level.

Fig. 1 Functional diagram of the experimental combustor. The
flame provides a slightly conductive path between the guard
electrode (G), the spark plugs, and walls of the combustor. A
voltage is applied to the guard electrode and the spark plugs;
the corresponding current is measured.

Apparatus

The test combustor, designated “Sparky,” has an inside diam-
eter of 78 mm (3.07 in.) and an overall length of 927 mm
(36.5 in.). Details of the inlet end of the combustor are shown in
Fig. 2. The guard electrode covers the last 2.5 cm (1 in.) of the
premix injector center body at the combustor inlet. It is electri-
cally isolated from the remainder of the injector by ceramic insu-
lators around its support legs. The spark plug electrodes are
spaced on 25.4 mm (1 in.) centers along the sides of the combus-
tor, starting at the inlet end wall. During operation, the spark plug
electrodes are horizontally oriented on the two sides (the top view
is shown in Fig. 2). Kistler pressure transducers are located at Pc,
Pnl, Pn2, and Pf to monitor the combustor pressure, two nozzle
pressures, and the fuel system pressure. Four uv-grade optical
fibers observe the OH emission through ports located on the top of
the combustor at OH1-OH4. In these tests the OH4 probe was
damaged. The light is carried through the fibers to photomultipli-
ers, which have UG11 filters to block visible wavelengths. The
inside diameter of the premixer is 26.6 mm (1.05 in.). A swirler is
located at the premixer entrance shortly before fuel injection. The
tip of the premixer center body has been flared to provide local
flow acceleration, to encourage the flame to anchor downstream of
the premixer exit.

3

S

ml

et |
|

Resonator

A3

Only 12 current channels were available during the experiments
discussed here; electrodes A1-A9, B1, B2, and the guard electrode
were monitored. The analog voltages were recorded on two TEAC
recorders at 6 kHz and 12 kHz. One channel on each recorder was
reserved for a synchronization signal, which was used to time
synchronize all the data upon processing into a digital file.

Experimental Results

Twenty individual signals were monitored at 6 kHz. Two
samples of the data are shown in Figs. 3 and 4. Both show data
from the combustor operating with a reference velocity (average
airflow velocity in premixer) of 25 m/s (82 ft/s) and equivalence
ratio of 0.7. The acoustic tuner has been adjusted to change the
magnitude and frequency of the oscillations between the two
cases. In the first case (Fig. 3), the primary frequency of oscilla-
tion is 193 Hz, with an rms dynamic pressure of 0.69 psi
(4.8 kPa), 4.7% of the operating pressure. In the second case (Fig.
4), the primary oscillation has shifted to a frequency of 164 Hz
with an rms dynamic pressure of 1.48 psi (10.2 kPa), 10.1% of
the operating pressure. For simplicity, these will be referred to as
the 193 Hz case and the 164 Hz case in the discussion. A simple
analysis of the combustor as a tube with one end closed, filled
with air at 1200 K, indicates first and third harmonic frequencies
of 193 Hz and 579 Hz.

The first column of Fig. 3 shows the current carried through
each electrode (in microamps) for a short segment of time. The
flow through the combustor follows the plots from the bottom to
the top, with the exception of electrodes B1 and B2, which are at
the same downstream locations as electrodes A1 and A2 but are
on the opposite side of the combustor. The second column of

AT A10

Fig. 2 Diagram of inlet end of the Sparky combustor (dimensions in inches). The spark plug
electrodes are labeled A1-A10 and B1-B10, and have a 25.4 mm (1 in.) spacing. The OH’ de-
tectors are labeled OH1-0H4, and are on a 50.8 mm (2 in.) spacing. The pressure transducers
are labeled Pc (combustor), Pn1 (nozzle 1 pressure), Pn2 (nozzle 2 pressure), and Pf (fuel inlet
pressure). The guard electrode is on the end of the premixer center body.
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Fig. 3 Sample data from operation at a reference velocity =25 m/s with ®=0.71. The fuel
system has been tuned for smaller pressure oscillations. The electrode signals in the left
column are in microamps; the OH emission signals are in arbitrary units (193 Hz case).

graphs shows the combustor chamber pressure (measured by Pc in
Fig. 2 and labeled psi in Figs. 3 and 4), the signals from the OH
point sensors OH1—-OH3, and the OH signal from a filtered PMT
looking into the combustor from the outlet (OH_tot). The OH
point signal graphs have been located adjacent to the correspond-
ing electrode graphs, based on their downstream location.

Discussion

Real-Time Data. The initial results must be seen in light of two
factors. First, the potential field for each spark plug is very local-
ized (Fig. 5). Second, the guard electrode potential field, although
further reaching, is also fairly localized. This indicates that the
flame position is critical to the measured current from either the
centerbody or the wall electrodes.

The electronically excited OH emission in the 193 Hz case,
shown in the second column of Fig. 3, indicates that the luminous
zone of the flame is concentrated in the first 100 mm (4 in.) of the
combustor, since the OH emission drops off considerably from the
OH2 probe to the OH3 probe. In comparison, the luminous zone
of the flame extends past 125 mm (5 in.) in the 164 Hz case,
based on the strength of the OH3 signal. Although a small drop in
equivalence ratio occurred between the two cases, which would
tend to stretch out the flame, the strong increase in pressure oscil-
lation magnitude and the reduction in frequency is more likely to
have produced this extension of the luminous flame zone. The
larger, slower oscillations are able to move the combustion zone
further upstream and downstream in the combustor, creating the
strong OH emission signal oscillations. The higher-frequency
(193 Hz) case does not move the combustion zone as much,
which leads to the reduced OH3 signal and the higher baseline
signal at OH1.

In contrast, the current signals from the wall electrodes are
stronger in the 193 Hz case than in the 164 Hz case. The 164 Hz

354 / Vol. 129, APRIL 2007

case does show more evidence of weak current fluctuations down-
stream, at electrodes A6 and A7, than the 193 Hz case, which
would agree with the longer flame suggested by the OH emission
signals. But at locations near the premix injector exit, A1-A2, the
current signals are distinctly stronger for the 193 Hz case. With
the localized nature of the potential fields, this seems to indicate
that the flow pattern within the combustor carries more electrons
near the Al and A2 electrodes in the 193 Hz case than in the
164 Hz case. In the 164 Hz case, the stronger guard electrode
oscillations indicate the movement of the electrons back toward
the tip of the injector center body, and possibly into the premixer.
This flashback behavior has been observed in previous combustor
testing in this facility [1]. Analysis of the system using computa-
tional fluid dynamics (CFD) with careful consideration of the fuel
system acoustics is expected to add further insight into these
results.

Careful examination of the time records for electrodes Al and
B1, and A2 and B2 in Fig. 3 also indicates the electron distribu-
tion is not spatially uniform across the combustor. This probably
indicates the flame is either precessing or flickering at the operat-
ing condition. Both time and spatial variation of the flame is ap-
parent on a video record taken from the exhaust end of the com-
bustor. A pattern to the flame movement, however, cannot be
discerned, possibly due to the low (30 Hz) frame rate.

Finally, both the 193 Hz and 164 Hz cases show a good corre-
lation of the guard electrode current with the pressure signal. Both
show the same dominant frequency, similar to earlier observations
in high pressure testing of flame ionization sensors at NETL [10].
This dominant frequency shows up on all the current signals, as
well as the OH emission signals (Fig. 6). This suggests the flame
ionization sensor could be applied to monitoring combustion dy-
namics.

Statistical Results. A test matrix was run to investigate the link
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Fig. 4 Sample data from combustor with reference velocity =25 m/s, and ®=0.69. The fuel
system has been tuned to produce large pressure oscillations. The electrode signals in the left
column are in microamps; the OH emission signals are in arbitrary units (164 Hz case).

between flame ionization sensor data and dynamic pressure data.
This matrix is summarized in Table 1. Three statistics that were
examined were the mean value of the guard current (Mean(G)),
the root-mean-square value of the guard current (rms(G)), and the
standard deviation of the guard current (STD(G)). The standard
deviation of the chamber pressure (STD(P)) was selected as the
baseline statistic since the pressure transducer is a high-speed DC
transducer. Removal of the mean value in the computation of the
standard deviation allows the comparison to focus on the dynamic
pressure and not be misled by small offsets in the DC pressure
with operating condition. In the three figures shown, the value of
statistics is calculated over a four second block of time. All three

0.050 v

Fig. 5 Potential field at an electrode pair in the combustor
without flow. The electrodes have an applied potential of 5 V.
The figure shows three-dimensional potential surfaces.
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Table 1 Summary of test matrix operating conditions

Parameter Range

Reference velocity 20-30 m/s (66-98 ft/s)
Equivalence ratio (®) 0.6-0.
Dynamic pressure (rms) (0.7-11.0 kPa) 0.1-1.6 psi

figures are based on data obtained at a reference velocity (V,), of
25 m/s (82 ft/s). Adjustment of the acoustic tuner attached to the
fuel system caused variation of the magnitude of the pressure
oscillations in the combustor independent of average fuel flow and
reference velocity. Acoustic tuning, however, often changed the
pressure oscillation frequency as well as its magnitude.

An overview of the data shows that all three statistics selected
for comparison, Mean(G), rms(G), and STD(G), are functions of
the equivalence ratio. This is evidenced in the comparison of the
y-axes used for the three figures, with larger y-axis spans neces-
sary for increased equivalence ratio. This trend has been observed
previously [11], and logically follows from the greater number of
ions and electrons generated as the equivalence ratio is increased.
Blocking the data by equivalence ratio makes the link between the
test statistics and the dynamic pressure more easily observed.

Focusing on the data at an equivalence ratio (®) of 0.6 (Fig. 7),
it is obvious that the rms value of the guard current is nearly
identical to the mean value in this case. Rms(G) and Mean(G) are
both considerably larger signals (~10X) than the STD(G). All
three statistics increase with the standard deviation of the pres-
sure, STD(P); however, the STD(G) appears to have much less
scatter than rms(G) and Mean(G) at low pressure oscillations. The
scatter in rms(G) and Mean(G) may be caused by the frequency
shift from 176 Hz to 182 Hz.

At an equivalence ratio of 0.6, the mean and rms values of the
guard current were nearly identical. In comparison, at an equiva-
lence ratio of 0.7 (Fig. 8), there is now a separation between
rms(G) and Mean(G), which appears to increase as the magnitude
of the pressure oscillations increase. The difference in signal lev-
els between STD(G) and rms(G) is considerably reduced, to about
a factor of 2. All three statistics are once again monotonic with
STD(P), with low scatter. A nonlinear response appears to occur
with the strongest pressure oscillations. A general decrease in
dominant frequency occurs as the magnitude of the pressure os-
cillations increase, but no sudden jumps from a frequency change
are apparent.

All three statistics behaved similarly at an equivalence ratio of
0.7. Significant differences appear between the three statistics at
an equivalence ratio of 0.8, as shown in Fig. 9. At ©=0.8, only
STD(G) remains monotonic with the pressure oscillation, STD(P).
The STD(G) is a factor of 2—4X smaller than rms(G); however,
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Fig. 7 Sensor statistics at $=0.6, V=25 m/s
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Fig. 8 Sensor statistics from ®=0.7, V,,=25 m/s

this is offset by the large fluctuations in rms(G) with STD(P). The
Mean(G) follows rms(G), with varying separation between points.
The rms and mean values of the guard current appear to respond
strongly to the primary frequency of the pressure oscillations,
which display a large shift from 563 Hz to 229 Hz (likely due to
a shift in the dominant acoustic mode). The response of STD(G)
to the frequency change of the pressure oscillations is much less
dramatic.

Based on these results, it seems apparent that although the
STD(G) is a smaller signal than rms(G), the monotonic behavior
of STD(G) offers a simpler relationship with STD(P) than rms(G).
This suggests that STD(G) is a superior statistic to use for sensor
development.

In analyzing the data, frequency spectra were calculated for all
the data. From these spectra, the strongest frequency peaks were
determined. The primary frequency peak in the guard current cor-
responded to the primary frequency peak in the pressure in most
cases, but not all, as shown in Fig. 10. When the primary fre-
quency peaks of the pressure and guard current match, the points
lie along the line with a slope of 1. Examination of the magnitude
of the pressure oscillations, given by STD(P), in comparison to
the frequency of the pressure oscillations shows that the match
between the pressure oscillation and guard current oscillation fre-
quencies is dependent on the magnitude of the oscillations. If the
magnitude of the pressure oscillations lies below a threshold
(drawn in by inspection as the dashed line), then it is too weak to
dominate the guard current signal. If the pressure oscillation is
strong enough (STD(P) is above the dashed line), then the pres-
sure fluctuation dominates the guard current signal, and the stron-
gest frequency in the guard current matches the strongest fre-
quency in the pressure. This threshold on the frequency
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Fig. 9 Sensor statistics for ®=0.8, V,;=25 m/s. Primary oscil-
lation frequencies of the points are indicated.
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correspondence may be reduced through the application of a
higher potential to the guard electrode, which would increase the
strength and extent of its potential field.

Conclusions

An experimental test matrix run in a turbulent, lean premixed,
atmospheric pressure combustor has shown relationships between
the chamber pressure, OH emission, and flame ionization signals.
Electrodes spaced on 2.5 cm (1 in.) intervals along the walls of
the combustor sense local ion fields. Testing has shown that the
presence of OH emission in the core of the combustor does not
necessarily indicate the presence of charged species near the
walls. However, an electrode covering the end of the premixer
center body, called the guard electrode, maintains a signal under
all observed combustion conditions.

The standard deviation of the guard electrode current has been
shown to be monotonically related to the standard deviation of the
chamber pressure (the dynamic pressure). Through the use of a
quarter-wave resonator, the acoustics of the test combustor were
tuned to modify the amplitude and the frequency of the pressure
oscillations within the combustor. The mean, rms, and standard
deviation of the guard electrode current are all functions of the
equivalence ratio. When blocked by equivalence ratio, the stan-
dard deviation of the guard current emerges as having a mono-
tonic relationship with the dynamic pressure. The mean and rms
of the guard current do not have a monotonic relationship with the

Journal of Engineering for Gas Turbines and Power

dynamic pressure, in particular at tests at ®=0.8. This appears to
be related to a much stronger sensitivity to the frequency of the
combustion oscillations on the magnitude of these statistics. The
monotonic relationship between the standard deviation of the
guard current and the dynamic pressure strongly suggests that it is
possible to monitor combustion dynamics using a flame ionization
sensor instead of a pressure transducer, with proper calibration.
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Nomenclature

@ = equivalence ratio

G = guard electrode or current to guard electrode
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Vet = reference velocity at combustor inlet
References

[1] Thornton, J., Richards, G. A., and Robey, E., 2000, “Detecting Flashback in
Premix Combustion Systems,” American Flame Research Committee Interna-
tional Symposium, Newport Beach, CA.

[2] Thornton, J. D., Richards, G. A., Straub, D. L., Liese, E. A., Trader, J. L., and
Fasching, G. E., 2002, “Flashback Detection Sensor for Lean Premix Fuel
Nozzles,” U.S. Patent No. 6,429,020.

[3] Thornton, J. D., Straub, D. L., Richards, G. A., Nutter, R. S., and Robey, E.,
2001, “An In-Situ Monitoring Technique for Control and Diagnostics of Natu-
ral Gas Combustion Systems,” 2nd Joint Meeting of the U.S. Sections of the
Combustion Institute, Oakland, CA, March 25-28.

[4] Cheng, W. K., Summers, T., and Collings, N., 1998, “The Fast-Response
Flame Ionization Detector,” Prog. Energy Combust. Sci., 24, pp. 89-124.

[5] Holm, T., 1999, “Aspects of the Mechanism of the Flame Ionization Detector,”
J. Chromatogr., A, 842, pp. 221-227.

[6] Calcote, H. F., 1949, “Electrical Properties of Flames: Burner Flames in Trans-
verse Electric Fields,” 3rd Symposium on Combustion, Flame, and Explosion
Phenomena, pp. 245-253.

[7] Fialkov, A. B., 1997, “Investigations on Ions in Flames,” Prog. Energy Com-
bust. Sci., 23, pp. 399-528.

[8] Bradley, D., 1986, “The Effects of Electric Fields on Combustion Processes,”
Advanced Combustion Methods, Academic Press, London, p. 340.

[9] Richards, G., Straub, D., and Robey, E., 2003, “Control of Combustion Dy-
namics Using Fuel System Impedance,” ASME Paper No. GT2003-38521.

[10] Straub, D., Thornton, J., Chorpening, B., and Richards, G., 2002, “In-Situ
Flame Ionization Measurements in Lean Premixed Natural Gas Combustion
Systems,” 2002 Spring Meeting of the Western States Section of the Combus-
tion Institute, March 25-26, La Jolla.

[11] Benson, K., Thornton, J. D., Straub, D. L., Huckaby, E. D., and Richards, G.
A., 2003, “Flame Ionization Sensor Integrated into Gas Turbine Fuel Nozzle,”
Proc. of TURBOEXPO 2003, June 16-19, Atlanta, ASME, New York, ASME
Paper No. GT2003-38470.

APRIL 2007, Vol. 129 / 357

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Gas Turbine Combustion
Technology Reducing Both Fuel-
NO, and Thermal-NO, Emissions
for Oxygen-Blown IGCC With
Hot/Dry Synthetic Gas Cleanup

In order to improve the thermal efficiency of the oxygen-blown integrated gasification
combined cycle (IGCC) and to meet stricter environmental restrictions among cost-
effective options, a hot/dry synthetic gas cleanup is one of the most hopeful choices. The
flame temperature of medium-Btu gasified fuel used in this system is high so that NO,
Sformation by nitrogen fixation results to increase significantly. Additionally, the gasified
fuel contains nitrogenous compound, as ammonia, and it produces nitrogen oxides, the
fuel NO,, in the case of employing the hot/dry gas cleanup. Low NO, combustion tech-
nology to reduce both fuel-NO, and thermal-NO, emissions has been required to protect
the environment and ensure low cost operations for all kinds of oxygen-blown IGCC. In
this paper, we have demonstrated the effectiveness of two-stage combustion and nitrogen
injection techniques, and also showed engineering guidelines for the low-NO, combustor
design of oxygen-blown gasified, medium-Btu fuels. The main results obtained are as
Jfollows: (1) Based on the basic combustion tests using a small diffusion burner, we
clarified that the equivalence ratio at the primary combustion zone has to be adjusted
according to the fuel conditions, such as methane concentration, CO/H, molar ratio, and
calorific values of gasified fuels in the case of the two-stage combustion method for
reducing fuel-NO, emissions. (2) From the combustion tests of the medium-Btu fueled
combustor, two-stage combustion with nitrogen direct injection into the combustor results
in reductions of NO, emissions to 34 ppm (corrected at 16% O,) or less under the gas
turbine operational conditions of 25% load or higher for IGCC in the case where the
gasified fuel contains 0.1% methane and 500 ppm of ammonia. Through nitrogen direct
injection, the thermal efficiency of the plant improved by approximately 0.3% (absolute),
compared with the case where nitrogen was premixed with gasified fuel. The CO emission
concentration decreased drastically, as low as 20 ppm, or combustion efficiency was kept
higher than 99.9%. The above results have shown that a two-stage combustion method
with nitrogen direct injection is very effective for reducing both fuel-NO, and thermal-
NO, emissions at once in IGCC, and it shows the bright prospects for low NO, and stable
combustion technology of medium-Btu fuel. [DOI: 10.1115/1.2432896]
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gies for low-Btu fuel [5]. Of late, the government and electric
power companies are promoting a demonstration IGCC project.
Other developments concerning the IGCC system and gas tur-
bine combustor using the oxygen-blown gasified coal fuel include:
The Cool Water Coal Gasification Project [6], the flagship dem-
onstration plant of IGCC; the Shell process (SGCP) [7] in Bugge-

Introduction

Integrated gasification combined cycle (IGCC) is considered
one of the most important systems for future coal utilization tech-
nology in power generation systems, and is being promoted
throughout the world. In Japan, the government and electric

power companies undertook experimental research at a 200 t/day
pilot plant project [1] from 1986 to 1996. The Central Research
Institute of Electric Power Industry (CRIEPI) developed an air-
blown pressurized two-stage entrained-flow coal gasifier [2], a
hot/dry synthetic gas cleanup system [3], 150 MW, 1573 K class
[4], and 1773 K (1500°C) class gas turbine combustor technolo-

Contributed by the International Gas Turbine Institute of ASME for publication in
the JOURNAL OF ENGINEERING FOR GAS TURBINES AND POWER. Manuscript received May
23, 2005; final manuscript received October 13, 2006. Review conducted by Frank
Morton. Paper presented at the ASME Turbo Expo 2002: Land, Sea and Air
(GT2002), Amsterdam, The Netherlands, June 3-6, 2002, Paper No. GT2002-30666.
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num as the first commercial plant, which started test operation in
1994 with commercial operation from 1998; the Wabash River
coal gasification repowering plant [8] in the United States, in op-
eration since 1995; the Texaco process at the Tampa power station
[9], in commercial operation since 1996; a HYCOL gasification
process for the purpose of hydrogen production, which was devel-
oped in Japan [10]; and the integrated coal gasification fuel cell
combined cycle (IGFC) pilot plant which consists of gasifier, fuel
cell generating unit, and gas turbine, in a test operation from 2002
by the Electric Power Development Co., Ltd. in Japan. Further-
more, the diversification of fuels used for the electric power in-
dustry, such as biomass, poor quality coal, and residual oil, are
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Table 1 Typical compositions derived from the oxygen-blown gasifiers
Fuel Coal” Biomass Heavy residue Orimulsion
Coal type or mine 1 2 3 4 5
Gasifier type Fixed Entrained Entrained Entrained Entrained
Fuel feed Dry Dry Slurry
Developer BGL® Shell® HYCOL Texaco Tampella’ Texaco CRIEPI®
Composition
Co 56.4% 67.8 69.5% 63.3% 40.9% 21.9%-23.1% 51.7% 43.5%
H, 25.6% 28.8 29.2% 26.3% 29.9% 12.5%-22.4% 43.1% 42.2%
CH, 6.6% 0.01 0.03% 0.3% 0.1% 2.2% 0.2% 0.4%
Co, 2.8% 23 1.0% 1.1% 9.5% 20.7%—18.6% 32% 11.8%
H,0 _f (Dry base) 0.4% 12.3% 40.9%-31.5% (Dry base) (Dry base)
NH, —f 100 600 ppm Unknown Unknown 0-200 ppm _f Unknown
H,S+COS 20 ppm 1.1 0.14% Unknown Unknown 0.285%-1.132% 1.6% 1.35%
Others (N,) 8.6% —t —f 8.6% 7.3% 1.800%-1.048% 0.2% 0.75%
CO/H, mole ratio 22 2.1 2.4 2.4 1.4 1.0-1.8 1.2 1.0
HHV (MJ/m?) 13.0 12.2 12.5 11.5 9.0 5.2-6.6 12.1 11.0
LHV (MJ/m?) 12.0 11.7 11.9 10.9 8.2 4.1-5.5 11.3 10.2

“I=High-sulphur bituminous coal; 2=Illinois No. 5 coal; 3=Sufco mine; 4=Moura
®See Ref. [22].

See Ref. [7].

9See Ref. [12].

See Ref. [13].

fAn omission.

also the most significant issues for gas turbine development in
IGCC: The development of biomass-fueled gasification received
considerable attention in the United States in the early 1980s [11]
and the prospects for commercialization technology appear con-
siderably improved at present [12]; Our research institute has
started researching the gasification technology of orimulsion
(emulsion of Orinoco tar) fuel [13]. All of the systems, which
used oxygen as an oxidizer, were assumed to adopt the wet type
synthetic gas cleaning system. Moreover, in almost all systems,
premixing the surplus nitrogen, produced from the oxygen pro-
duction unit, with a gasified fuel, increases gas turbine output and
suppresses NO, emissions. From the viewpoint of both high op-
erating costs and initial costs of removing the NO, in exhaust gas
derived from the gas turbine system, the electric power industry
aims for dry low-NO, combustion technology that promises
higher thermal efficiency and environmentally sound options. For
example, electric power plants are required to comply with both
gross discharge controls and concentration regulations of NOy
emissions in each local government. Many local municipalities
regulations require the NO, emissions of 10 ppm or below in the
case of a gas turbine plant and there is restriction on groundwater
use in industries, so dry low-NOy, high-temperature combustion
technologies that could reduce NO, emissions 10 ppm or below
are expected to be developed. Those combustion technologies
could eliminate the use of denitration equipment and reduce the
cost of power generation.

With respect to the research into dry low-NO, combustion tech-
nology using medium-Btu gaseous fuel, other studies include:
White et al. [14] who studied the rich-lean combustor for low and
medium-Btu gaseous fuels; Dobbeling et al. [15] who studied on
low NO, combustion technology which quickly mixed fuel with
air using the ABB double cone burner (called the EV burner);
Dobbeling et al. [16] who studied the premixed combustion tech-
nology of medium-Btu gaseous fuel in a fundamental small burner
for low NO, emissions, because the burning velocity of medium-
Btu fuel was about six times greater than conventional natural gas,
a premixed combustion for low NO, emissions was so far difficult
to adopt; Cook et al. [17] who studied the effective method of
returning nitrogen to the cycle, where nitrogen is injected from the
head end of the combustor for NO, control; Zanello and Tasselli
[18] who studied the effects of steam content in the medium-Btu
gaseous fuel on combustion characteristics; and Hasegawa et al.
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coal; 5=Moura coal.

who studied low-NO, combustion technology using surplus nitro-
gen injected from the burner [19,20] and with lean combustion of
instantaneous mixing [21].

This paper will propose the dry low-NO, combustion technol-
ogy for medium-Btu gasified fuel containing ammonia, and pro-
vide useful engineering guidelines for the research and develop-
ment of a gas turbine combustor using nitrogen injection
technology at the burner of the combustor for fuel-NO, and
thermal-NO, emissions control.

Description of the Oxygen-Blown IGCC System

Characteristics of the Oxygen-Blown IGCC System. In the
oxygen-blown IGCC system, a large quantity of nitrogen is pro-
duced in the air separation unit. In many of the conventional sys-
tems, a part of the nitrogen is used to feed coal into the gasifier
and so on, and gasified coal fuels are premixed with the rest of the
nitrogen and injected into the combustor to increase electric
power and to decrease thermal-NO, emissions from the gas tur-
bine. However, power to compress the surplus nitrogen is high in
the case of premixing its nitrogen with gasified fuel. If the surplus
nitrogen could be injected directly into the combustor, transmis-
sion end efficiency would increase by around 0.3%. In this paper,
we will develop a combustor for an oxygen-blown type gasifica-
tion system with a hot/dry synthetic gas cleanup facility, in which
coal is fed into the gasifier as a water—coal slurry or with some
nitrogen as a pulverized powder, and the rest of the nitrogen will
be directly injected into the gas turbine combustor. The develop-
ment of the combustor is intended for 1773 K (1500°C)-class
(combustor-exit gas temperature is about 1773 K) gas turbines, in
which gasified fuels contain ammonia not removed by the hot/dry
gas cleanup. Furthermore, it is necessary to return a large quantity
of nitrogen produced from the air-separation unit (as much as the
fuel flow rate) to the cycle from the standpoint of recovering
power for oxygen production. Basically, the flow rate of the sur-
plus nitrogen produced in the air-separation unit is almost propor-
tional to the fuel flow rate at any gas turbine load, and all surplus
nitrogen should be effectively injected into a gas turbine combus-
tor prior to a turbine.

Characteristics of Oxygen-Blown Gasified Fuel. The typical
compositions of medium-Btu gasified fuels [7,12,13,22] produced
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in oxygen-blown gasifiers are shown in Table 1. Each gasified fuel
contains carbon monoxide (CO) and hydrogen (H,) as the main
combustible components, and a small fraction of methane (CHy).
Fuel calorific values vary widely (5—13 MJ/m?), from about 1/8
to 1/3 of natural gas, with raw materials and gasifier types. For
example, a gasified fuel derived from biomass contains 30-40%
steam in the fuel.

Figure 1 shows the theoretical adiabatic flame temperature of
fuels which were: (1) medium-Btu fuels, with fuel high heating
values (HHV) of 12.7 MJ/m?, 10.5 MJ/m?, 8.4 MJ/m?, and
6.3 MJ/m? (at a temperature of 273 K basis) without nitrogen; (2)
medium-Btu fuel blended with surplus nitrogen, or low-Btu fuel
of 4.2 MJ/m? (HHV); and (3) methane. Calculations of flame
temperature were done with a CO-H, mixture (CO/H, molar
ratio of 2.33:1) under any condition, and the fuel calorific value
was adjusted with nitrogen. In the case of gasified coal fuel, the
theoretical adiabatic flame temperature rises as the fuel calorific
value increases. Fuel calorific values of 4.2 MJ/m? and
12.7 MJ/m3 produce maximum flame temperatures of 2050 K
and 2530 K, respectively. When the fuel calorific value is
8.4 MI/m? or higher, the maximum flame temperature of the
medium-Btu fuel without nitrogen is about 400 K higher than that
of the nitrogen-blended fuel. That is, if the medium-Btu gasified
fuels which were produced in the oxygen-blown gasifiers were not
premixed with the surplus nitrogen, the flame temperatures of
medium-Btu fuels with fuel calorific values of 8.4-12.7 MJ/m3
(HHV) were higher than that of high-calorie gases such as natural
gas which consists mainly of methane, while the medium-Btu
fuels have the calorific values as low as 1/5 of methane. Thermal-
NO, emissions are expected to increase more when burning
medium-Btu fuel than burning high-calorie gas of natural gas. We
intend to inject surplus nitrogen directly into higher temperature
regions from the burner and to decrease thermal-NO, emissions
produced from these regions effectively.

Furthermore, gasified fuels contain ammonia when the hot/dry
synthetic gas cleanup is employed. Development of low NO,
combustion technology is necessary in order to reduce fuel-NOy
emissions originating from ammonia in the fuel at the same time
as reducing thermal-NO, emissions. The new combustion technol-
ogy is expected to reduce both fuel-NO, emissions and thermal-
NO, emissions. However, the conventional premixed combustion
is not applicable in the case of the gasified fuels containing H,
component of higher burning velocity at the higher risk of back-
fire, and the dilution of the gasified fuels with the surplus nitrogen
increase the power in the plant or the transmission end efficiency
decreases. The oxygen-blown IGCCs want the next-generation
technology to reduce both fuel-NO, and thermal-NO, emissions
at once.
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Design of the Combustor

Problems of the Medium-Btu Fueled Combustor. From the
characteristic of medium-Btu, gasified fuel as mentioned above, it
should be noted that the design of a gas turbine combustor, utiliz-
ing nitrogen supply into a combustor, should consider the follow-
ing issues for an oxygen-blown IGCC with the hot/dry synthetic
gas cleanup:

1. Low NOy-emission technology: thermal-NO, production
from nitrogen fixation using nitrogen injection into the com-
bustor, and fuel-NO, emissions originating from ammonia
using a two-stage combustion must be simultaneously re-
strained; and

2. Higher thermal efficiency: nitrogen injection must be tai-
lored so as to decrease the power to compress nitrogen,
which is returned into the gas turbine in order to recover a
part of the power used for the air-separation unit.

Test Device and Methods for Basic Studies. Figure 2 shows
an outline of the combustor and the tested burner. The combustor
consists of a cylinder-style combustion chamber with an inner
diameter, D, of 90 mm and a length of 1000 mm, and a primary
air swirler and fuel injection nozzle. The combustion chamber is
lined with heat insulating material and the casing is cooled with
water. There are four sections for secondary air on the sidewalls of
the combustion chamber along the direction of flow, to simulate
an axial air-inlet distribution of the gas turbine combustor. In or-
der to investigate the effect of the two-stage combustion on the
fuel-NO, and thermal-NO, reductions, secondary air inlets at a
distance from the edge of the fuel injection nozzles of 3 X D are
used. The diameter of the secondary air inlets at the entry to the
combustor is 13 mm, and altogether 12 inlets are positioned on
the perimeter of one cross section.

The tested burner consists of a fuel injection nozzle and a pri-
mary air swirler. There are 12 injection inlets with a diameter of
1.5 mm on the fuel injection nozzle with an injection angle, 6, of
90 deg. The primary air swirler has an inner diameter of 24.0 mm,
an outer diameter of 36.4 mm, and 12 vanes with a swirl angle,
0,, of 45 deg. Swirl number, S, which is calculated from the fol-
lowing equation, is 0.84
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Fig. 3 Effect of nitrogen injection on thermal-NO, emission
characteristics in two-stage combustion, using a small diffu-
sion burner

2 1-8
S=§><1_Bz><tan6’a (1)
where B (boss ratio of swirl vane)=0.66.

An air compressor supplies the air used for combustion. After
the flow of the compressed air is adjusted to the required amount
by the orifice meter and flow control valve, the air is heated to the
prescribed temperature by an air heater, and then blown into the
combustor. Primary air is injected into the combustor through a
primary air swirler positioned around the fuel injection nozzle,
and secondary air is input through air holes in the sidewalls of the
combustor.

CO and H,, which are the main combustible components of the
fuel, are mixed in the prescribed proportions and fed into a cylin-
der to be used. The combustible components are diluted with N,
to create the required calorific value, heated to the prescribed
temperature by an electric heater, and fed through the fuel injec-
tion nozzle. The small amounts of NH3 and CH, are controlled by
a thermal mass flow controller, and premixed with the fuel before
reaching the fuel injection nozzle.

In this study, sample gases were extracted from the exit of the
combustor through a water-cooled stainless-steel probe and con-
tinuously introduced into an emissions console, which measured
CO and CO, by a infrared analysis, NO, by chemiluminescence
analysis, O, by paramagnetic analysis, and hydrocarbons by a
flame ionization detector. The sampling probe was located at a
distance of about 1.5 m downstream from the burner. Concentra-
tions of calibration gases for CO, CO,, NO, O,, and CH, are
270 ppm, 18%, 20 ppm for low-range NO and 180 ppm for high-
range NO, 20%, and 90 ppm, respectively. Each repeatability of
analyzer is between —0.5% and +0.5% of range full scale, linear-
ity is between —1.0% and +1.0% of range full scale or between
—2.0% and +2.0% of measure readings, and noise is less than
1.0% of range full scale.

Reduction of NO, Emissions With Nitrogen Injection. To
suppress thermal-NO, production originating from nitrogen fixa-
tion, we designed the burner with nitrogen injection, based on
combustion tests previously conducted using a small diffusion
burner [23]. Figure 3 presents an example of the test results using
a small diffusion burner, under atmospheric pressure conditions,
which indicates the influence of the primary-equivalence ratio, ¢,,
on thermal-NO, emission characteristics in two-stage combustion
for comparing three cases: (1) a fuel calorific value (HHV) of
12.7 MJ/m?3, without nitrogen injection; (2) a fuel calorific value
of 12.7 MJ/m?3, where nitrogen is blended with the primary com-
bustion air injected from the burner; and (3) a fuel blended with
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Fig. 4 Effect of nitrogen injection on the conversion rate of
ammonia to NO, in two-stage combustion, using a small diffu-
sion burner

nitrogen of the same quantity as case (2), or low-Btu fuel of
5.1 MJ/m3. In the tests, the fuel did not contain NH; and CH,. A
CO/H, molar ratio was set to 2.33, the combustor exit gas tem-
perature, T,,, was set to 1773 K, and the fuel injection velocity
was set at a constant value of 77 m/s. The cross-sectional flow
velocity of total air was 0.53 m/s at the temperature of 273 K
basis in case (2). From Fig. 3, we notice that nitrogen supply,
which is blended with fuel or primary air, drastically decreases
thermal-NO, emissions, and also NO, emissions decrease with
rises in ¢, in the case of using the two-stage combustion. That is,
thermal-NO, emissions decrease significantly by setting a fuel-
rich condition when ¢, is 1.3 or higher in the case of nitrogen
premixed with fuel, and by setting ¢, at 1.6 or higher in the case
of nitrogen premixed with primary combustion air.

With regard to fuel-NO, emissions on the other hand, Fig. 4
indicates the effects of nitrogen injection conditions on the con-
version rate of NHj3 in the fuel to NO,, CR, which is calculated
from the following equation, in the same conditions with Fig. 3

(INO,] = [NO4]) X (volume flow rate of exhaust)
CR=
[NH;] X (volume flow rate of fuel)

2)

where [NH;3] designates ammonia concentration in fuel.

To obtain the conversion rate of NH3 to NO,, CR, the concen-
tration of thermal-NO,, [NO,,], was first measured after stopping
the supply of NHj, then the concentration of total NO,, [NO,],
was measured while NH; was supplied, and finally fuel-NO, was
calculated by deducting the concentration of thermal NO, from
that of total NOy. In the tests investigating fuel-NO, emissions,
1000 ppm of NHj3 is contained in the medium-Btu fuel. In the
case of a fuel blended with nitrogen, fuel was diluted, or fuel
calorific value decreased to 5.1 MJ/m? and NH; concentration in
the fuel decreased to 400 ppm. From Fig. 4, whether with or with-
out nitrogen supplied, the staged combustion method effectively
decreased the fuel-NO, emissions, or CR drastically decreased as
the primary equivalence ratio, ¢,, became higher than 1.0, which
is a stoichiometric condition, and showed the minimum value at
the appropriate ¢,. Those optimum ¢, become lower when the
medium-Btu fuel was blended with nitrogen, while the optimum
¢, was not influenced in the case of nitrogen blended with the
primary combustion air injected from the burner, and CR showed
a tendency to become a little higher than in the other two cases.
Furthermore, under lean—lean combustion conditions with a lower
¢, than 1.0, in the case of nitrogen premixed with medium-Btu
fuel, CR becomes higher than in the case of nitrogen premixed
with the primary combustion air.

From the above, it was shown that the supply method of nitro-
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Fig. 5 Effect of CH, concentration in fuel on the conversion
rate of NH; in fuel to NO, in two-stage combustion, using a
small diffusion burner

gen premixed with medium-Btu fuel possibly decreases total
emissions of thermal-NO, and fuel-NO,, but careful attention
must be paid to the homogeneity of the mixture of fuel and nitro-
gen, or thermal-NO, emissions will increase. In the case of nitro-
gen premixed with the primary combustion air, total NO, emis-
sions grow slightly higher than the case of nitrogen premixed with
fuel, and the power to compress nitrogen increases a little or the
thermal efficiency of the plant decreases. That is, it is necessary to
blend nitrogen with medium-Btu fuel evenly in the combustor, in
which the lowest power to compress nitrogen is needed for nitro-
gen supply into the gas turbine, and not to collide the medium-Btu
fuel with combustion air directly.

Optimization of Two-Stage Combustion for Fuel-NO,
Reduction. It is well known that the fuel-NO, production mecha-
nisms of hydrocarbon fuels such as CH, and nonhydrocarbon fu-
els such as CO and H,, due to reaction with nitrogenous com-
pounds in the fuel, are different [24]. Gasified fuels consist of CO
and H, as main combustible components, but also contain thou-
sands of ppm or a small percentage of CH,. We therefore inves-
tigated the effects of CH, and CO/H, molar ratios in the fuel on
the production characteristics of fuel NO, caused by NHj in the
fuel.

1. Effect of CH, in the Fuel. Figure 5 shows the relationship
between the primary equivalence ratio, ¢,, in two-stage
combustion, and the conversion rate of NHj in the fuel to
NO,, when the average temperature of combustor exit gas,

Tex, is set to 1773 K and fuel calorific value is 11.4 MJ/m3,

for fuel containing 1000 ppm of NH3, CO, and H, of 2.33

CO/H, molar ratio, and with a concentration of CH, as a

parameter.

When the equivalence ratio at primary zone, ¢,, is less
than 1, the NH3 to NO, conversion rate, CR, increases in
direct proportion to the concentration of CH, in the fuel; and
when ¢p is more than 1, under fuel-rich conditions in the
primary combustion zone and CHy-free fuel, CR decreases
as ¢, increases and shows a minimum at around 3 of ¢,. In
the case of fuel containing CHy, an optimum ¢, at which
CR drops to a minimum, is varied by adjusting the concen-
tration of CHy. That is, the optimum ¢, increases as the
concentration of CH, decreases. For example, the optimum
primary-equivalence ratio in the combustor has to be ad-
justed at 1.7-2.4, in the case where the simulated gasified
fuel used in the tests of the designed combustor contains
around 3.0% CHy.

The effect of the CH,4 concentration on the fuel NO, pro-
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duced by NHj; in gasified fuels was studied using the el-
ementary reaction kinetics [23]. The nitrogen of NH; in the
fuel has weaker bonding power than N,. In the combustion
process, NH; reacted with the OH, O, and H radicals and
then easily decomposed into the intermediate NH; by the
following reactions

NH, + OH(O,H) < NH, + H,O(OH, H,) 3)

NH; ;- 2+ OH(H) & NH,_; + H,O(H,) 4)

When hydrocarbon is not contained in the fuel, NH; is
converted into N, by reacting with NO in the fuel-rich re-
gion. If fuel contains CH,, HCN is produced by reactions (5)
and (6) in the fuel-rich region and the HCN is oxidized to
NO in the fuel-lean zone

CHy(iz1 2) + N, < HCN + NH, | (5)

R-CH + NH; & HCN + R-H;, (R — =alkyl group) (6)

Some HCN is oxidized into NO by reactions (7) and (8),
and the rest is decomposed into the N radical by reaction (9).
The NH radical is decomposed into the NO by reactions
(10)-(12). With the rise in CH,4 concentration in gasified
fuel, the HCN increases, and NO, emissions originated from
HCN in the fuel-lean secondary combustion zone increase

HCN + OH < CN + H,0 (7)
CN+ 0, < CO+NO (®)
CN+0 & CO+N )
NH + OH & N + H,0 (10)
N+0,&NO+0 (11)
N+OH & NO+H (12)

On the other hand, some NH;(; ; ») radicals produced by
the process of reactions (3)—(5) and (10) are reacted with
NO, where NO is supplied by Zel’dovich NO [25] produced
by reactions (11) and (12), Prompt NO [26] produced by
reactions (5) and (7)—(9), and fuel-NO originated by the ter-
minal process of fuel-N oxidation of reaction (10), and de-
composed into N, by reaction (13)

NO+NH & N, + OH (13)

That is, it is surmized that each increase in thermal-NOy
concentration and fuel NO, affected the alternative decom-
position reaction of intermediate NH radical with NO, so
each of the NO, emissions originated from the nitrogen in
the air or fuel N decreased.

. Effect of the CO/H, Molar Ratio in the Fuel. Figure 6

shows the relationship between the primary equivalence ra-
tio, ¢p, in two-stage combustion and the conversion rate of
NHj in the fuel to NO,, CR, when the average temperature
of combustor exit gas, 7., was set to 1773 K and fuel calo-
rific value was 11.4 MJ/m?, for fuel containing 1000 ppm
of NH; and no CHy, with the CO/H, molar ratio as a pa-
rameter. The optimum primary equivalence ratio, where the
conversion rate of NHj; to NO, indicates the minimum
value, increases proportionately to the CO/H, molar ratio in
the case of medium-Btu fuel. This is due to a lower diffusion
and oxidizing rate of CO than that of H,, and so the higher
the CO/H, molar ratio, the slower the O, consumption rate.
Consequently, NH; is oxidized in the zone with a higher
concentration of O,. When the primary equivalence ratio
was less than 1.0, or under the conditions of excess air,
Hasegawa et al. [23] reported that the conversion rate in-
creases proportionately to the CO/H, molar ratio in the case
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Fig. 6 Effect of CO/H, molar ratio on the conversion rate of
NH; in fuel to NO, in two-stage combustion, using a small dif-
fusion burner

of low-Btu fuel of 4 MJ/m? without CH,. But different find-
ings were observed in the case of medium-Btu gasified fuel.

Characteristics of Designed Combustor. Figure 7 presents the
configuration and its function of a designed, medium-Btu fueled
1773 K (1500°C)-class combustor based on the above consider-
ations. The main design concepts for the tested combustor in the
present study were to secure stable combustion of medium-Btu
fuel with nitrogen injection in a wide range of turn-down opera-
tions, and low NO, combustion for reducing fuel-NO, and
thermal-NO, emissions. In order to secure stable combustion, we
installed an auxiliary combustion chamber at the entrance of the
combustor and the nitrogen injection nozzles in the main swirler,
which is installed at the exit of the auxiliary combustion chamber.
The overall length of the combustion liner is 445 mm and the
inside diameter is 175 mm.

Figure 8 illustrates the axial distribution of inverse way of
equivalence ratio at the rated load condition. In order to reduce the
fuel-NO, emissions, we adopted the two-stage combustion, in
which a fuel-rich combustion was carried out in the primary zone
maintaining the inverse way of equivalence ratio to 1.5 (the
equivalence ratio of 0.66) at the exit of the combustor and the
designed combustor has the following characteristics.

1. Assurance of Flame Stabilization. The ratio of the fuel allo-
cated to the auxiliary combustion chamber is 30% of the
total amount of fuel. The fuel and air are injected into the
chamber through a subswirler with a swirling angle of
30 deg. By setting the mean equivalence ratio in the auxil-
iary chamber at 2.4 under rated load conditions, a stable
flame can be maintained in the fuel-rich combustion zone
and deoxidization efficiency of NH; can be improved in
lower load conditions. The rest of the fuel is introduced into

Stable i R ion of NOx
= Auxiliary combustor * Nitrogen direct injection
lowers the flame temp.
‘ ..*

ion of fuel NOx

secondary-air holes

Fig. 7 Design concept of a medium-Btu fueled gas turbine
combustor
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the main-combustion zone from that surrounding the exit of
the auxiliary combustion chamber.

2. Nitrogen Injection. Based on the basic experimental results,
we arranged the nitrogen injection intakes between fuel and
air intakes in the main swirler surrounding the primary flame
from the auxiliary combustion chamber for low thermal-
NO, emissions. Nitrogen direct injection into a combustor
has the effect of decreasing power to compress nitrogen.
From system analysis, the thermal efficiency of the plant
improves by 0.3% (absolute), compared with the case where
nitrogen was premixed with gasified fuel before injection
into the combustor [21]. Additionally it is possible to control
the mixing of fuel, air, and nitrogen positively by way of
nitrogen being injected separately into the combustor. The
fuel, the combustion air, and the nitrogen from the burner
are separately injected into the combustor through a swirler,
(which has a 30-deg swirl angle and a 15-deg introverted
angle), to collide medium-Btu fuel with air in an atmosphere
where nitrogen is superior in amount to both fuel and air.

3. Fuel-NO,/Thermal-NO, Reduction. In order to decrease
fuel-NO, emissions, we adopted fuel-rich combustion in the
primary zone and set the equivalence ratio in the primary-
combustion zone to be determined based on the combustion
test results using a small diffusion burner. As shown in Fig.
5, the primary equivalence ratio that minimizes the conver-
sion rate of NH; to NOy is affected by CH4 concentration in
the fuel. Because the supplied fuel contains 3% of CH, in
the tests, the equivalence ratio in the primary-combustion
zone was set around 1.9 and the equivalence ratio in the
auxiliary-combustion chamber was around 2.4 to maintain
the flame stabilization and to improve deoxidization of NH3
in the fuel, simultaneously.

These new technique that adopted the nitrogen direct in-
jection and the two-stage combustion, caused a decrease in
flame temperature in the primary combustion zone and the
thermal-NO, production near the burner was expected to be
controlled and decreased just as in the case of fuel blended
with nitrogen, based on the results of combustion tests using
a small diffusion burner, shown in Fig. 3.

The designed combustor was given another nitrogen in-
jection function, in which nitrogen was bypassed to premix
with the air derived from the compressor at lower load con-
ditions, and a stable flame can be maintained in a wide range
of turn-down operations. Also, because the nitrogen dilution
in the fuel-rich region affected the deoxidization character-
istics of NHj, the nitrogen bypassing technique was ex-
pected to improve fuel-NO, reduction in the cases of higher
concentration of NHs.

4. Cooling of Combustor Wall. In order to compensate for a
declined cooling-air ratio associated with a surplus nitrogen
injection into a gas turbine combustor, the tested combustor
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is equipped with a dual-structure transition piece so that the
cooling air in the transition piece can be recycled to cool
down the combustor liner wall. The cooling air, flowing into
the transition piece from the exterior wall, cools the interior
wall through an impingement and convection method, and
moves to the combustor liner on the upstream side. For the
secondary-air inlet section where temperatures were ex-
pected to be especially high, the dual-cooling structure was
employed, in which the cooling air was impinged from the
air flow guide sleeve to the combustion liner. For cooling of
the overall combustion liner wall, the film-cooling method
was used.

Test Facilities and Test Method

Test Facilities. The schematic diagram of the test facilities is
shown in Fig. 9. The raw fuel obtained by mixing CO, and steam
with gaseous propane was decomposed to CO and H, inside a fuel
reforming device. A hydrogen separation membrane was used to

adjust the CO/H, molar ratio. N, was added to adjust the fuel
calorific value to the prescribed calorie, and then simulated gases
derived from gasifiers were produced.

This facility had another nitrogen supply line, by which nitro-
gen was directly injected into the combustor. Air provided to the
combustor was pressurized to 2.0 MPa by using a four-stage cen-
trifugal compressor. Both fuel and air were supplied to the gas
turbine combustor after being heated separately with a preheater
to the prescribed temperature.

The combustion test facility had two test rigs, each of which
was capable of performing full-scale atmospheric pressure com-
bustion tests of a single can for a “several” hundred MW class,
multican-type combustor as well as half-scale high-pressure com-
bustion tests, or full-scale high-pressure tests for around a
100 MW-class, multican-type combustor. Figure 10 shows a
cross-sectional view of the combustor test rig under pressurized
conditions. After passing through the transition piece, the exhaust
gas from the combustor was introduced into the measuring section
where gas components and temperatures were measured. The
components of the combustion gases were analyzed by an auto-
matic gas analyzer. After that, the gas temperature was lowered
through a quenching pot, using a water spray injection system.

Combustion tests were conducted on a full-scale, single can
combustor for a 100 MW-class gas turbine under high-pressurized
conditions.

Table 2 shows the composition of the supplied fuel used in this
paper and the typical commercial gasified fuel. As for tests, the
HHYV of the supplied fuel was set at 8.8 MJ/m? (at temperature of
273 K basis), and a (CO+CH,)/H, molar ratio at 1.2, so the
supplied gaseous fuel produced in the test facility simulated the
essential features of the typical commercial gasified fuel in com-
position. Due to restrictions in exact adjustment of the simulated
fuel composition in this test facility, we have investigated the
effects of the concentrations of CH4 and NHj in the supplied fuels
on the combustion characteristics, and predicted the combustor’s
performances in the typical commercial operations. In addition,
the H,O component was represented by CO, and the heating
value of the simulated gasified fuel was adjusted with N, due to
restrictions of the test facility. The flow rate of surplus nitrogen
produced from the air-separation unit was 0.9—1.2 times the fuel
flow in the actual process. Since the density of the supplied fuel
was higher than that of the commercial gasified fuel, and since the

—
Combustion
gas

Measurement position
of Exhaust temperature,
composition,

and pressure

Measurement position
of Air temperature
and pressure

Fig. 10 Combustion test rig
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Table 2 Comparison of supplied fuel in tests and typical case
of commercial gasified fuel

Supplied fuel in test Commercial gasified fuel

Constituent

co 31.4% 40.9%
H, 28.6% 29.9%
CH, 0%-3.0%" 0.1%
Co, 32.0% 9.5%
H,0 0% 12.3%
N, 5.0% 7.3%
NH, 0-3000 ppm” 500 ppm
HHV 8.8 MJ/m? 9.0 MJ/m?
LHV 8.1 MJ/m? 8.2 MJ/m>

“In the case of varying CH, concentration in the fuel, the CO and H, constituents
were adjusted to maintain the fuel calorific value and the CO/H, molar ratio con-
stantly, and the combustor’s performance of commercial gasified fueled-combustion
was predicted.

bNH_; concentration was different according to the gasification methods and raw
materials.

temperature of supplied nitrogen was lower in the test conditions
than in the actual operations, we also investigated combustor per-
formance in the case of a 0.7 kg/kg N,/fuel ratio, where the firing
temperature of the burner exit corresponded to actual operation.
Based on the reliability verification tests by the 200 t/day pilot
plant, it is expected that desulfurization efficiency of developed
hot/dry type synthetic gas cleanup is more than 95% and dust
removal efficiency is 98%. In some cases where the gasified fuels
have high concentration of chlorine depending on the gasification
methods and raw materials, we might have to remove chlorine
from the gasified fuel by antichlor of sodium series. Therefore, it
is assumed that sulfur constituent and those of chlorine in the
gasified fuels are removed thoroughly at the inlet of the gas tur-
bine combustor and these constituents are not taken into consid-
eration in the combustion tests.

Rated load conditions in the combustion tests are summarized
in Table 3. The average temperature of combustor exit gas, T,
was 1773 K and the combustion intensity, Ic, in the combustor at
the design point was 4.0 X 10> W/(m? Pa).

Measurement System. Exhaust gases were sampled from the
exit of the combustor through water-cooled stainless-steel probes
located on the centerline of a height-wise cross section of the
measuring duct. The sample lines of exhaust gases were thermally
insulated with heat tape to maintain the sampling system above
the dew point of the exhaust gas. The exhaust gases were sampled
at an area averaged points in the tail duct exit face and continu-
ously introduced into an emission console which measured CO,
CO,, NO, NOy, O,, and hydrocarbons by the same methods as the
test device for basic studies using the small diffusion burner. The
medium-Btu simulated fuels were sampled from the fuel gas sup-
ply line at the inlet of combustor, and constituents of CO, H,,
CHy4, H,0O, CO,, and N, were determined by gas chromatography.

Table 3 Standard test conditions

Tor 603 K
Tfuel: 583 K

Ny 333K
N,/fuel: 0.70 kg/kg
T, 1773 K
B 0.66
P 1.2 MPa
Ic: 4.0% 10> W/(m® Pa)
Ur: 5.6 m/s (at 273 K basis)
AP/q: 1.64 X 102
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Fig. 11 Axial distributions of combustor wall temperatures us-
ing gas turbine combustor exit gas temperature as a parameter

Heating values of the simulated gaseous fuel were monitored by a
calorimeter and calculated from analytical data of gas components
obtained from gas chromatography.

The temperatures of the combustor liner walls were measured
by 40 sheathed type-K thermocouples with a diameter of 1 mm
attached to the liner wall with a stainless foil welding. The tem-
perature distributions of the combustor exit gas were measured
with an array of three pyrometers, each of which consisted of five
type-R thermocouples.

Test Results and Discussion

Thermal Characteristics of the Combustor Wall. Figure 11
shows the axial distributions of the combustor wall temperatures,
when the average temperature of combustor exit gas, T,,, changes
in proportion to the gas turbine load. As the exit gas temperature
was varied, the fuel flow rate was changed to maintain the airflow
rate at a constant value of 1.9 kg/s and the flow ratio of nitrogen
injection over fuel (N,/fuel) at 0.7 kg/kg. In the tests, the higher
heating value of fuel was set at a constant 8.8 MJ/m? (at tempera-
ture of 273 K basis), the pressure in the combustor was at
1.2 MPa, and all of the nitrogen was injected from the burner. The
other test conditions were pursuant to the standards shown in
Table 3. Even when the combustor exit gas temperature rose to
1881 K that was a little higher than the rated temperature condi-
tion of 100% load, the combustor-wall temperature remained al-
most always under 1123 K (850°C) of the allowable heat resis-
tant temperature, while the combustor-wall temperature showed a
tendency to increase with a rise in the combustor exit gas
temperature.

In the past tests of the previous-type combustor, we had exam-
ined the influence of the fuel temperature on the thermal charac-
teristics of the combustor wall. When the fuel temperature was
lowered by 110 K, the liner temperature in the fuel-rich, primary-
combustion region decreased slightly due to the increase in the
primary-equivalence ratio and the transition piece temperature
was increased slightly. In other words, the fuel temperature devia-
tion depending on the plant operational conditions was within tens
of degrees of temperature and had hardly influenced the thermal
characteristics of the combustor.

Emission Characteristics. We carried out research into the ef-
fects of the combustor-exit gas temperature, bypassing nitrogen
flow rate, nitrogen injection flow rate, NHj3, and CH,4 concentra-
tions in the fuel, and combustion pressure on NO, emission
characteristics.

Figure 12 shows the relationship between the average tempera-
ture of combustor-exit gas, T,,, and the emission characteristics of
both thermal NO, originating from nitrogen fixation and fuel NO,
originating from NHj in the fuel, under the conditions that air
flow rate was set and maintained at 1.9 kg/s, the nitrogen flow
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Fig. 12 Effect of combustor-exit gas temperature on NO,
emission characteristics

rate of N,/fuel was 0.7 kg/kg, the pressure inside a combustor
was 1.2 MPa of slightly less than that of the practical operation at
the equivalent, rated load conditions, and NH; and CH,4 concen-
tration in the fuel were 500 ppm and 3.0%, respectively, just as in
the case of Fig. 11. In the tests, all of the nitrogen was injected
from the burner. As the average temperature of combustor-exit
gas, which was equivalent to the gas turbine load condition was
varied, the fuel flow rate was changed to maintain the airflow rate
at a constant value of 1.9 kg/s and the flow ratio of nitrogen
injection over fuel (N,/fuel) at a constant. The other test condi-
tions were pursuant to the standards shown in Table 3. When the
average temperature of combustor-exit gas was raised to 1173 K,
which corresponds to 25% of the gas turbine load or higher, the
conversion rate of NH3 in the fuel to NO;, CR, increased gradu-
ally, while thermal-NO, emissions were reduced as low as 10 ppm
(corrected at 16% O,). Consequently, total NO, emissions were
around 34 ppm (corrected at 16% O,) at the rated load of 1773 K
combustor-exit gas temperatures. In order to improve the thermal
efficiency of the plant, it is necessary to raise the exhaust tempera-
ture of the gas turbine combustor. Even when the combustor-exit
gas temperature was raised to around 1873 K, total NO, emis-
sions were reduced as low as 40 ppm (corrected at 16% O,). In
the case of fuel containing no ammonia, the thermal-NO, emis-
sions were reduced lower than 10 ppm (corrected at 16% O,).
Furthermore, not shown in Fig. 12, CO emissions were reduced as
low as 20 ppm, at any gas turbine load, or combustion efficiency
was kept higher than 99.9%.

Figure 13 shows the effect of the cross-sectional flow velocity
of the air, Ur, on the NO, emission characteristics at the rated
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Fig. 13 Effect of sectional flow velocity of air in the combustor
on NO, emission characteristics in the case of nitrogen
injection
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Fig. 14 Effect of bypassing nitrogen flow rate, premixed with
combustion air on NO, emission characteristics

temperature of 1773 K. In the tests, the nitrogen flow rate of
Ny/fuel was set at 0.7 kg/kg, the pressure inside a combustor was
at 1.2 MPa, and NH5 and CH, concentrations in the fuel were
500 ppm and 3.0%, respectively, just as in the case of Fig. 12. All
of the nitrogen was injected from the burner. With the rise in Ur,
thermal-NO, emissions have slightly decreased, while the conver-
sion rate of NH; to fuel-NO, tended to increase. That is, since the
residence time of the combustion gas in the combustor declined
with the rise in Ur, thermal-NO, emissions decreased but main-
tained a low level of 10 ppm (corrected at 16% O,) or below. On
the other hand, reduction of NH; into N, in the primary combus-
tion zone declined and fuel-NO, emissions increased. If the resi-
dence time of the burned gases in the reduction combustion zone
was increased, the fuel-NO, emissions will be restrained more,
while the thermal NO, emissions maintain 10 ppm or below.

Nitrogen supply positions affected temperature distribution,
thermal NO,, and fuel-NO, production in the combustor. We ob-
served NO, emission characteristics when a part of the nitrogen
was injected into the combustor through the burner and the rest
was bypassed to premix with the combustion air, which was in-
jected from the burner-air nozzles and secondary combustion air
holes. Figure 14 shows the relationship between the ratio of by-
passing nitrogen flow rate over total nitrogen supply,
N,(BY)/Nstotal, and both the conversion rate of NHj3 in the fuel
to NO,, CR, and NO, emissions, where air flow rate was set at
1.9 kg/s, the N/fuel ratio was 0.7 kg/kg, the pressure was set at
1.2 MPa, and the average temperature of combustor-exit gas was
maintained at 1773 K. The conversion rate of NHj, CR, slightly
decreased with rises in the N,(BY)/Nstotal ratio, while thermal-
NO, emissions gradually increased to 10 ppm (corrected at 16%
0,). Consequently, total NO, emission concentration hardly
changed under the condition of NH3 500 ppm.

Nitrogen flow rate varied according to the type of gasifier and
small changes occurred with each operation. We observed emis-
sion characteristics when nitrogen injection flow rate to the com-
bustor changed. Figure 15 shows the relationship between nitro-
gen injection and NO, emission characteristics, where air flow
rate was set at 1.9 kg/s, pressure was set at 1.2 MPa, and the
average temperature of combustor-exit gas was maintained at
1773 K. In the tests, all of the nitrogen was injected from the
burner. With rises in the Nj/fuel ratio, thermal-NO, emissions
decreased, while the conversion rate, CR, increased in the lower
Ny/fuel ratio and showed constant when the N,/fuel ratio was
0.8 kg/kg or higher. As a result, total NO, emissions decreased
gradually with rises in the N,/fuel ratio. Although not shown in
Fig. 15, CO emissions were reduced as low as 20 ppm at any
N,/fuel ratio, or combustion efficiency was at around 100%.

The concentration of NHj in gasified fuel varies depending on
the types of raw material, gasifier, and gasification conditions.
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Fig. 15 Effect of nitrogen injection flow rate from the burner
on NO, emission characteristics

Therefore, we carried out a study of the effects of NH; concen-
trations in the fuel on NO, emission characteristics. Figure 16
shows the relationship between NH; concentration in the fuel and
NO, emission characteristics when nitrogen of 0.7 kg/kg N,/fuel
ratio was injected from the burner, airflow rate was set at
1.9 kg/s, and the combustor-exit gas temperature maintained at
1773 K. With rises in NH; concentration, total NO, emissions
increased, while the conversion rate, CR, declined. It has been
reported that higher concentration of nitrogenous compounds, in
the form of NH; mostly, in the fuel suppresses the conversion rate
of those nitrogenous compounds into NO, [27]. Similar findings
were observed in medium-Btu gasified fuel. Furthermore, when
the nitrogen was bypassed and premixed with the combustion air,
or NH; concentration in the primary combustion zone became
relatively higher, the conversion rate of NH; to NO, resulted in a
decrease, while thermal-NO, emissions increased slightly, as
shown in Fig. 14. Consequently, the nitrogen bypassing method is
expected to be effective in the case of gasified fuel contained
higher concentrations of NHj.

In combustion tests, the maximum pressure was set to 1.2 MPa
of slightly less than that of the practical operation at the equiva-
lent, rated load conditions for restrictions of the fuel supply rate.
Therefore we examined the effects of pressure in the combustor
on the NO, emission characteristics. Figure 17 shows the relation-
ship between the combustion pressure and the NO, emissions. In
the tests, all of the nitrogen was injected from the burner into the
combustor, and the pressure inside a combustor was changed to
maintain the residence time of the burned gas in the combustor at
a constant. The conversion rate of NH3 to NO, slightly increased
with the rise in pressure from 0.4 MPa to 1.2 MPa, and the
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Fig. 16 Effect of ammonia concentration in fuel on NO, emis-
sion characteristics
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Fig. 17 Effect of pressure inside a combustor on NO, emis-
sion characteristics

thermal-NO, emissions slightly increased. The pressure indexes,
Pjdqex» Which are the inclinations of the logarithmic values of the
thermal-NO, and total-NO, emissions against the pressure as
shown by the following equation, will be shown to be 0.37 and
0.13, respectively

N0, () "

[NOJ, \P,

where the subscripts 1 and 2 of the NO, emission, [NO,], and the
pressure in the combustor, P, designate the respective conditions.

Regarding the effect of combustion pressure on the thermal-
NO, emissions in the gas turbine combustor using the conven-
tional hydrocarbon fuels, it is known that the production rate of
thermal-NO, originated from the Zel’dovich NO mechanism in-
creases nearly proportionately to the 1.5-th power of pressure (i.e.,
d[NO]/dt> P'~) and the thermal-NO, emission mole fraction var-
ies in proportion to the 0.5-th power of the combustion pressure,
in theory. Actually, the number of power described above is dif-
ferent according to both combustion methods and configurations
of the combustors. However, in the case of the medium-Btu fueled
combustor with nitrogen injection, it is found that the influence of
the pressure on the thermal-NO, emissions shows a different ten-
dency from that of the hydrocarbon fuel and lower dependence of
the thermal-NO, emissions on pressure. That is because the vol-
ume of the medium-Btu fuel was larger than that of hydrocarbon
fuels, and so mixing characteristics were improved. Furthermore,
the fuel-rich combustion where produced Prompt NO was em-
ployed in the first combustion zone, but the gasified fuels con-
tained little of constituents hydrocarbons or thermal-NO, emis-
sions show a different tendency from the case of hydrocarbon
fuels. So the thermal-NO, emissions showed the weaker depen-
dence on pressure.

The simulated gasified fuel produced in the test facility was
slightly different from typical commercial gasified fuel in compo-
sition due to restrictions in the fuel supply rate. Therefore, we
examined the effects of CH, concentration in the fuel. Figure 18
shows the effects of the CH4 concentration on the NO, emission
characteristics under the conditions of pressure 1.2 MPa and esti-
mates the NO, emissions under the rated load conditions of the
actual operations. Also, Fig. 18 shows the total-NO, emissions in
the case where the pressure in the combustor was varied maintain-
ing the CH, concentration at around 3% of Fig. 17. In the tests,
the residence time of the combustion gas in the combustor was set
and maintained constant under the conditions where the average
temperature of combustor-exit gas was set at 1773 K, the nitrogen
of 0.7 kg/kg N,/fuel ratio was injected from the burner, and NH;
concentration in the fuel was 500 ppm. The other test conditions
were pursuant to the standards shown in Table 3. In the designed
combustor, the total NO, emissions increased proportionally to
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the pressure to the power of 0.13, while the thermal-NO, emis-
sions were proportional to the power of 0.37 of the pressure, as
shown in Fig. 17. It was found that the pressure has less influence
on the fuel-NO, emissions than on the thermal-NO, emissions.
On the other hand, the total NO, emissions decreased with the
decrease in CH, concentration. From these experimental results,
total NO, emissions could be estimated at around 34 ppm (cor-
rected at 16% O,) under the equivalent rated load conditions of
medium-Btu fuel which contained 0.1% CH,4 and 500 ppm NHj.

From the estimation method of NO, emissions shown in Fig.
18, Fig. 19 shows the combustion emission characteristics under
the simulated operational conditions of the 1773 K-class gas tur-
bine for IGCC in the case where gasified fuel contains 0.1% CHy
and 500 ppm NH;. Considering the effects of CH,4 concentration
and pressure as shown in Fig. 18, it will be predicted that NO,
emissions are as low as 34 ppm (corrected at 16% O,) in the
range where the gas turbine load is 25% or higher, which is the
single fuel firing of gasified fuel, while the NO, emissions tend to
increase slightly with the rise in the gas turbine load.

On the other hand, we can expect that combustion efficiency is
around 100% under actual operational conditions of the medium-
Btu fueled gas turbine, because CO emissions tend to decrease
with the rise in pressure.

From these results, it appears that two-stage combustion and
nitrogen direct injection technique will sufficiently allow low NOy
emission levels in the case where the oxygen-blown IGCC em-
ploys the hot/dry synthetic gas cleanup and the IGCC system will
be able to achieve the full performance benefits of this concept.
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Fig. 19 Effect of the gas turbine load on combustion emission
characteristics
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Conclusions

Based on basic combustion test results using a small diffusion
burner, we designed a combustor fitted with a suitable nitrogen
injection nozzle and two-stage combustion for oxygen-blown
IGCC, and demonstrated that combustor’s performance under gas
turbine operational conditions. Test results are summarized as fol-
lows:

1. Based on the basic combustion tests, we clarified that the
equivalence ratio at the primary combustion zone has to be
adjusted according to the fuel conditions, such as methane
concentration and CO/H, molar ratio in the gasified fuels
when reducing fuel-NO, emissions through a two-stage
combustion method.

2. From the combustion tests of the medium-Btu fueled com-
bustor, two-stage combustion with nitrogen direct injection
results in reductions of NO, emissions to 34 ppm (corrected
at 16% O,) or less under gas turbine operational conditions
of 25% load or higher for IGCC in the case where the gas-
ified fuel contained 0.1% methane and 500 ppm ammonia.
Through nitrogen direct injection, the thermal efficiency of
the plant improved by approximately 0.3% (absolute), com-
pared with a case where nitrogen was premixed with gasified
fuel. The CO emission concentration decreased drastically,
as low as 20 ppm, or combustion efficiency was kept higher
than 99.9%.

3. The tested combustor has further shown that the total NO,
emissions were reduced as low as 40 ppm (corrected at 16%
0,), the thermal-NO, emissions lower than 10 ppm (cor-
rected at 16% O,) in the case of fuel containing no ammo-
nia, and the combustion efficiency higher than 99.9% even
when the combustor-exit gas temperature was raised to
around 1873 K for the improvement of the plant thermal
efficiency.

The above results show that the two-stage combustion method
with nitrogen direct injection is very effective in reducing both
fuel-NO, and thermal-NO, emissions at once for higher thermal
efficiency of gas turbine in oxygen-blown IGCCs. To keep stable
supplies of energy and protect the global environment, it will be
important that human beings not only use finite fossil fuel, such as
oil and coal, but also reexamine unused resources and reclaim
waste, and develop highly effective usage of such resources. The
IGCC technologies could have the potential to use highly efficient
resources not widely in use today for power generation.

Acknowledgment

The authors wish to express their appreciation to the many
people who have contributed to this investigation. In testing this
combustor, we received helpful support from Mr. K. Kawashima,
and Y. Kousaka, (Central Research Institute of Electric Power
Industry), Mr. H. Sezaki, M. Suzuki, and K. Terada, (Techno Ser-
vice Corp.).

Nomenclature
CO/H, = molar ratio of carbon monoxide and hydrogen

in the fuel

CR = conversion rate from ammonia to NO, (%)
HHV = higher heating value of the fuel at temperature
of 273 K basis (MJ/m?)
LHV = lower heating value of the fuel at temperature
of 273 K basis (MJ/m?)
H., = lower heating value of the unburned fuel in the
exhaust gas
Hy = lower heating value of the fuel supplied to the
combustor
Ic = combustion intensity in the combustor at tem-

perature of 273 K basis (W/(m? Pa))
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N,/fuel = nitrogen over fuel supply ratio (kg/kg)
N,total = total injection rate of nitrogen (kg/s)
N,(BY) = flow rate of bypassing nitrogen premixed with
the combustion air (kg/s)
NO,(16%0,) = NO, emissions corrected at 16% oxygen in the
exhaust gas (ppm)
NO,y, = thermal NO, emissions
P = pressure inside the combustor (MPa)
T, = adiabatic flame temperature (K)
T, = temperature of supplied air (K)
T.x = average temperature of combustor exit gas (K)
T = temperature of supplied fuel (K)
Tx, = temperature of supplied nitrogen (K)
Ur = mean velocity of cross-sectional flow of air at
temperature of 273 K basis (m/s)
n = combustion efficiency
(%)=(1-Hey/Hy) X 100%
¢ = equivalence ratio
¢ex = equivalence ratio at combustor exit
¢, = equivalence ratio in the primary combustion
zone
AP/q = total pressure loss coefficient (characteristics
section is combustor-exit)
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Investigation of Entropy Noise in
Aero-Engine Combustors

Strong evidence is presented that entropy noise is the major source of external noise in
aero-engine combustion. Entropy noise is generated in the outlet nozzles of combustors.
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Ulf Michel Low-frequency entropy noise, which was predicted earlier in theory and numerical simu-
lations, was successfully detected in a generic aero-engine combustion chamber. It is
||‘|g(] Roehle shown that entropy noise dominates even in the case of thermo-acoustic resonances. In

addition to this, a different noise generating mechanism was discovered that is presum-
ably of even higher relevance to jet engines: There is strong evidence of broad band
entropy noise at higher frequencies (1 to 3 kKHz in the reported tests). This unexpected
effect can be explained by the interaction of small scale entropy perturbations (hot spots)
with the strong pressure gradient in the outlet nozzle. The direct combustion noise of the
flame zone seems to be of minor importance for the noise emission to the ambiance. The
combustion experiments were supplemented by experiments with electrical heating. Two
different methods for generating entropy waves were used, a pulse excitation and a
sinusoidal excitation. In addition, high-frequency entropy noise was generated by steady
electrical heating. [DOI: 10.1115/1.2364193]
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Introduction

Combustion noise gains importance, especially during the land-
ing approach of modern aircraft. This observation is mainly based
on the achievements in decreasing jet mixing noise and fan noise
of modern aero-engines.

The total noise radiated by a combustion chamber system con-
sists of direct and indirect combustion noise as shown in a gener-
alized acoustic energy equation by Dowling [1]. The direct noise
sources are related to the unsteady combustion process itself, e.g.,
to unsteady heat release. The indirect combustion noise is gener-
ated when a fluid with a nonuniform entropy distribution is accel-
erated in or convected through the nozzle located at the down-
stream end of the combustion chamber. The accelerated or
decelerated hot spots radiate sound. In gas turbines, the inlet guide
vanes for the first turbine stage represent a nozzle for the combus-
tion chamber flow. The flow in this nozzle is choked in aero-
engines in practically all relevant operating conditions. The under-
lying theory of the acoustic mechanism is described by Marble
and Candel [2]. In the following, indirect combustion noise (ICN)
and entropy noise (EN) are used as equivalent expressions.

Up to now, there was little direct experimental proof of the
existence of entropy noise in combustion with respect to the noise
emission to the ambiance, presumably because of the difficulty to
separate the different noise generating processes leading to en-
tropy and direct combustion noise. Exceptions are the work in
1976 of Bohn [3], in which entropy waves and entropy noise were
generated electrically, and the experimental investigations of
Muthukrishnan et al. [4], who separated the combustion noise
sources via a coherence analysis.

The dispersion behavior of entropy fluctuations in a combustor
flow was calculated by Sattelmayer [5]. Entropy waves are fre-
quently studied with respect to their significance as a feedback
force for combustion instabilities and thermo-acoustic oscilla-
tions; see, e.g., [6—8]. However, the contribution to the noise
emission of aero-engine combustors remained unknown. With the
goal to evaluate the respective ratio of direct and indirect combus-
tion noise, a model combustor and a reference test rig were setup
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and acoustically investigated within the framework of a DFG re-
search unit on combustion noise (http://www.combustion-
noise.de). The results of this ongoing research work are presented
in this paper.

Experimental Setup

For the experiments two different test rigs have been used. The
first one, called the entropy wave generator (EWG), is a nonreac-
tive reference test rig to investigate the sound emission of artifi-
cially induced entropy waves in an accelerated tube flow. The
second one is a model combustor test rig to demonstrate the noise
emission of accelerated entropy perturbations in a reactive com-
bustor flow.

Entropy Wave Generator (EWG). The entropy wave genera-
tor is basically an accelerated tube flow with the capability of
inducing entropy waves via a heating module. The idea of this
setup is to optimize and test detection methods for entropy noise.
Furthermore, it allows us to validate numerical (CFD + CAA)
studies and to confirm theoretical considerations.

A sketch of the design is shown in Fig. 1. The flow, which is
supplied by a compressed air system, is calmed in a settling cham-
ber with a honeycomb flow straightener before it enters the tube
section via a bell-mouth intake. The inner diameter of the tube is
30 mm. The heating module consists of six ring sections with ten
platinum wires stretched through the each cross section. The wires
have a diameter of 25 wm and a total length of about 1.2 m. In the
current setup the wires can be heated with an electrical power of
up to 200 W. The length of the heating module in the streamwise
direction amounts to 48 mm. The tube section following the heat-
ing module is exchangeable so that three different lengths, 42.5,
92.5, and 192.5 mm, can be tested. Further downstream the flow
is accelerated through the convergent part of a convergent-
divergent nozzle and then decelerated in the subsonic divergent
diffuser part of the nozzle. The following 1020 mm long tube
section has a diameter of 40 mm and is equipped with wall-flush-
mounted microphones at different axial positions for acoustic
analysis. The flow leaves the test rig through an anechoic termi-
nation in order to minimize acoustic reflections into the measure-
ment section. The maximum mass flux limited by the air supply is
18 g/s and the maximum Mach number in the nozzle throat
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Fig. 1 Sketch of the entropy wave generator (EWG)

amounts to Ma=1 at a mass flux of about 11 g/s and a nozzle
diameter of 7.5 mm. A photo of the entropy wave generator is
displayed in Fig. 2.

Combustor Test Rig Setup. The combustor setup for the ex-
perimental investigation is chosen to replicate fuel-air-mixing
characteristics of full scale gas turbines while still permitting
analysis by experimental means. In order to simplify the acoustic
analysis and the numerical approach, the system is designed
axisymmetrically.

The test rig, shown in Figs. 3 and 4, consists of three sections:
combustion chamber, outlet nozzle, and exhaust duct. A swirled
dual air-flow nozzle is used to drive the combustion zone. Meth-
ane gas is injected as the fuel through an annular slot between the
air streams.

The combustion chamber itself is made of either a fused quartz
glass or a stainless steel cylinder with 100 mm inner diameter. It
has a length of 113 mm and is terminated by a convergent-
divergent nozzle as shown in Fig. 4. The outlet nozzle can be
exchanged with nozzles of different throat diameters (7.5, 17, 20,
and 30 mm) for testing the influence of the outlet Mach number
on the indirect combustion noise.

The outlet nozzle is attached to an exhaust duct with the same
diameter as the combustion chamber. In order to reduce the im-
pedance jump at the exhaust outlet, an end diffuser is installed. In
addition, the diffuser is perforated with holes of 2 mm diameter
with increasing perforation density towards the exit. This exhaust
duct termination is designed in consideration of the experimental
investigations of Shenoda [9].

In order to excite the combustion process with perturbations, a
piezoelectric device is installed in the fuel gas supply system to
modulate the fuel mass flux dynamically. The fuel gas modulator
is driven by a frequency generator.

Sound pressure measurements in combustion environments put
high demands on the acoustic equipment. High temperatures of up
to 2000 K and highly corrosive exhaust gases forbid the usage of
normal microphone setups in the standard way. To prevent sensor
destruction a probe microphone configuration like the one shown
in Fig. 5 is used.

Due to the spatial separation of the measurement location at the

Fig. 2 Photo of the entropy wave generator (EWG)
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Fig. 3 Isometric view of the combustor test rig

combustion chamber wall or exhaust duct and the microphone
itself, common i in. microphones can be used. The connection
between the exhaust duct wall and the microphone is realized by a
steel tube of 2 mm inner diameter. For impedance matching and
to minimize standing wave effects in the probe tube, this is ex-
tended according to the principle of the semi-infinite acoustic
duct.

The microphone itself is perpendicular and flush-mounted in-
side the cylindrical chamber shown in Fig. 5. From the rear end,
the probe tube is purged with cooling gas with a well controlled
small flow rate. The purging prevents the diaphragm of the micro-
phone from damage by corrosive combustion products. Of course,
the phase shift in the collected data due to the propagation delay
through the probe tube has to be corrected afterwards. Since the
probe tube is finite, small reflection effects remain in the transfer
function of the probe microphone. A detailed description of the
calibrated transfer functions is given by Forster et al. [10].

In the current setup the combustion chamber can be equipped
with up to three probe microphones at different axial positions. On
the exhaust duct system 12 microphones can be installed at three
axial and four circumferential positions. From the acoustic time
series, the downstream and upstream propagating acoustic waves
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Fig. 4 Sketch of the combustion chamber setup
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Fig. 5 Sketch of the probe microphone. The microphone is
installed in the cylindrical pressure cell.

can be determined using an inhouse processing code for mode
analysis [11,12]. Thus, the total sound power emitted by the com-
bustion system can be determined. In the considered frequency
range, the plane wave modes are the only propagating modes.

In order to obtain information about convecting temperature
fluctuations or so-called entropy waves, bare wire thermocouples
with a diameter of 25 pm are installed in the combustion chamber
and in the throat of the outlet nozzle.

For validation purposes and to map the flow field topology, the
flow velocity field was measured using a quartz glass combustion
chamber with square cross section and a three-component laser
doppler system. Results were reported in [13-15].

Tests and Results

The investigations meant to provide the evidence of entropy
noise can be divided into three different approaches:

1. The time domain analysis of microphone signals in a pulse
excitation mode. In the combustor setup the fuel gas supply
is regulated by a piezo-electrical gas modulator. In the EWG
rig the platinum wires are heated once per second, controlled
by square pulses from a function generator.

2. The cross-spectral analysis of microphone signals and either
thermocouple signals in the combustor rig or excitation sig-
nals in the EWG, respectively, as a reference. For this the
combustor rig is operated in a self-excited oscillating mode
while the EWG is heated periodically.

3. By the spectral analysis of broadband entropy noise emis-
sion in a higher frequency range.

In the following the results of these three different approaches

are presented for the combustor setup and the EWG rig, respec-
tively.
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Fig. 6 Phase averaged time series of trigger (above) and ther-
mocouple (below) signal in the pulse excitation mode

Pulse Excitation

Combustor Test Rig. In the combustor test rig the nonsinusoidal
excitation was implemented using a piezoelectric fuel gas modu-
lator. Hereby, once per second the fuel gas supply was increased
for a period of about 17 ms. In the postprocessing the microphone
and thermocouple signals are phase averaged in reference to the
excitation trigger signal. In this setup the thermocouple signal was
acquired from the throat position of the convergent—divergent
nozzle. The combustor was operated at a power of 9.05 kW and
an equivalence ratio of 1.25, resulting in a mean bulk velocity of
~1.2 m/s in the combustion chamber. The Mach number in the
combustor outlet nozzle was 0.5.

In the current work the thermocouple signals were not compen-
sated. The associated amplitude loss is not of interest since the
amplitudes are not further evaluated for the time domain and cross
spectral analysis. With respect to the phase relation, it is assumed
that the regarded frequency ranges are above the cutoff frequency
of the probe and therefore in a nearly phase constant region in the
low-pass filter behavior of the thermocouples. Since only relative
phase dependencies are regarded, the absolute phase error is not
relevant. However, the relative phase behavior of the thermo-
couples was determined using a chopped laser beam directed on
the thermocouple junction and was found to be approximately
constant for the here regarded frequency ranges.

Figure 6 shows the phase averaged time traces of the fuel
modulator trigger input on the left and of the thermocouple signal
in the outlet nozzle on the right. After a delay period of about
50 ms from the trigger pulse (¢,=0.02 s) the thermocouple indi-
cates a distinct temperature modulation in the outlet nozzle with
an amplitude of £0.6 V corresponding to a temperature fluctuation
in the order of +50 K. The real temperature fluctuation is pre-
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sumedly much higher since uncompensated thermocouple data
were processed here. Thus the triggered modulation of the fuel
mass flux generates a perturbation of the heat release and with it a
convecting entropy wave.

The phase averaged microphone signals are displayed in Fig. 7.
Both the combustion chamber (left) and the exhaust duct (right)
microphone show an intense pressure pulse shortly after the fuel
trigger, which corresponds to the direct flame response. The
modulation in the fuel mass flux causes a fluctuation in the heat
release, which generates the primary propagating sound wave. But
the fluctuation in the heat release also produces a downstream
convecting entropy wave, which creates in the outlet nozzle an-
other pressure fluctuation indicated again in both microphone sig-
nals in Fig. 7. The convection time of about 50 ms fits to the mean
flow velocity and the convection path in the combustion chamber
from the flame to the nozzle. The effect of the two microphones in
the combustion chamber and the exhaust duct being out of phase
at the second pressure pulse series is also described in theory [2].

EWG. At the reference test rig the wires in the heating module
of the EWG were electrically heated in the pulse excitation mode
once per second with a pulse of =3.5 A at 77 V and a pulse
duration of 10 ms. Under variation of various parameters like
mean flow velocity, Mach number, and distance between heating
module (EWG) and nozzle (AXeygnozze)» microphone signals
from positions upstream and downstream of the nozzle were ac-
quired. In the postprocessing analysis the signal traces were phase
averaged using the current excitation signal as reference.

Figure 8 shows the phase averaged signals of a microphone
downstream of the nozzle for different bulk velocities in the tube
flow and therefore different Mach numbers in the nozzle. The
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Fig. 8 Phase averaged time series of entropy-wave-generator
microphone signals in the pulse excitation mode at different
bulk velocities

heating current signal is also plotted in the graph as a dashed line.
The entropy wave induced by the EWG generates a positive pres-
sure pulse in the nozzle throat after a propagation delay. This
pressure pulse then propagates with the speed of sound and is
recorded by the microphones downstream of the nozzle. It can be
seen in Fig. 8 that the increase of the bulk velocity yields a cor-
responding decreased time delay and an increased pressure ampli-
tude. The maximum Mach number at this measurement series was
Ma=1.

Figure 9 shows the time-domain averaged signals at different
distance lengths between EWG and nozzle throat. For the mea-
surements, tube sections with different lengths have been inserted
in the test rig. Here, the bulk velocity in the tube section was
11.9 m/s and the Mach number in the nozzle Ma=1. The propa-
gation delay of the entropy wave and the corresponding pressure
pulse is equivalent to the changing propagation path between
EWG and nozzle throat if the noise generating entropy waves are
traveling with the mean velocity of the flow. The amplitudes of
the pressure pulses decrease slightly with increasing duct length,
probably due to an increased dispersion of the entropy wave.
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Fig. 9 Phase averaged time series of EWG microphone sig-
nals in the pulse excitation mode for different tube lengths Ax
between heating module (EWG) and nozzle
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Sinusoidal Excitation

Combustor Test Rig. In general, to determine the propagation
speed of traveling perturbations measured by certain sensors at
different positions, the phase relationships between the signals of
these sensors have to be analyzed. First the cross spectrum be-
tween the two sensors has to be calculated. Then the phase rela-
tion in a frequency range of strong coherence between these two
sensors has to be considered. A phase relation that is linear with
frequency stands for a propagating perturbation, whereby the
slope of the phase relation is antiproportional to the propagation
speed. Thus, at constant propagation, path perturbations propagat-
ing with the speed of sound result in a much flatter phase line than
perturbations traveling with flow velocity.

The combustion chamber setup was hereby operated in a reso-
nant self-oscillating mode at a power of 8.35 kW and an equiva-
lence ratio of 1.25. Signals from a thermocouple in the combus-
tion chamber as well as microphone signals of the combustion
chamber and the exhaust duct were acquired. The outlet nozzle
diameter used was 7.5 mm, which yields an outlet Mach number
of Ma=0.47. The mean bulk velocity in the combustion chamber
was =~1.03 m/s.

Figure 10 shows the power spectrum of the thermocouple in the
combustion chamber at x=85 mm and r=25 mm with a clear
peak at 115 Hz, which is also found in the acoustic signals. This
indicates the convection of hot spots with the resonance frequency
of the system. To extract the phase relationship the cross spectral
density function is evaluated between the thermocouple and the
microphones in the combustion chamber and the exhaust duct,
respectively. Figure 11 displays the zoomed cross spectra for the
above-mentioned self-oscillating resonance case.

Considering plane propagation modes the slope in a phase-
frequency diagram is inversely proportional to the corresponding
propagation speed. The difference between the curves of the two
cross spectra in Fig. 11 is obvious. While the phase between the
thermocouple and the combustion chamber microphone (gray)
shows a negligible slope, the phase relation between the thermo-
couple and the exhaust microphone (black) indicates a much
steeper slope related to a distinctly lower propagation velocity.
Regarding a propagation distance between the thermocouple and
the convergent-divergent nozzle of 52.5 mm, the phase relation
results in a propagation velocity of approximately 3 m/s, which
matches the mean flow velocity in this region. In comparison the
speed of sound in the combustion chamber is as high as 900 m/s.
Thus, the temperature or entropy perturbation is convected with
flow velocity from the primary combustion zone passing the ther-
mocouple and accelerated in the outlet nozzle, where the entropy
noise generation takes place. The latter is detected by the exhaust
duct microphone. In contrast, the phase-frequency relationship be-
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chamber microphone (gray) and the exhaust duct microphone
(black) at a self-oscillating mode

tween the thermocouple and the combustion chamber microphone
(gray) shows a phase that is almost independent of frequency,
which indicates high propagation speeds.

EWG. At the EWG test rig a cross spectral analysis was con-
ducted of measurements in a sweep excitation mode. Hereby, the
EWG module was heated with a slow sweep over a certain fre-
quency range. Since in this frequency range the microphone sig-
nals downstream of the nozzle indicate a strong coherence with
the excitation signal and also exhibit a linear phase relation, the
slope of this phase relation could be evaluated to provide the
propagation velocity of the perturbations.

Figure 12 shows the phase plot of the cross spectra between
heating current and microphone signals downstream of the nozzle
for an excitation sweep from about 85 to 145 Hz. The different
traces correspond to different tube lengths between EWG and
nozzle throat. The longest path distance (AXeyg.nozze=200 mm)
results in the steepest phase line due to the same propagation
velocity.

From this phase relation the propagation velocity can be quan-
tified as shown in Table 1. Here, the second column displays the

400
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|slope ~ propagation time]
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Frequency [Hz]
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Fig. 12 Phase relation of cross spectra between heating cur-
rent and microphone signals downstream of nozzle for differ-
ent tube length between heating module (EWG) and nozzle
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Table 1 Propagation velocities of entropy waves calculated
from phase relation in comparison with bulk velocity of the flow
for different tube lengths Ax between heating module (EWG)
and nozzle

Distance Time Propagation Bulk
AXewg-nozzle delay velocity velocity

(mm) (ms) (m/s) (m/s)

50 6.9 11.7 11.9

100 9.9 13.6 11.9

200 18.1 12.8 11.8

time delays resulting from the slope of the phase relation at dif-
ferent tube lengths (column 1). Considering the acoustic propaga-
tion time of the generated entropy noise, the traveling speed of the
entropy waves can determined in column 3. These phase veloci-
ties give a good agreement compared to the bulk velocity of the
flow (column 4). However, it has to be considered that the tube
flow features a certain flow profile, where the bulk velocity, cal-
culated from the mass flux, the tube cross section, and the mean
density, is only a spatial mean value.

Broadband High-Frequency Noise

Combustor Test Rig. Further measurements in the combustion
test rig indicate another probable entropy related noise generation
mechanism. Hereby, the microphone signals of the combustion
chamber and the exhaust duct are compared.

Figure 13 displays the corresponding power spectra in a fre-
quency range up to 5 kHz. It demonstrates the increased sound
pressure level of the exhaust duct microphone (gray line) over the
combustion chamber microphone (black line) in the frequency
range between 1.4 and 3.3 kHz. The unsteady combustion process
seems to create small scale entropy perturbations, which generate
high-frequency broadband noise when accelerated through the
combustion chamber outlet nozzle. A possible jet noise contribu-
tion in the exhaust duct yields much lower sound pressure levels
due to the low mean flow velocity (=2 m/s). Thus, jet noise
cannot be the reason for this elevated sound pressure level. Above
3.5 kHz the spectrum of the combustion chamber microphone
shows the appearance of higher acoustic modes, which are cut off
in the nozzle and cannot be observed in the exhaust duct. Since
these higher order cut-on standing waves do not emit acoustic
power, the dominating effect of broadband entropy noise in the
exhaust duct system exists for all frequencies above 1.1 kHz. The
operation conditions of this section were the same as in the pre-
vious one about the sinusoidal excitation.
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Fig. 13 Power spectra of combustion chamber and exhaust
duct microphones up to 5 kHz
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Fig. 14 Sketch of noise generation by small scale entropy per-
turbations in the entropy wave generator at constant heating

EWG. In order to study broadband entropy related noise sources
the EWG heating module was heated continuously in order to
generate hot streaks in the wake of each wire. Since the distance
between the heating module and the nozzle is comparatively small
an equalization of these nonuniform temperature distributions
does not occur. The authors are convinced that the strong accel-
eration of these temperature streaks and nonuniformities through
the nozzle generates broadband entropy noise at higher frequen-
cies. A sketch of this mechanism is shown in Fig. 14.

Figure 15 shows the power spectra of microphone signals
downstream of the nozzle structure in the region from 500 to
3000 Hz. The dashed line shows the reference case without heat-
ing at a nozzle Mach number of 0.35. The peaks in the spectrum
are resonance frequencies of the flow system. The solid curve
displays the power spectrum with constant heating of all six wire
sections. It is obvious that the sound pressure level is elevated in
the heated case over almost the total frequency range. Especially
in regions with lower background noise, the augmentation of the
total noise level by entropy noise amounts up to 7 dB in sound
pressure level.

For a detailed quantification of the noise increase and its depen-
dency on the nozzle Mach number the frequency band power of
the microphone signals between 1 and 4.5 kHz has been calcu-
lated at different Mach numbers for the nonheated and the perma-
nently heated case, respectively. As a result, Fig. 16 shows a
strong nonlinear increase in frequency band power difference with
the Mach number. This observation supports the theory of Marbel
and Candel [2], where a strong increase of entropy noise with the
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Fig. 15 Power spectrum of EWG microphone downstream of
the nozzle with and without constant heating at nozzle Mach
number 0.35
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nozzle Mach number was predicted. In Fig. 16 the measured re-
sults can be fitted by an exponential function, which underlines
the strong Mach number dependence.

Conclusion

Entropy noise is generated when convecting entropy perturba-
tions are accelerated through a nozzle at high Mach numbers. It
was shown that entropy noise is the dominant source for the pres-
sure fluctuations in the exhaust duct of a generic combustion
chamber. The same conclusions can be drawn from experiments in
a reference test rig (EWG) in which the entropy waves were gen-
erated by electrical heating.

Three different excitation schemes were applied in the electri-
cally heated reference test rig. The results in a constant heating
mode show the generation of broadband entropy noise at higher
frequencies due to a spatially nonuniform distribution of the tem-
perature in the wakes of the heating wires. The entropy noise is
shown to increase in amplitude with increasing flow Mach num-
ber as predicted theoretically.

The same effects including the high-frequency broadband en-
tropy noise in a well audible range between 1 and 3.5 kHz were
found in the combustion test rig. It was shown that even at oper-
ating conditions with self-excited thermoacoustic oscillations, the
emitted sound power of the combustion system is related to en-
tropy noise effects. So far, the nozzle outlet Mach number in the
combustion rig reached only Ma=0.5. Since the combustor outlet
of aero-engines is choked in all relevant operation conditions, and
since the effect of entropy noise is expected to increase strongly
with Mach number as shown in the reference experiment (EWG),
it can be concluded that entropy noise will be even higher in real
jet engines.

In aero-engines it can be assumed that additional entropy noise
is generated in each turbine stage when the flow with nonuniform
entropy passes the stages.

376 / Vol. 129, APRIL 2007

Considering the achievements in fan and jet noise reduction, the
entropy noise mechanism requires further research activities, es-
pecially with respect to the design of future aero-engine combus-
tors to yield a more uniform temperature distribution in the outlet
of the combustor.
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Isothermal Flow in a Swirl Burner

In this paper, the non-reacting flow in a swirl burner is studied using large eddy simu-
lation. The configuration consists of two unconfined coannular jets at a Reynolds number
of 81,500. The flow is characterized by a Swirl number of 0.93. Two cases are studied in
the paper differing with respect to the axial location of the inner pilot jet. It was observed
in a companion experiment (Bender and Biichner, 2005, Proc. 12 Int. Cong. Sound and
Vibration, Lisbon, Portugal) that when the inner jet is retracted the flow oscillations are
considerably amplified. This is also found in the present simulations. Large-scale coher-
ent structures rotating at a constant rate are observed when the inner jet is retracted. The
rotation of the structures leads to vigorous oscillations in the velocity and pressure time
signals recorded at selected points in the flow. In addition, the mean velocities, the
turbulent fluctuations, and the frequency of the oscillations are in good agreement with
the experiments. A conditional averaging procedure is used to perform a detailed analy-

sis of the physics leading to the low-frequency oscillations. [DOIL: 10.1115/1.2364198]

Introduction

In recent years, there has been increased demand for gas tur-
bines that operate in a lean premixed mode of combustion in an
effort to meet stringent emission goals. Highly turbulent swirl-
stabilized flames are often used in this context. However, swirling
flows are prone to flow instabilities, which can trigger combustion
oscillations and cause damage to the device. Lean premixed burn-
ers in modern gas turbines often make use of a richer pilot flame,
which is typically introduced near the symmetry axis.

In order to prevent the appearance of undesired flow instabili-
ties, it is necessary to understand the underlying physical phenom-
ena. Several mechanisms have been identified in the literature as
potential triggers of combustion instabilities. There is, however,
no consensus about the real importance of each of them. Lieuwen
et al. [1] suggested that heat-release oscillations excited by fluc-
tuations in the composition of the reactive mixture entering the
combustion zone are the dominant mechanism responsible for the
instabilities observed in the combustor. Other authors [2,3] favor
the in-phase formation and combustion of large-scale coherent
vortical structures. In premixed combustors, these large-scale
structures play an important role in combustion and heat-release
processes by controlling the mixing between the fresh mixture and
hot combustion products [4].

The formation of large-scale coherent structures is a fundamen-
tal fluid-dynamical problem, which must be understood also in the
absence of combustion. Large eddy simulation (LES) is a particu-
larly suitable approach for studying this problem. It allows the
treatment of high-Reynolds-number flows and at the same time
the explicit computation of these structures. If properly conducted,
LES should have only limited sensitivity to modelling assump-
tions. In the context of swirling flows, LES was first applied by
Pierce and Moin [5]. Wang et al. [6] performed LES of swirling
flow in a dump combustor and studied the influence of the level of
swirl on the mean flow and on turbulent fluctuations. LES has also
been used in combination with other techniques like acoustic
analysis; for example, Roux et al. [7] studied the interaction be-
tween coherent structures and acoustic modes and found impor-
tant differences between iso-thermal and reactive cases.

In the present paper LES is used to study the iso-thermal flow

Contributed by the International Gas Turbine Institute (IGTI) of ASME for pub-
lication in the JOURNAL OF ENGINEERING FOrR GAs TURBINES AND POWER. Manuscript
received October 1, 2005; final manuscript received February 1, 2006. IGTI Review
Chair: R. S. Abhari. Paper presented at the ASME Turbo Expo 2006: Land, Sea and
Air (GT2006), Barcelona, Spain, May 8-11, 2006, Paper No. GT2006-90764.

Journal of Engineering for Gas Turbines and Power

in a swirl burner at two different configurations. The analysis of
the results focuses on the strength and sensitivity of flow insta-
bilities generating large-scale coherent structures. In [8,9] the
present authors performed LES of an unconfined annular swirling
jet. Instabilities leading to large-scale coherent structures were
detected and identified to be responsible for the oscillations ob-
served in the corresponding experiment.

Preliminary results for the configurations considered below
were reported in [10]. These simulations were repeated thereafter
with an improved inlet condition. Furthermore, the analysis pre-
sented below goes into substantially more detail, e.g., by determi-
nation of conditional averages.

Physical and Numerical Modeling

Experimental Configuration. In [11] a co-annular swirl burner
was developed that allows the change of geometrical features over
a wide range. The burner, depicted in Fig. 1, is composed of two
co-annular jets, a central pilot jet and a concentrically aligned
main jet, whose swirl can be adjusted individually. In the experi-
mental conditions considered here, a radial swirler was used for
generating the swirl in the main jet. For the central pilot jet, an
axial swirler was used to generate a co-rotating flow.

A large number of experiments were performed with this burner
in several configurations including isothermal and reactive cases
[11,12]. For the isothermal flow without external forcing, it was
observed that axial retraction of the central jet into the duct leads
to an increased amplitude of flow oscillations reflected by audible
noise. In order to investigate this phenomenon by means of LES,
two cases were selected. In the first case the inner jet is not re-
tracted, i.e., both jets exit at the same position. In the second case,
the pilot jet is retracted by 40 mm. This retraction of the pilot jet
generates a double expansion for the main jet (see Fig. 2).

In both cases the co-annular jets issue into an ambient of the
same fluid, which is at rest in the experiment. The outer radius of
the main jet, R=55 mm, is used as the reference length. The ref-
erence velocity is the bulk velocity of the main jet U,
=22.1 m/s and the reference time is t,=R/U,. The inner radius of
the main jet is 0.63R. For the pilot jet the inner radius is 0.27R and
the outer radius is 0.51R. The mass flux of the pilot jet is 10% of
the total mass flow. The Reynolds number based on the bulk ve-
locity of the main jet U, and R is Re=81,000. The swirl number is
defined as
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Fig. 1 Sketch of the burner (taken from [11])
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where (u,) and (u,) are the mean axial and azimuthal velocities,
respectively. Its value at the burner exit is $=0.93.

As mentioned above, two cases have been considered, one
without retraction of the pilot jet, i.e., xpjjo=0. In the second one
the retraction is x,;,,=—0.73R. LDA measurements are available
for both cases [11]. In particular, radial profiles of mean and RMS
velocities are available at four axial stations in the near field of the
burner. Only for the case with retraction, power spectra of velocity
fluctuations were also measured.

Numerical Setup. The simulations were performed with the
in-house code LESOCC?2 [13], which is a successor of the code
LESOCC [14]. It solves the incompressible Navier-Stokes equa-
tions on curvilinear block-structured grids. A collocated finite-
volume discretization with second-order central schemes for con-
vection and diffusion terms is employed. Temporal discretization
is performed with a three-stage Runge-Kutta scheme solving the
pressure-correction equation in the last stage only. The Rhie and
Chow momentum interpolation [15] is applied to avoid pressure-
velocity decoupling. The dynamic Smagorinsky subgrid-scale
model [16] was used in the simulations. The model parameter was

Inflow
3 o
Co-flow uxm
—_— | 1.15
1.00
0.85
2F 0.70
2 0.55
= 0.40
0.25
0.10
1F 0.05
0.20
0.35
I g
0[, Periodic Inflow plane pilot jet ;
-4 0 2
x/R

Fig. 2 Numerical setup and boundary conditions. Color repre-
sents mean axial velocity.
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determined using an explicit three-dimensional box filter of width
equal to twice the mesh size. The eddy viscosity was clipped to
avoid negative values and was smoothed by temporal relaxation
[17].

The computational domain extends 32R downstream of the
burner exit located at x/R=0 and 12R in radial direction. It also
covers part of the inlet ducts (Fig. 2). The block-structured mesh
consists of about 8.5 million cells with 160 cells in azimuthal
direction. The grid is stretched in both the axial and radial direc-
tions to allow for concentration of points close to the nozzle and
the inlet duct walls. The stretching factor is everywhere less than
5%.

The specification of the inflow conditions for both jets requires
a strong idealization. For the main jet, the way the swirl is intro-
duced is not so critical because the swirler is located upstream, far
away from the region of interest. Therefore, the flow is prescribed
at the circumferential inflow boundary located at the beginning of
the inlet duct (see Fig. 2). At this position steady top-hat profiles
for the radial and azimuthal velocity components are imposed.
This procedure was validated in [9]. The swirler of the pilot jet, on
the other hand, is located directly at the jet outlet (Fig. 1). A
numerical representation of this swirler would be very demanding
because of the large number of blades and was therefore not con-
sidered in the present investigation. Instead, the inflow conditions
for the pilot jet were obtained by performing simultaneously a
separate, streamwise periodic LES of developed swirling flow in
an annular pipe (see Fig. 2) using body forces to generate co-
rotating swirl with S, =2 as described in [18], where S, is the
swirl number of the pilot jet only. Recall that S, has little im-
pact on the swirl number of the entire flow due to the small mass
flux of this stream. No-slip conditions were applied at solid walls.
The fluid entrained by the jet is fed in by a mild co-flow of 5% of
U,. By using different values of the co-flow velocity it was shown
in [19] that the flow development is not sensitive to this condi-
tions. Free-slip conditions were applied at the open lateral bound-
ary. A convective outflow condition was used at the exit boundary.

In both cases simulated, the same boundary conditions were
employed. Figure 2 displays a zoom of the inflow region for
Xpilot=—0.73R. In the case xjj,;=0, not shown here, the inflow
region differs because the wall separating main and pilot jet and
the cylindrical center body reach until x=0, with the inflow plane
for the pilot jet still located at the same position x/R=-0.73. This
is illustrated in Fig. 3.

Average Flow

After discarding initial transients, statistics were collected for
100¢,, which is long enough to obtain converged values in the
near field of the burner. The averaging was performed in time and
also along the azimuthal direction. Only resolved fluctuations are
accounted for. It was checked, however, that the modelled
subgrid-scale contributions are negligible [19].

Streamlines. Figure 3 shows the two-dimensional streamlines
of the average flow in an axial plane for both cases. It is well
known that at this high level of swirl a recirculation zone forms in
the central region of the flow [20]. This phenomenon is related to
the presence of a low pressure region on the symmetry axis. The
influence of the retraction of the inner jet is remarkable. For
Xpilo=0 the recirculation forms immediately behind the cylindrical
center body and the length of the recirculation zone is about 9R.
In the case xpj=—0.73R the length of the recirculation zone is
only about SR. The two streams mix before the final expansion
and the recirculation is detached from the burner. The maximum
width of the recirculation bubble is about 0.8R in both cases and it
is attained at x/R=1.2 for xp;=0 and at x/R=1.5 for x,ju=
—0.73R. Far downstream of the jet exit, for x/R=6, the mean
flow is not fully converged in the vicinity of the symmetry axis, as
indicated by the wavy streamlines. The reason is that at this po-
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Fig. 3 Streamlines of the average flow in an axial plane (a)
Xpi|°.=0 and (b) Xpi|01=_0'73R

sition the motions are slower and substantially longer averaging
times would be necessary to obtain a fully converged mean flow.

Mean and RMS Velocity Profiles. A comparison of simula-
tions with experiments is reported in Figs. 4-7, showing radial
profiles of mean velocity and turbulent fluctuations at several
axial stations for both cases.

The agreement with the experimental data is in general good for
the mean flow. The case x,,=0 is well reproduced in the simu-
lation (Fig. 4), which is noteworthy in spite of the strong ideali-
zation in setting up the inflow conditions for the pilot jet. The
limited strength of the pilot jet can be appreciated by the mean
axial and tangential velocity at x/R=0.1. In the case xj,=
—0.73R (Fig. 5), a discrepancy is evident at x/R=0.1; the back-
flow is overpredicted in the simulation. This implies that the re-
circulation zone in Fig. 3(b) does not correspond exactly to the
experimental one, which was measured to be slightly further
downstream. Nevertheless, other characteristics are very well pre-
dicted so that this simulation is still close to the experiment. For
example, the spreading of the jet is in good agreement with the
experiment and so are the turbulent fluctuations of axial and tan-
gential velocity (Fig. 7). The agreement is also good for the tur-
bulent fluctuations in the case xp;,=0 (Fig. 6).

Some features are common in both cases. Apart from the pres-
ence of a recirculation zone, two complex shear layers subject to
curvature effects are present in the flow. The inner shear layer is
formed between the main jet and the recirculation zone. The outer
shear layer is formed between the main jet and the surrounding
co-flow. In the case x,j,=0, the turbulent fluctuations generated
in these layers are clearly visible up to x/R=1 in the profiles of
RMS fluctuations by corresponding peaks (Fig. 6). In the case
Xpilot=—0.73R this feature is only observed in the profile of the
axial fluctuations very close to the jet exit 7(a). Note also that the
level of fluctuations at x/R=0.1 is much higher for xp,=
—0.73R. In that case the maximum RMS is about 0.5U, while in
the case xp,=0 it does not reach 0.3U,,. Further downstream at
x/R=3 this difference has vanished and in both cases the maxi-
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Fig. 4 Radial profiles of mean velocity x;:=0. (a) Axial veloc-
ity. (b) Tangential velocity. Symbols, experiments [11]. Lines,
LES.

mum RMS fluctuation is close to 0.3U,, although the radial
spreading of the profiles is larger in the case X =—0.73R.

Fluctuating Kinetic Energy. To conclude the description of
the average flow, Fig. 8 displays contours of the fluctuating kinetic
energy, using the same scale for both cases. It is obvious that the
retraction of the pilot jet leads to a large increase in the level of
the fluctuating energy. In the case x,j,=0 the fluctuating kinetic
energy is concentrated in the two shear layers mentioned above
and the maximum level is k,,,,/ U§~O.l4. In the case x,jo=
—0.73R the kinetic energy is concentrated in three regions, just
behind the inner part of the burner, at the beginning of the recir-
culation bubble (compare Figs. 8(b) and 3(b)), and in the region of
the inner shear layer. As evidenced by the RMS profile of tangen-
tial velocity fluctuations (Fig. 7 at x/R=0.1 (and radial fluctua-
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Fig. 5 Radial profiles of mean velocity x;;=-0.73R. (a) Axial
velocity. (b) Tangential velocity. Symbols, experiments [11].
Lines, LES.

tions, not shown here), showing a pronounced local maximum at
the symmetry axis), these two components (radial and tangential)
contribute mainly to the concentration of kinetic energy at the
beginning of the recirculation zone. The features observed here
will be discussed below in connection with the vortical structures
present in the respective flows.

Instantaneous Flow and Spectra

Coherent Structures. For a swirling annular jet, large-scale
coherent structures were identified and their evolution and inter-
action described in [8,9]. It was shown that two families of struc-
tures appear, an inner one oriented quasi-streamwise and located
in the inner shear layer formed by the jet on its boundary with the
recirculation zone (the so-called precessing vortex cores [20]),

380 / Vol. 129, APRIL 2007

Fig. 6 Radial profiles of RMS velocity x0:=0. (a) Axial veloc-
ity. (b) Tangential velocity. Symbols, experiments [11]. Lines,
LES.

and an outer one oriented at a larger angle to the axis and situated
in the outer shear layer formed on the boundary with the sur-
rounding co-flow. Figure 9 shows iso-surfaces of pressure fluctua-
tions p” for both cases visualizing the coherent structures of the
flow. Pressure fluctuations are more suitable for the visualization
of coherent structures than the commonly used instantaneous pres-
sure [21] because iso-surfaces of the latter are influenced by the
spatially variable average pressure field, which is unrelated to
instantaneous structures. Figures 9(a) and 9(c) display two differ-
ent levels of p” for the case x,j,=0, namely p"=-0.3 and p"=
—0.15, respectively. Figures 9(b) and 9(d) show the level p”=
—0.3 at two different instants in time for the case xjj;=—0.73. The
color of the structures is given by the radial gradient of mean axial
velocity. In the inner shear layer (u,)/dr>0 and the iso-surface
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Fig. 7 Radial profiles of RMS velocity x,,;=—-0.73R. (a) Axial
velocity. (b) Tangential velocity. Symbols, experiments [11].
Lines, LES.

is light colored. In the outer shear layer &u,)/dr<<0 and the iso-
surface is dark colored.

Pronounced large-scale coherent structures are observed in the
case of the retracted pilot jet (Figs. 9(b) and 9(d)). As in the case
without inner jet [9], two structures can be observed in these
pictures. Animations have shown that the rotation of the inner
structure around the symmetry axis is very regular. At some in-
stances, however, the inner structure branches lead to two arms as
shown in Fig. 9(d). The leading one, in the direction of the rota-
tion, is faster than the second one and takes over in terms of
strength. The one behind disappears at the exit in less than half a
rotation period and in the downstream field during another half
period. In the case without retraction, xp;,=0, the structures are
substantially smaller and more irregular. In fact, if one compares
the same level of pressure fluctuations p”=-0.3, hardly any struc-
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Fig. 8 Fluctuating kinetic energy: (a) X,i:=0 and (b) Xyjor=
-0.73R

ture is visible in the flow (Fig. 9(a)). Increasing the pressure level
to p”=-0.15, small structures are visible, which exhibit small co-
herence. At this point it should be recalled that the same flow with
just the pilot jet blocked shows substantial coherent structures,
similar to the ones for x,,=—0.73R but somewhat weaker and
less organized [8]. In the case Xpilor=0, hence, the pilot jet destroys
the large-scale structures. When the pilot jet is retracted to X
=-0.73R this is not observed. The cylindrical tube enclosing the
main jet prevents the recirculation bubble from moving upstream
to the central bluff body containing the exit of the pilot jet. This
holds for the mean flow (Fig. 3(b)) as well as for the conditionally
averaged flow discussed later. The pilot jet therefore only “hits”
the upstream front of the recirculation bubble but cannot penetrate
into the inner shear layer where it would be able to impact on the
coherent structures. The different coherent structures observed in
both cases explain the different levels of fluctuating kinetic energy
encountered close to the burner exit in Fig. 8. In a theoretical
study [22], Juniper and Candel performed a stability analysis for
the case of co-annular jets without swirl. They showed how sta-
bility is reduced if the inner stream mixes with the outer one
before the exit plane of the outer tube, the same trend as reported
here. It would be interesting to perform a similar stability analysis
for cases with swirl.

Spectra. In the experiment [11], time signals of velocity have
been recorded at several radial positions close to the burner exit at
x/R=0.1 for the case xpj=—0.73R. The case xpj=0 was not
measured because in preliminary tests no instability was observed.
During the simulation velocity and pressure signals were recorded
at the same positions for a duration of 80z,. Furthermore, signals
were recorded for each of these x and r positions at 12 different
angular locations over which additional averaging was performed.
On the symmetry axis no angular averaging is possible and only
one signal was recorded, and at r/R=0.1 and /R=0.18 only four
angular signals were recorded with the particular grid used. The
spectra were obtained splitting each signal in three overlapping
segments of length 407, multiplying it by a Hanning window, and
averaging over the segments.
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Fig. 9 Coherent structures visualized using an iso-surface of pressure fluctuations. Left

(d)

Xpilot=0. Right, Xp;:=—0.73R.

(a,b,d) p-{p)=-0.3. (c) p—-{p)=-0.15. Color as explained in the text.

The difference between the time signals of both cases is evident
from Fig. 10. In the case xp;,=0 (Fig. 10(a)), the signal exhibits
the typical irregularity of a turbulent signal. Figure 10(b), on the
other hand, shows that in the case xy;,=—0.73R a flow instability
has developed that causes a regular oscillation of the signal with
large amplitude. The low-frequency oscillations of this signal pro-
duce a pronounced peak in the power spectrum of the axial veloc-
ity fluctuations (Fig. 11). The frequency of the principal peak is
Soeak=0.25U,/R, which in dimensional units corresponds to a
value of fj=102 Hz. The amplitude of the peak is very large,
covering almost two decades in logarithmic scale. The total fluc-
tuating energy is substantially larger than for the case xpo=0,
reflected by the larger integral under this curve. This is in line
with the fluctuating kinetic energy contours of Fig. 8 and the RMS
values of Figs. 6 and 7. In the case x,jj,=0, no pronounced peak
is observed, which confirms the preliminary experimental tests in
which no flow instability was detected. The smaller peak, which
appears in the case xp,,=0 at a frequency 0.16U,/R, cannot be
related to the small coherent structures observed in Fig. 9(c) be-
cause these structures have a shorter time scale, which would
correspond to higher frequencies. This finding deserves further
investigation.

A comparison of the spectrum from the LES for xpjo=
—0.73R and the corresponding experimental spectrum in Fig. 11
serves to further validate the simulations. The agreement for both
frequency and amplitude of the dominant peak is remarkable. Also
the second harmonic is well predicted in the simulations.
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Fig. 10 Time signal of axial velocity at x/R=0.1, r/R=0.73 re-
corded during the simulations. (a) Xgijot=0. (b) Xpiiet=—0.73R.
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fR/U,

Fig. 11 Power spectrum of axial velocity fluctuations at x/R
=0.1, r/R=0.73. Solid line, experiment [11] Xpo:=-0.73R.
Dashed line, simulation x;,;=-0.73R. Dash-dotted line, simula-
tion X0 =0.

The amplitude of the power spectrum at the peak frequency is
now considered. It is quite a sensitive quantity, much more than
the peak frequency itself. Figure 12 shows this amplitude at the
fundamental frequency fyeq as a function of the radial position.
The shapes of the curves are different for the three velocity com-
ponents. The simulation reproduces quite well the trends of the
experiment. Only for r/R<0.2 the simulation overpredicts the
amplitudes. In that region the impact of azimuthal averaging is
small (even nonexistent at the axis) so that this could have an
effect. In [9] similar plots were reported for an annular jet. It was
shown there that an important issue is the location of the mini-
mum for the amplitude of tangential velocity fluctuations. This
minimum indicates the mean radial location of the center of the
inner structure. Therefore, it is noteworthy that the minimum is
well reproduced in the simulation.

Conditionally Averaged Flow

It has been shown in the previous sections that large-scale
structures rotating around the symmetry axis are present in the
flow in the case xpjjo=—0.73R. Due to the high level of turbu-
lence, the vortical structures are highly irregular as evidenced by
the difference between Figs. 9(bh) and 9(d). The pronounced peak
in the power spectrum, Fig. 11, indicates that the rotation of the
structure is very regular and allows the calculation of conditional
averages. The purpose of the latter is to remove the irregularity
induced by the turbulent motions. The method, which is described
in the following section, consists basically in defining a coordinate
system y—z with origin at the symmetry axis, which rotates with
the structure, and performing the averaging procedure in this ro-
tating coordinate system. Note that it is not possible to perform
this kind of analysis for the case x,,;=0 due to a lack of a regular
frequency of oscillation (Fig. 11).

Procedure. In order to investigate the main characteristics of
the coherent structures, 140 instantaneous three-dimensional fields
have been recorded. They are separated in time by 0.8¢,, so that in
each period of rotation of the structure five fields have been re-
corded. The time span covered by the fields is 112z,. If the oscil-
lations are truly periodic, the definition of the axes which rotate
with the structure is straightforward, with a fixed angle of rotation
in a fixed time. In the present case, however, the motion of the
structure is only quasi-periodic and therefore the method has to be
more elaborate. The center of the structure has to be determined
for each instantaneous field and a subsequent rotation of the field
is performed, such that the center of the vortex is always on the y
axis. This is equivalent to defining a coordinate system y—z that
rotates with the structure.

The method is illustrated in Fig. 13 and proceeds as follows.

Journal of Engineering for Gas Turbines and Power

0 02 04 06 08
@ r/R

-

(= =Y ~

R

% 02 04 06 08 1

(0) T/R

Fig. 12 Amplitude of the power spectrum at the fundamental
frequency fi,.. at x/R=0.1 as a function of r/R for case X:=
-0.73R. (a) Experiment [11]. (b) Simulation.

The radial location of the dominant inner structures in the trans-
verse plane x/R=0.1 is known from Fig. 12 (minimum of u). In
the present case r/R=0.35 is used. The center of the vortex is
identified as the local minimum of the pressure fluctuations at that
position. In the present case the coherent structure is very regular
and the detection is simple. In other cases [9], up to three of these
coherent structures can coexist at certain instants and in that case
the dominant one is selected. Then, the full three-dimensional
field is rotated by an angle « (Fig. 13), so that each field has the
structure at the same location and standard averaging is per-
formed. Midgley et al. [23] used a similar method to analyze
two-dimensional data from experiments on fuel injectors. Here,
however, three-dimensional fields are available. Note that this pro-
cedure is fundamentally different from phase averaging. There is
no external trigger or internal frequency that would suggest divid-
ing the rotation period into several phases, reducing therefore the
number of samples in each phase. Instead, all angles are statisti-
cally equivalent due to the cylindrical symmetry of the problem.

Results. In the following, conditionally averaged quantities are
indicated with an upper index c. Figure 14(a) shows an iso-
surface of pressure fluctuations, p°—(p)=-0.1 visualizing the co-
herent structures of the flow using the same style as Figs. 9(b) and
9(d). 1t is clear that, using this procedure the large-scale coherent
structures have been substantially smoothed. The criterion that has
been used to obtain the conditional averages involves only the
inner structure. Nevertheless, the outer structure does not disap-
pear with the conditional averaging but appears at the same angu-
lar position, demonstrating its link to the inner structure. In fact,
the outer structure is triggered by the inner one as demonstrated
by different studies of similar flows [8,9]. In [9] this issue was
investigated for a pure annular jet with weaker coherent struc-
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x/R=0.1

Fig. 13 lllustration of the conditional average procedure.
Color according to p—{p). The black circle indicates the points
where the minimum of the pressure is looked for. The other
circle (further outward) indicates the outer radius of the burner.

tures. Determining the correlation between ! and p”, it was found
for that case that strong positive u’, values correlate with negative
p”, i.e., the inner vortex structure, and, in fact, advance these in
the sense of rotation. The same behavior is obvious in the present
case from the conditional average. The surface of positive u fluc-
tuations in Fig. 14(b) advances the negative p¢ fluctuations of the
inner structure in Fig. 14(a). When plotting all three iso-surfaces
in a single graph it is even more visible that the downstream end
of the positive u{-fluctuation surface winds along the connection
line between the inner and the outer vortex structure of Fig. 14(a).
This feeds the outer structure, turning in the clockwise sense
around its own axis in the view of Fig. 14(a). Negative fluctua-
tions of u¢, represented by in Fig. 14(b), occur at the opposite side
of the jet and seem not related to a continuously present rotating
large-scale coherent structure.

Figures 15 and 16 show two-dimensional cuts of the condition-
ally averaged flow. Pseudo-streamlines of this flow field projected
onto two planes are displayed. In Fig. 15 the pseudo-streamlines
are based on (u;,u%) and in Fig. 16 on (u,u;). The color repre-
sents p¢ and the thick line indicates the contour line u;=0. The
latter shows that the recirculation region is displaced off the sym-
metry axis in Fig. 15. The pressure minimum generated by the
inner vortex structure is well visible in the y—z plane together
with the vortex motion surrounding it. The pressure minimum is
off the axis at r/R=0.35 (a posteriori justifying the choice of this
radius for the conditioning) and by definition at the y axis. The
pseudo-streamlines spiral around a different point closer to the
axis. The view in Fig. 15 is in the downstream direction and
rotation of the flow and the structures is in the counter-clockwise
direction. The recirculation region hence lags behind the inner
structure by about 130 deg.

The inner and outer structures of Fig. 14 are also visible in Fig.
16. The inner structure shows up through the pressure minimum
around x/R=0 and z>0. The outer structure is reflected by the
recirculation regions and the spiralling or bending streamlines at
the top and the bottom of the figure. From the pseudo-streamlines
for x~0 in this figure it is also clear that the inner structure is
correlated with high forward axial velocity, for z>0, while the
low axial velocity is located in the opposite side for z<<0. This is
indicated also by the asymmetry of the recirculation region (see
also Fig. 17).

The previous information is contained in a more quantitative
way in Fig. 17, which shows mean and conditional averaged pro-
files of pressure and velocity. In Fig. 17(a), the strength of the
pressure minimum related to the center of the structure is visible
by comparison to the mean pressure. Note also in Fig. 17(b) that
the conditionally averaged axial velocity u{ at y=0, hence in the
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(b)
Fig. 14 Coherent structures obtained using the conditional
average flow field. (a) Iso-surface p°-(p)=-0.1. Color as in Fig.
9. (b) Iso-surfaces u-(u,)=0.3 and u$—(u,)=0.3.

inner structure, is higher than the mean axial velocity. The recir-
culation zone, as expected from the two-dimensional plots, is dis-
placed towards the opposite side. In Fig. 17(c), the radial position
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Fig. 15 Two-dimensional cut through the plane x/R=0.1 of the
conditional-averaged flow. Color is given by p°. Pseudo-
streamlines calculated using uf and uj. Thick black line ug=0.

at which the conditionally averaged tangential velocity uj at y
=0 equals the mean velocity roughly corresponds to the minimum
of the pressure. This is also expected because at the center of the
structure the fluctuations of the tangential velocity component
have to vanish, as discussed in [9].

Finally, Fig. 18 shows the same plane as Fig. 15 but the color
and streamlines are given by the equivalent Reynolds-
decomposed quantities, i.e., color by p“—(p) and streamlines by
(uy—(u,), uy—(ug). The thick line again represents u;=0. In this
figure the region of low pressure fluctuations corresponds to the
inner structure of Fig. 14(a). Note that it forms outside the bound-
ary of the recirculation zone.

Yazdabadi et al. [24] performed phase-averaged measurements
in a cyclone dust separator and obtained similar plots as Fig. 15.
Their conclusion was that the reverse flow zone displaces the
central vortex core to create the precessing vortex core. The re-
verse flow zone would then provide feedback for the precessing
vortex core and precess around the central axis behind the pre-
cessing vortex core. In the present case, Figs. 14(a) and 18 sug-
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Fig. 16 Two-dimensional cut through the plane y/R=0 of the
conditional-averaged flow. Color is given by p° Pseudo-
streamlines calculated using u and uf. Thick black line u¢=0.
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Fig. 17 Conditional-averaged velocity profiles at x/ R=0.1. (a)
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gest an alternative explanation, although perhaps compatible with
the previous one: The inner structure (precessing vortex core) is
formed as an instability of the shear layer (Kelvin-Helmholtz in-
stability). It is therefore formed on the boundary of the recircula-
tion zone (Fig. 18) and advected by the mean flow. This structure
then constrains the motion of the recirculation zone, which is
displaced off the symmetry axis and precesses behind the struc-
ture.

Conclusions

Large-eddy simulations of incompressible flow in a swirl
burner have been reported. The influence of geometrical features
of the burner has been investigated by comparison of two cases
with a different exit position of the inner jet. The simulations have
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been validated by comparison with corresponding experiments
and very good agreement was obtained for mean flow, turbulent
fluctuations, and the frequency of oscillation. The simulations
have confirmed that the retraction of the pilot jet leads to the
generation of enhanced flow instabilities. The related large-scale
coherent structures have been identified and analyzed by using
instantaneous plots, spectra, and conditional averages. The latter
provides a precise picture of the characteristics of the large-scale
coherent structures by removing the irregularity associated with
the turbulent motions. These structures are relevant to the mixing
of heat and species in the near field of the burner, and the tech-
nique can presumably be applied to the reactive case as well.
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Nomenclature
Speax = fundamental frequency of oscillation
k = fluctuating kinetic energy
p = modified pressure
R = outer radius of the main jet
Re = Reynolds number

RMS = root mean square

swirl number

t, = characteristic time based on R and U,
U, = bulk velocity of the main jet

u, = axial velocity component

u, = radial velocity component

uy = tangential velocity component
x,r,0 = cylindrical coordinates (axial, radial,
tangential)
x,y,z = Cartesian coordinates
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Xpilor = axial location of the pilot jet exit

a = angle used in the conditional-average technique
(#) = mean value of the quantity ¢

¢° = conditional average of the quantity ¢

¢" = instantaneous fluctuation of the quantity ¢,

¢'=d—($)
p = density
References

[1] Lieuwen, T., Torres, H., Johnson, C., and Zinn, B. T., 2001, “A Mechanism of
Combustion Instability in Lean Premixed Gas Turbine Combustors,” ASME J.
Eng. Gas Turbines Power, 123, pp. 182-189.

[2] Paschereit, C. O., Gutmark, E., and Weisenstein, W., 2000, “Excitation of
Thermoacoustic Instabilities by Interaction of Acoustics and Unstable Swirling
Flow,” AIAA J., 38, pp. 1025-1034.

[3] Kiilsheimer, C., and Biichner, H., 2002, “Combustion Dynamics of Turbulent
Swirling Flames,” Combust. Flame, 131, pp. 70-84.

[4] Coats, C. M., 1996, “Coherent Structures in Combustion,” Prog. Energy Com-
bust. Sci., 22, pp. 427-509.

[5] Pierce, C. D., and Moin, P., 1998, “Large Eddy Simulation of a Confined
Coaxial Jet With Swirl and Heat Release,” AIAA Paper No. 98-2892.

[6] Wang, P, Bai, X. S., Wessman, M., and Klingmann, J., 2004, “Large Eddy
Simulation and Experimental Studies of a Confined Turbulent Swirling Flow,”
Phys. Fluids, 16(9), pp. 3306-3324.

[7] Roux, S., Lartigue, G., Poinsot, T., Meier, U., and Bérat, C., 2005, “Studies of
Mean and Unsteady Flow in a Swirled Combustor Using Experiments, Acous-
tic Analysis, and Large Eddy Simulations,” Combust. Flame, 141, pp. 40-54.

[8] Garcia-Villalba, M., and Fréhlich, J., 2005, “On the Sensitivity of a Free
Annular Swirling Jet to the Level of Swirl and a Pilot Jet,” Engineering Tur-
bulence Modelling and Experiments 6, W. Rodi and M. Mulas, eds., Elsevier,
Amsterdam, pp. 845-854.

[9] Garcia-Villalba, M., Frohlich, J., and Rodi, W., 2006, “Identification and
Analysis of Coherent Structures in the Near Field of a Turbulent Unconfined
Annular Swirling Jet Using Large Eddy Simulation,” Phys. Fluids, 18, p.
055103.

[10] Garcia-Villalba, M., Fréhlich, J., Rodi, W., Petsch, O., and Biichner, H., 2005,
“Large Eddy Simulation of Flow Instabilities in Co-annular Swirling Jets,
Proc. 6th Direct and Large Eddy Simulation Workshop, Poitiers, France.

[11] Bender, C., and Biichner, H., 2005, “Noise Emissions from a Premixed Swirl
Combustor, Proc. 12th Int. Cong. Sound and Vibration, Lisbon, Portugal.

[12] Habisreuther, P., Bender, C., Petsch, O., Biichner, H., and Bockhorn, H., 2005,
“Prediction of Pressure Oscillations in a Premixed Swirl Combustor Flow and
Comparison to Measurements,” Engineering Turbulence Modelling and Ex-
periments 6, W. Rodi and M. Mulas, eds., Elsevier, Amsterdam.

[13] Hinterberger, C., 2004, “Dreidimensionale und tiefengemittelte Large-Eddy-
Simulation von Flachwasserstromungen,” Ph.D. thesis, University of
Karlsruhe, Karlsruhe, Germany.

[14] Breuer, M., and Rodi, W., 1996, “Large Eddy Simulation of Complex Turbu-
lent Flows of Practical Interest,” Flow Simulation With High Performance
Computers 11, Vol. 52 of Notes on Numerical Fluid Mechanics, E. H. Hirschel,
ed., Vieweg, Braunschweig, pp. 258-274.

[15] Rhie, C. M., and Chow, W. L., 1983, “Numerical Study of the Turbulent Flow
Past an Airfoil With Trailing Edge Separation,” AIAA J., 21(11), pp. 1061
1068.

[16] Germano, M., Piomelli, U., Moin, P., and Cabot, W. H., 1991, “A Dynamic
Subgrid-Scale Eddy Viscosity Model,” Phys. Fluids A, 3, pp. 1760-1765.

[17] Breuer, M., and Rodi, W., 1994, “Large Eddy Simulation of Turbulent Flow
Through a Straight Square Duct and a 180° Bend,” Fluid Mechanics and Its
Applications, Vol. 26, P. R. Voke, R. Kleiser, and J. P. Chollet, eds., Kluwer
Academic, Dordrecht.

[18] Pierce, C. D., and Moin, P., 1998, “Method for Generating Equilibrium Swirl-
ing Inflow Conditions,” AIAA J., 36(7), pp. 1325-1327.

[19] Garcia-Villalba, M., 2006, “Large Eddy Simulation of Turbulent Swirling
Jets,” Ph.D. thesis, University of Karlsruhe.

[20] Gupta, A. K., Lilley, D. G., and Syred, N., 1984, Swirl Flows, Abacus.

[21] Frohlich, J., Mellen, C. P., Rodi, W., Temmerman, L., and Leschziner, M. A.,
2005, “Highly Resolved Large-Eddy Simulation of Separated Flow in a Chan-
nel With Streamwise Periodic Constrictions,” J. Fluid Mech., 526, pp. 19-66.

[22] Juniper, M. P., and Candel, S. M., 2003, “The Stability of Ducted Compound
Flows and Consequences for the Geometry of Coaxial Injectors,” J. Fluid
Mech., 482, pp. 257-269.

[23] Midgley, K., Spencer, A., and McGuirk, J. J., 2005, “Unsteady Flow Struc-
tures in Radial Swirled Fed Fuel Injectors,” ASME J. Dyn. Syst., Meas., Con-
trol, 127, pp. 755-764.

[24] Yazdabadi, P., Griffiths, A. J., and Syred, N., 1994, “Characterization of the
PVC Phenomena in the Exhaust of a Cyclone Dust Separator,” Exp. Fluids,
17, pp. 84-95.

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Fabio Ciampoli
John W. Chew

Fluids Research Centre,

School of Engineering,
University of Surrey,

Guildford, Surrey GU2 7XH, UK

Automatic Optimization of
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The objective of the research described here is to develop and demonstrate use of auto-
matic design methods for preswirl nozzles. Performance of preswirled cooling air deliv-
ery systems depends critically on the design of these nozzles which is subject to manu-

facturing and stress constraints. The best solution may be a compromise between cost
and performance. Here it is shown that automatic optimization using computational fluid
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dynamics (CFD) to evaluate nozzle performance can be useful in design. A parametric

geometric model of a nozzle with appropriate constraints is first defined and the CFD
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meshing and solution are then automated. The mesh generation is found to be the most

delicate task in the whole process. Direct hill climbing (DHC) and response surface
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1 Introduction

As is shown by the ideal Joule (or Brayton) cycle, gas turbine
efficiency increases with pressure ratio. For a fixed turbine inlet
temperature the maximum specific work output occurs at an opti-
mal pressure ratio. As turbine temperature increases, so does op-
timal specific work and pressure ratio. These basic thermody-
namic results show that turbine entry temperature is crucial to
engine performance, and explain the importance of heat transfer in
turbine design.

Internal and film cooling of high pressure turbine blades is
commonly used in aeroengines, allowing considerably higher tur-
bine gas temperatures than would otherwise be the case. The blade
cooling air is taken from the compressor and bypasses the com-
bustor, before being taken on-board the turbine rotor. Obviously,
the cooling air must be at high enough pressure to ensure positive
flow and better cooling is achieved with lower air temperatures.
Less obviously, in considering blade heat transfer, it is appropriate
to use the relative total temperature of the cooling air, and this
depends on the details of how the air is delivered to the rotor.

While complete cooling system design involves a complex
trade-off between different requirements, the possible advantage
of using a preswirled cooling air delivery system may be illus-
trated using basic thermodynamic theory. Defining the swirl ratio
(SR) as v,/ Qdr, where v is the tangential velocity of the air and
Qr is the rotor speed, the absolute and relative total air tempera-
tures are related as follows

Tabs - Trel
O*2c, SR M
Here C, is specific heat of air at constant pressure. This equation
is obtained directly from the definitions of T, and T}, and shows
that increasing the swirl of the air (without increasing T, leads
to a reduction in the total temperature relative to the rotor.

The desired increase in swirl velocity may be achieved using
stationary preswirl nozzles. This does require a loss of pressure,
but no work is done in the stationary frame so 7, is unchanged
(provided there is no heat transfer). Now suppose that a cooling
air delivery pressure of p.r is required, and that this air may be
taken from any point of an ideal, isentropic compressor with zero
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model (RSM) optimization methods have been evaluated. For the test case considered,
significant nozzle performance improvements were obtained using both methods, but the
RSM model was preferred. [DOI: 10.1115/1.2364194]

swirl. In this compressor it is assumed that the absolute total tem-
perature is T at the point where the pressure is pr. Assuming
isentropic flow throughout and ideal preswirl system behavior, it
may then be shown that the preswirled delivery relative total air
temperature is given by

2.2

Q
+— L (1-2SR+SR? )
2C, Trr

L _,
Tref

This equation indicates that T\ has a minimum value (equal to
T,r) when the swirl ratio is unity. At this condition the cooling air
must be taken from the compressor at a high enough pressure to
support the flow through the preswirl nozzles. This idealized ex-
ample is a gross simplification of engine conditions, but does
illustrate that preswirling can be advantageous.

In what appears to be the earliest published work on preswirl
systems Meierhofer and Franklin [1] recognized that pre-swirl
nozzle effectiveness is one of the main components of the effec-
tiveness of the whole delivery system. More recent research, for
example Refs. [2-6], has confirmed many of Meierhofer and
Franklin’s findings and has presented more detailed information
on various aspects of preswirl system flow and heat transfer.
While Meierhofer and Franklin characterized the whole preswirl
system behavior through a velocity effectiveness for the nozzle,
Chew et al.’s [5] elementary analysis separated the nozzle and
delivery chamber effects. The present study considers nozzle per-
formance in isolation from other parts of the system. There is
evidence to support the assumption that the nozzle flow is only
weakly affected by the flow in the chamber provided, for example,
there is sufficient spacing between the nozzle exit and the rotor.
For example, Dittman et al. [2] concluded that the presence of the
rotor had little effect on the preswirl nozzle discharge coefficients
for their experimental conditions. There is further evidence [2,6],
relevant to the present study, that CFD models of isolated nozzles
can give good estimates of in situ nozzle behavior.

The objective of the work described here is to develop and
demonstrate use of automatic design methods for preswirl
nozzles. Nozzle design is important to the performance of the
cooling system, but is subject to cost, manufacturing, and stress
constraints. Ideally, the nozzle should operate isentropically eject-
ing flow uniformly in the tangential direction, thus maximising
use of the available pressure drop. In addition, manufacturing
costs and (for aeroengines) weight should be minimised and the
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design must accommodate other constraints, such as axial move-
ments and stress limits. It is recognized that the case study pre-
sented does not include all design possibilities or constraints, but
it does quantify benefits of aerodynamic optimization and demon-
strates how automatic design methods and CFD can be used
within the wider design process.

In the next section the nozzle geometry used in this case study
is described and its parametric model presented. Parameter limi-
tations and constraints are also introduced. Meshing and CFD
modeling are then discussed in Secs. 3 and 4. The optimization
techniques used are explained in Sec. 5, with results presented in
Sec. 6, and the main conclusions summarized in Sec. 7.

2 The Parametric Geometry

The nozzle design used in this study is shown in Fig. 1, and is
based on an aeroengine example. The preswirl angle (to the en-
gine tangential) is 15 deg, the thickness of the preswirl plate is 7,

d is the downstream nozzle diameter, D is the upstream nozzle
diameter, / is the chamfer length, « is the chamfer angle, R is the
radius of a spherical drilling on the upstream face, and x is nozzle
axial distance of the chamfered section from the upstream face of
the plate.

This nozzle geometry may be completely defined by five inde-
pendent parameters. These parameters were chosen to be 7, d, [, «,
and x. The radius of the spherical drilling at the inlet R, whose
presence is imposed by manufacturing constraints, is a dependent
parameter, and is set to be 0.6 mm larger than the upstream nozzle
diameter D. D is itself a dependent parameter and can be obtained
from d, [, and «. Table 1 shows the baseline design values for the
design parameters and the range of values allowed in the optimi-
zation process.

Five geometrical constraints were imposed during the optimi-
zation process. Some of these were required to preserve the func-
tionality of the preswirl system (type 1). Others were imposed in
order to automate the mesh generation which is described in the
next section (type 2). Figure 2 illustrates the constraints.

Constraints 1 and 2 are type 2 and arise from the requirement
for the upstream face of the plate (A) to intersect the spherical
drilling (B) between positions A,;, and Ap,,,. These two limits
translate to two algebraic constraints.

Constraint 3 is also type 2. The length f is required to be greater
than a small positive value &, in order for the geometry to remain
similar, as required in the meshing approach adopted.

Constraint 4 is type 1. To avoid intersection of the preswirl
plate downstream face with the chamfer volume the length m
must be bigger than m,.

Constraint 5 is type 1. To avoid intersection of the preswirl
plate downstream face with the spherical drilling the length g
must be bigger than g,

Table 1 Optimization design parameters
Parameter Description Base line value Min Max
t Preswirl plate thickness 13 mm 10 20
d Downstream nozzle diameter 7.2 mm 6.7 12
1 Chamfer length 0.8 mm 0.8 15
M Chamfer angle 45 deg 5 60
X Chamfer distance from inlet 23 mm 21 28
--JIHIII
E D d
i U f
B Constraint 3
----- Constraint 1 and 2
N
D
d D
M5, d Lnun
m l ¢
e / |
R
Constraint 4
Constraint 5§

Fig. 2 Geometric constraints
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3 Meshing Strategy

Generation of the mesh and its automation is considered the
most delicate task in the present work. As in every CFD simula-
tion, mesh quality largely determines the quality of the results
obtained.

Figure 3 shows a section of the computational domain used.
This includes the nozzle and two hemispherical volumes around
the inlet and outlet. The computational effort has been reduced by
taking advantage of the symmetrical nature of the domain and
boundary conditions. The journal file facility in the commercial
mesh generator GAMBIT [7] was used to automate the meshing
process. This involved writing a C code to generate a journal file
when the values of the five independent parameters are input. The
file is then fed into GAMBIT which in turn generates the mesh. A
sixth optional parameter allows for adjustment of the mesh size.

As suggested by Bret [8], the geometry of the parametric model
in the journal file has been defined using basic elements in order
to avoid errors in the mesh generation due to numbering ambigu-
ities. The meshing strategy is indicated in Fig. 3. To allow the
mesh to fit such a complex geometry, especially where the nozzle
intersects the preswirl plate (at a sharp angle of 15 deg), tetrahe-
dral cells have been used in a large portion of the domain. This
portion consists of the external hemispheres, the zones where the
nozzle intersects the plate and the spherical drilling. The use of
tetrahedral cells ensures success in generating the mesh for the
whole range of variation of the parameters. Hexahedral cells have
been used to mesh the boundary layer in the nozzle core, and
prisms have been used away from the boundary layer in this core
region.

The size of the mesh is very sensitive to the values of the
design parameters. The number of nodes in the mesh ranges from
as low as 0.4 million to as many as 2 million nodes. The reason
for such a large difference in the mesh size is that the mesh den-
sity and its variation within the domain have been defined by
imposing the node spacing along the edges of the domain, and not
by imposing a fixed number of nodes. In this way it has been
possible to keep the mesh smooth, without distorted cells or dis-
continuities in cell size, but the number of nodes has been highly
variable. Figure 4 shows a close-up view of the mesh at the nozzle
inlet for the baseline configuration.

Once a mesh has been generated it is fed to the Rolls-Royce
developed packages JM52 and JM56 to generate input files for the
HYDRA [9] CFD code. JM52 translates the mesh to a HYDRA com-
patible format, sets up the boundary conditions, and generates the
initial flow field. JM56 produces weights for the mesh and gener-
ates higher mesh levels for multigridding.

Some limitations of the meshing procedure have been noted.
The use of GAMBIT as a parametric mesh generator requires the
geometry of the nozzle to remain self-similar. For example, the
upstream face of the preswirl plate must always intersect the

Journal of Engineering for Gas Turbines and Power

Fig. 4 View of mesh for base line geometry

nozzle through the spherical drilling. Also, the meshing algorithm
may fail if some precautions are not taken in the journal file gen-
eration process. This is why the type 2 constraints described in
Sec. 2 were introduced.

Sometimes the execution of JM56 failed to generate the coarser
meshes required for multigrid convergence acceleration, and
sometimes the execution of HYDRA failed, even if JM56 did not.
This was attributed to high distortion of the coarser grid levels.
These issues may be avoided by reducing the number of multigrid
levels used, but this imposes a severe limitation in terms of com-
putational effort required to obtain a converged solution.

4 The CFD Model

Nozzle performance was calculated using the HYDRA [9] CFD
code on a distributed memory computer cluster. This general aero-
dynamic code has been used for numerous turbomachinery appli-
cations, and for the results presented here applies a density based,
preconditioned, time marching algorithm to a finite volume dis-
cretization on unstructured meshes. The numerical scheme is sec-
ond order for smooth flow using characteristic based artificial vis-
cosity. Multigrid acceleration is available, and the code also
supports parallel computing.

The k—e& turbulence model with wall functions has been used,
with the meshing parameters set so as to ensure nondimensional
near-wall mesh spacing in the range 30<<y*<60. Conventional
no-slip boundary conditions were applied at walls. The curved
surfaces of the hemispheres indicated in Fig. 3 were defined as
inlet and outlet boundaries. Total pressure and temperature were
set to 4.385X 10° Pa and 300 K at the inlet, and static pressure
was set to 3.021 X 10° Pa at the outlet.

For use in the optimization procedure it was important to ensure
that CFD results were not significantly mesh dependent and that
the solution was computationally efficient. Some preliminary tests
were therefore conducted at the base line conditions in order to
guide the choice of solution parameters to be used in the optimi-
zation calculations.

As mentioned earlier, the mesh specification software accepts
one parameter which defines the mesh density. Varying this pa-
rameter it has been possible to assess the mesh dependency of the
baseline design case. Figure 5 shows the value of the objective
function (mass flow weighted average axial velocity at nozzle
outlet) plotted against the number of nodes in the mesh. The value
of the mesh density parameter for the two largest meshes is, re-
spectively, 0.6 (298,323 nodes) and 0.5 (476,219 nodes). The
mass-averaged velocity is respectively 203.18 and 205.59 m/s,
the corresponding variation is 1.19%, a reasonable value to ensure
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Fig. 5 Mesh dependency for the base line condition

the present work is not unduly mesh dependent. The mesh density
parameter for the optimization process has been set at 0.5.

While CFD calculations are sometimes run for a fixed number
of iterations, a convergence criterion has been adopted here. The
HYDRA runs have been stopped when satisfactory solution residual
levels were reached. This criterion should ensure a good quality of
the solution for the whole range of the parameters involved. Fig-
ure 6 shows the value of the objective function plotted against the
residuals level reached by the simulation in base line design con-
ditions. A value of 107!? for the residuals level has been deemed
satisfactory and selected for use in the optimization process.

The use of the multigrid technique helps in significantly reduc-
ing the computational time required for any single HYDRA run.
Figure 7 shows the speed gain for the base line design; the simu-
lation time necessary to reach a value of the residuals of 10710 is
plotted against the number of multigrid levels used. The number
of multigrid levels was initially set at 4 in the optimization stud-
ies. As mentioned above, some problems were encountered for

270
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Fig. 6 Influence of convergence criterion
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Fig. 7 Influence of the number of multigrid levels on comput-
ing time
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other geometries. Nevertheless, these results show that multigrid
methods potentially offer large savings.

Figure 8 shows results of tests concerning the parallel effi-
ciency of the CFD code. The computation time has been plotted
against the number of CPUs used (each node on the cluster has 2
CPUSs). The speed gain from 4 to 8 CPUs is almost ideal, with the
computation time almost halved by using double the number of
CPUs. Further increasing the number of CPUs, there is still a
reduction of the computation time but the gain is lower. For over-
all efficiency of use of the computational resource, the number of
CPUs used for the optimization process was set at 8.

5 Optimization Techniques

The automatic optimization process has been driven by the
Rolls-Royce developed software package SOFT [10-12]. SOFT is
actually a collection of optimization tools which also allows opti-
mization loops to be setup using external codes to evaluate con-
straints and objective functions. The present work has basically
made use of two different optimization strategies; dynamic hill
climbing and response surface model. These are described in the
following subsections.

The objective set for the optimization was to maximize the
mass flow weighted average axial velocity at the outlet of the
nozzle. Here axial is relative to the nozzle’s axis (rather than the
engine axis).

5.1 Dynamic Hill Climbing. DHC is a direct optimization
technique using real CFD computed objective function values at
each step of the optimization process. Starting from an initial
design SOFT, through an iterative process, can manage the direct
optimization by running CFD, evaluating the objective function,
and defining an updated design until a satisfying optimum has
been reached. The whole process is summarized in Fig. 9. As
shown in the top section of this figure, the optimization process is
entirely managed by SOFT, which reads the CFD computed objec-
tive function and produces a new set of design parameters at each
iteration until the optimum condition has been reached.

The simulation step is expanded in the bottom section of Fig. 9.
This shows how the constraints described in Sec. 2 were handled.
Usually constraints are implemented in an optimization process by
penalizing the objective function when violation occurs. In the
case considered here, it is not possible to run a CFD simulation if
the constraints are violated. Hence, it was not possible to use the
constraint handling procedures in SOFT. A secondary execution
manager (EXECMANAGER in Fig. 9) was introduced in the optimi-
zation loop. This code checked the constraints and decided
whether to run CFD or feed SOFT with a dummy poor objective
function (190 m/s) to keep the solution away from the constraint
violation design space.

The main limitation found using the DHC method was prob-
lems in handling unsuccessful CFD runs. The “solution” to this
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Fig. 9 DHC method

issue was to use the postprocessing code (CALCVEL) to assess
whether the CFD run had been correctly completed or not and
pass a mildly penalized objective function (200 m/s) back to SOFT
in the event of a failure. The danger with this method is that the
optimization procedure may be misled.

5.2 Response Surface Model. The RSM method is based on
an approximate approach. A model of the design space is built
based on a number of experiments, and the search for the opti-
mum is executed on the approximate model. The main steps of
this method, as applied here, are summarized below.

e A number of experiments (CFD simulations) are run to deter-
mine the objective function and the constraint values for a
sample population spread in the design space.

e An approximate RSM-linear radial basis functions (RBF)
model is built based on the results of the experiments.

e The optimum of the approximate model is determined using
one of the optimization algorithms available in sorrT (DHC,
simulated annealing, genetic algorithm, etc.).

e The approximate optimum objective function is checked
against the value of the objective function calculated by run-
ning CFD at the same conditions. If the check is not satisfac-
tory, the CFD run is added to the population and a new RSM-
linear RBF model is built (returning to the previous point).
This phase is called update of the model.

The RSM method is illustrated in Fig. 10. The content of the
CFD box is similar to the simulation box in Fig. 9. The main
difference is in the EXECMANAGER code. A new code was written
to handle the RSM optimization. This is capable of reading an
input file containing the parameters defining the initial population
and executing in sequence all the CFD runs that are required to
compile the response matrix. If any of the constraints are violated,
no CFD is run and the objective function is set at a dummy value,
which is 190 m/s minus the sum of the values of the violated
constraints.

The main advantage the RSM method had over the DHC
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Updating loop

Item added to
response matrix

Estimated obj function

CFD obj function

End

Fig. 10 RSM method

method in this study was its flexibility in handling failed CFD
runs. In generating the response matrix some CFD runs failed
(due to JM56 failure to generate higher level grids, HYDRA diver-
gence, etc.). Once the first version of the response matrix was
generated it was possible, with user intervention, to rerun the
failed CFD runs modifying values for the parameters (number of
multigrid levels, CFL number, etc.) which triggered the CFD fail-
ure. In this way all the CFD results were genuine and the opti-
mizer was not misled. Another inherent advantage of RSM is that
the response matrix can be generated by running in parallel on a
given cluster, hence, this is an efficient way of obtaining a solu-
tion.

6 Results

6.1 Dynamic Hill Climbing Method Performance. Figure
11 shows a typical SOFT execution history. The dummy values fed
to SOFT when one of the constraints is violated (190 m/s) and
when the CFD simulation has failed (200 m/s) are apparent. The
CFD failures were linked with the large variability of the geom-
etry and use of multigrid acceleration. Most failures would not
have occurred if only 1 grid and a low CFL number (<0.5) were
used. However, these two parameters were critical in determining
the computational time required, and they could not be chosen to
be too “conservative.”

A first DHC optimization was run starting from the base line
design. The optimization process took about 10 days to converge
on 8 nodes of the cluster. The optimum solution determined is

Uaw (m/s) Experinent v Cost

2104 ]

mlll - VY

T T T v paE_T 1
24 36 49 44

20 24 28 32
Optimisation step

o
IS
R
549

Fig. 11 Execution history of the DHC method
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Table 2 Results from the DHC method

Base line First DHC RSM optimum/
design optimum Second DHC optimum

¢ (mm) 13 11 11
d (mm) 7.2 6.7 6.7
[ (mm) 0.8 1.43 79
« (deg) 45 46.12 10.63
x (mm) 23 24.38 21
Objective 208.21 213.64 217.68
function
Uy (m/s)
Cy 0.794 0.817 0.830
7 0.844 0.866 0.882
Deflection 3.77 3.65 291

angle (deg)

presented in Table 2. Theoretical considerations and experimental
data (see, for example, Ref. [13]) suggest that the performance of
a nozzle improves if it is converging. In the present work this
suggests that the optimum chamfer length will be close to its
upper limit. However, the predicted optimum geometry had a rela-
tively small chamfer length.

A second DHC optimization was run starting from a converging
nozzle design. As for the first run, some CFD runs failed, but in
this case convergence was achieved after just 3 days. The objec-
tive function achieved in this case was significantly higher than in
the first run, and the chamfer section was considerably longer than
that given by the first run. This experience with the DHC method
let to the decision to investigate further with the RSM optimiza-
tion method.

6.2 Response Surface Model Performance. As previously
described and illustrated in Sec. 5.2, the RSM method requires the
generation of an initial population of experiments. Since no CFD
is run if any of the constraints are violated, the execution of an
experiment that violates any of the constraints is very fast. More-
over, the probability that a randomly selected set of parameters
from the design space violates at least one of the constraints is
very high. Thus it was decided to choose a large initial population
in order to have a significant number of CFD results in the initial
response matrix. The number of independent parameters is 5. For
each parameter three values were considered (range minimum,
range maximum and range middle point). The total number of
experiments arising from all the possible combinations of such
parameters is 37=243.

It took almost 2 weeks to fill the initial response matrix. Only
28 experiments out of 243 required CFD runs. The time required
for a single CFD run was highly variable. This was due to the
large change in mesh size, which increased significantly with in-
creasing preswirl plate thickness ¢. Four of the CFD runs failed
initially. These were identified once automatic execution of all of
the 243 experiments had finished, and then executed manually
with fine tuning of the CFD input parameters.

Some minor improvements were made in the mesh generation
script, compared to that used in Sec. 6.1. The baseline and two
optimum geometries from the DHC calculations were repeated
using the new meshing script, and the results were then added to
the response matrix.

A further improvement was made in the treatment of con-
straints. The dummy value used in case of constraint violation for
the objective function was 190 m/s minus the sum of the values
of the violated constraints. This was introduced to improve the
behavior of the optimization algorithms close to the design space
boundaries.

Figure 12 shows a typical SOFT execution history for an opti-
mization in the updating loop of Fig. 10. The simulated annealing
algorithm was selected to find the optimum of the approximate
RSM-linear RBF model based on the response matrix. The updat-
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Fig. 12 Execution history of the RMS method

ing loop was stopped when the difference between the estimated
objective function and the CFD computed objective function was
lower than 0.1 m/s. The loop took only three steps to converge.
The optimum design determined by the RSM method was almost
exactly the same as the second optimum determined by the DHC
method.

Considering the results from both the DHC and RSM method,
the RSM method is recommended for future use as it was found
less prone to corruption due to failed CFD runs. The RSM method
also allows exploration of the full design space and use of all
compatible pre-existing CFD results. However, it may be noted
that the DHC method found the same global solution as the RSM,
but with more user intervention.

6.3 Nozzle Geometry and Performance. Geometric and per-
formance parameters for the base line and two optimum geom-
etries given by the DHC and RSM method are summarized in
Table 2. The three geometries are also shown in Fig. 13. It is
immediately apparent that the second optimum is closer to a con-
vergent nozzle design, and gives the best results for the objective
function u,,.

Both the optimum designs determined by the DHC method are
better than the base line design in terms of the objective function.
There is a 2.61% gain in the objective function value between the
base line design and the first DHC optimum and a 1.89% gain

Baseline design

/

First DHC optimum

RSM optimum / Second DHC optimum

Fig. 13 Nozzle geometries
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between the first and the second DHC optimum: so there is a
4.55% overall improvement. Table 1 also shows velocity effec-
tiveness # discharge coefficient C,, and a deflection angle for
each nozzle. 7 is simply the ratio of u,, to the ideal isentropic
value, so obviously follows the same trends. Discharge coeffi-
cients show a similar improving trend. The jet deflection angle
represents the difference between flow angle at nozzle exit and the
nozzle axis. It is positive towards the axis of the engine, and
hence, the results indicate a further small improvement in perfor-
mance of the optimized nozzles, pushing the overall improvement
in effectiveness to about 5%.

Comparing the base line and first DHC optimum geometries,
the preswirl plate thickness is reduced from 13 to 11 mm. This
reduces the length of the nozzle and part of the improvement may
be attributed to the reduced friction losses along the nozzle walls.
There also is an increase in the upstream to downstream section
area ratio from 1.23 to 1.49. The optimized downstream diameter
is 6.7 mm, which is the minimum allowed. Constraint 4, which
prevents intersection of chamfer volume with the downstream
face of the plate, is close to be violated.

The second or global optimum has an upstream to downstream
section area ratio of 1.49, and the downstream diameter is again
6.7 mm, as for the first DHC optimum. As already noted this
geometry is closer to a conventional converging nozzle. Con-
straints 1 and 3 are close to be violated, and x (21 mm) is at its
minimum allowed value. This means that the thickness of the
preswirl plate (11 mm) cannot be further reduced without restrict-
ing the convergent section of the nozzle. The global optimum thus
appears to be a compromise between the improvement given by
the reduction of the plate thickness, the improvement given by the
use of a converging nozzle, and the applied constraints.

7 Conclusions

Automatic optimization has been successfully applied to a pa-
rameterized preswirl nozzle design, including manufacturing con-
straints. Starting from a base line design from an aeroengine, an
improved design was derived, giving a predicted 5% improvement
in preswirl effectiveness. The optimized design includes an ex-
tended convergent section and reduced plate thickness. Further
improvement may be possible if the constraints imposed by manu-
facturing and the automatic mesh generation technique could be
relaxed. Although not confirmed experimentally, the results indi-
cate the benefits of careful nozzle design, and show that optimi-
zation methods can be useful in the design process.

In this study it was found that the DHC optimization method
was less robust than the RSM method combined with the simu-
lated annealing algorithm. The DHC method was susceptible to
disruption by failures of the CFD simulations, and initially got
trapped in a local optimum solution. The RSM methodology is
more robust and (with user intervention) can easily deal with fail-
ures of any kind in the response matrix building process.

Care was taken to ensure that the CFD solutions used in the
optimization were fully converged and accurate. This involved use
of fine meshes and relatively long computing times. The paramet-
ric mesh generation was found to be the greatest challenge in
automating the analysis. This is obviously going to be a critical
step in any applications where the handling of complex geom-
etries is required. A second issue is the robustness and speed of
the CFD solution. For example, it was shown that multigrid ac-
celeration can reduce run times considerably, but its application
was limited in the present study as it lead to a greater risk of CFD
solutions failing.
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Nomenclature
A = refers to plate face position
= refers to spherical drilling
= constant pressure specific heat
downstream nozzle diameter
upstream nozzle diameter
= nozzle axial distance from downstream plate
face to spherical drilling
chamfer length
nozzle axial distance from downstream plate
face to chamfer
= pressure
= radial coordinate
= spherical drilling radius
swirl ratio
= preswirl plate thickness
= total temperature
u,, = mass flow weighted axial velocity at nozzle
exit
vy = air tangential (or swirl) velocity
nozzle axial distance from upstream plate face
to chamfer
y* = conventional nondimensional distance to wall
a = chamfer angle
Q) = angular velocity

w O w
Il

-
Il

3
I

Subscripts
abs = in absolute frame of reference
max = maximum value
min = minimum value

ref = reference conditions
rel = in relative frame of reference
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Kinetics of Jet Fuel Combustion
Over Extended Conditions:
Experimental and Modeling

The oxidation of kerosene (Jet-Al) has been studied experimentally in a jet-stirred reac-
tor at 1 to 40 atm and constant residence time, over the high temperature range
800—-1300 K, and for variable equivalence ratio 0.5<¢@<2. Concentration profiles of
reactants, stable intermediates, and final products have been obtained by probe sampling
Jfollowed by on-line and off-line GC analyses. The oxidation of kerosene in these condi-
tions was modeled using a detailed kinetic reaction mechanism (209 species and 1673
reactions, most of them reversible). In the kinetic modeling, kerosene was represented by
four  surrogate  model  fuels:  100%  n-decane,  n-decane-n-propylbenzene
(74% 126 % mole), n-decane-n-propylcyclohexane (74% /126% mole), and n-decane-
n-propylbenzene-n-propylcyclohexane (74%/15%/11% mole). The three-component
model fuel was the most appropriate for simulating the JSR experiments. It was also
successfully used to simulate the structure of a fuel-rich premixed kerosene-oxygen-
nitrogen flame and ignition delays taken from the literature. [DOI: 10.1115/1.2364196

Philippe Dagaut

C.NRS.,

Laboratoire de Combustion et Systemes Réactifs,
1C, Avenue de la Recherche Scientifique,

45071 Qrléans cedex 2, France

1 Introduction

Kerosene (Jet A, Jet Al, JP-8, TRO) is a complex mixture of
alkanes  (50-65% vol.), mono- and  poly-aromatics
(10-20% vol.) and cycloalkanes or naphtenes (mono- and poly-
cyclic, 20-30% vol.) widely used in aircraft engines [1]. The
average chemical formula for kerosene (Jet A, Jet A-1, TRO, JP-8)
differs from one source to another: C;,H,3 for Gracia-Salcedo et
al. [2], CH,, for Edwards and Maurice [3], C;; ¢H,, for Martel
[4], C1Hy, for Guéret [5], and C,;H,3 for Nguyen and Ying [6].
In this study, the adopted formula was C;;H,,. A better knowledge
of its kinetic of combustion is of interest for (i) modeling its
combustion in aviation turbine engines and (ii) for safety reasons.
Actually, the first issue must be addressed through high-pressure
studies whereas the second one that covers pool fires can be ad-
dressed via atmospheric pressure studies. The compounds identi-
fied in kerosene at the highest levels of concentration are
n-alkanes. Due to the complexity of the composition of this fuel,
it is necessary to use a surrogate model fuel for simulating its
oxidation. Under high-pressure jet-stirred reactor (JSR) condi-
tions, the detailed kinetic modeling of kerosene oxidation was
initially performed using n-decane as a model fuel [7], since
n-decane and kerosene showed very similar oxidation rates under
JSR [7-9] and premixed flame conditions [10]. It was clearly
shown in a previous work [7] that n-decane is an acceptable
model fuel for kerosene oxidation under high pressure, if model-
ing the formation of aromatics is not a major issue since the oxi-
dation of n-decane yields much less aromatics that kerosene.
Therefore, more complex model fuels are necessary to model the
formation of aromatics from the oxidation of kerosene [11-14].
Surrogate model fuels consisting of n-decane and mixtures of
n-decane with simple aromatic hydrocarbons and cycloalkanes are
tested here, mainly under JSR conditions. The detailed kinetic
reaction mechanisms for the pure components of the surrogate
model fuel had first to be validated before merging the sub-
schemes to yield a kerosene kinetic reaction mechanism [15,16].
In this paper, we present new experimental results obtained for the
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oxidation of kerosene in a JSR at 1 atm, over a wide range of
equivalence ratios (0.5 to 2), and temperatures in the range
900-1300 K. The oxidation of n-decane in a premixed flame is
modeled, validating the kinetic scheme prior to modeling kero-
sene oxidation under JSR, shock-tube, and premixed flame condi-
tions, using n-decane based model fuels.

2 Experimental Setup

The JSR experimental setup used here is that used earlier
[7-9,15,16]. The reactor consisted of a small sphere of 4 cm di-
ameter (30.5 cm?) made of fused silica (to minimize wall catalytic
reactions), equipped with four nozzles of 1 mm i.d. for the admis-
sion of the gases that are achieving the stirring. A nitrogen flow of
100 L/h was used to dilute the fuel. As before [7-9,15,16], all the
gases were preheated before injection in order to minimize tem-
perature gradients inside the JSR. A regulated heating wire of ca.
1.5 kW maintained the temperature of the reactor at the desired
working temperature. The reactants were diluted by nitrogen
(<50 ppm of O,; <1000 ppm of Ar; <5 ppm of H,) and mixed
at the entrance of the injectors. High purity oxygen (99.995%
pure) was used in these experiments. Kerosene Jet-Al was soni-
cally degassed before use. A piston pump (Isco 100DM) or a
Shimadzu 10AD VP pump were used to deliver the fuel to an
atomizer-vaporizer assembly maintained at 200°C. Good thermal
homogeneity along the vertical axis of the reactor was observed
for each experiment by thermocouple (0.1 mm Pt-Pt/Rh, 10%
located inside a thin-wall silica tube) measurements (gradients of
ca. 1 K/cm). The reacting mixtures were probe sampled by means
of a fused-silica low pressure sonic probe. The samples (ca.
4-6 kPa) were taken at steady temperature and residence time.
They were analyzed on-line by means of a GC-MS and off-line
after collection and storage in 1 L Pyrex bulbs. High-vapor-
pressure species and permanent gases were analyzed off-line
whereas low vapor-pressure compounds were analyzed on-line.
These experiments were performed at steady state, at a constant
mean residence time, the reactants continually flowing in the re-
actor. The temperature of the gases inside the JSR was varied
stepwise. A high degree of dilution was used, reducing tempera-
ture gradients in the JSR and heat release (no flame occurred in
the JSR).

Gas chromatographs (GC), equipped with capillary columns
(Poraplot-U, Molecular Sieve-5A, DB-5ms, DB-624, Plot
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Fig. 1 The oxidation of n-decane under premixed flame conditions (1 atm,
0.01074033 g/cm?/s, initial mole fractions were 0.0319 for n-decane,
0.285 714 3 for oxygen, 0.682 385 7 for nitrogen). The data of [10] (symbols) are
compared to the modeling (lines).
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Fig. 2 The oxidation of kerosene in a JSR (700 ppmv of kerosene,
11,550 ppmv of oxygen, nitrogen diluent; 0.07 s, 1 atm). The data (large sym-
bols) are compared to the modeling (lines and small symbols) using n-decane
as a model fuel (770 ppmv of n-decane, 11,550 ppmv of oxygen).

Journal of Engineering for Gas Turbines and Power APRIL 2007, Vol. 129 / 395

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



1028 2e-4 +1,3C,H,
1ea | ®1iCH,
+ A 1CeHy,
S + O 1CgH,,
5 c +
g £ o
© 3 2e5
w i A
% o les | & ® +
=} : g
= g4 O
10 = A
I ]
+
s 2¢e-6 ¢
q +
1g54 /S ATOUR T W T PUN O ATENN = W VI I
900 1000 1100 1200 1300 1400 900 1000 1100 1200 1300 1400
T/K T/K
ot L ®CH, 2e-4 @ 73CrD
aC,H, 1e-d b X CgHg
o O C,H, [ Toluene
c \ X CoHg
g ok vl
g S 2e5 -
o i
% @ 1e5 |
(o]
= q0° =
2e6 # O
. & /,0—-\’
1e-6 l @ ] ]
900 1000 1100 1200 1300 1400 900 1000 1100 1200 1300 1400
T/K T/IK

Fig. 3 The oxidation of kerosene in a JSR (700 ppmv of kerosene,
11,550 ppmv of oxygen, nitrogen diluent; 0.07 s, 1 atm). The data (large sym-
bols) are compared to the modeling (lines and small symbols) using n-decane/
n-propylbenzene as a model fuel (585 ppmv of n-decane, 206 ppmv of
n-propyl-benzene, 11,550 ppmv of oxygen).
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Fig. 4 The oxidation of kerosene in a JSR (700 ppmv of kerosene,
11,550 ppmv of oxygen, nitrogen diluent; 0.07 s, 1 atm). The data (large sym-
bols) are compared to the modeling (lines and small symbols) using n-decane/
n-propylcyclohexane as a model fuel (585 ppmv of n-decane, 206 ppmv of
n-propylcyclohexane, 11,550 ppmv of oxygen).
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bols) are compared to the modeling (lines and small symbols) using n-decane/
n-propylbenzene/n-propylcyclohexane as a model fuel (585 ppmv of n-decane,
119 ppmv of n-propylbenzene, 87 ppmv of n-propylcyclohexane, 11,550 ppmv
of oxygen).
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Fig. 6 The oxidation of kerosene in a JSR (700 ppmv of kerosene,
23,100 ppmv of oxygen, nitrogen diluent; 0.07 s, 1 atm). The data (large sym-
bols) are compared to the modeling (lines and small symbols) using n-decane/
n-propylbenzene/n-propylcyclohexane as a model fuel (585 ppmv of n-decane,
119 ppmv of n-propylbenzene, 87 ppmv of n-propylcyclohexane, 11,550 ppmv
of oxygen).
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398 / Vol. 129, APRIL 2007 Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



1
02
H2
co
[t COo2
2 CH20
8
w
<@
(o]
=
10'5..]..‘.l....l....l..
800 300 1000 1100
T/K
102 )
a @ CH4
0] [ caH4
e ® ® O CzH2
s ¢l X G2H6
2 A C3He
O
]
s X
[
g 10° x - A
@]
X ) O
i O
4 O
10-6.[....]....[....];.
800 900 1000 1100
T/K
le-4 ¢
@ 1C4H8
[ CeHe
O Toluene

Mole Fraction
ey
W,

800 900

TK

Fig. 9 Oxidation of kerosene in a JSR (500 ppmv of kerosene,
8250 ppmv of oxygen, nitrogen diluent; 1.0 s, 20 atm) [7]. The
data (large symbols) are compared to the modeling (lines and
small symbols) using n-decane/n-propylbenzene/
n-propylcyclohexane as a model fuel (418 ppmv of n-decane,
85 ppmv of n-propylbenzene, 62 ppmv of n-propylcyclohexane,
8250 ppmv of oxygen).

Al,03/KCl, Carboplot-P7), TCD, and FID were used for measur-
ing stable species. Compound identifications were made through
GC/MS analyses of the samples. An ion trap detector operating in
electron impact ionization mode (GC/MS Varian Saturn 2000)
was used. As before [15,16], CH,0 and CO, were measured by
FID after hydrogenation on a Ni/H, catalyst connected to the exit
of the GC column. A good repeatability of the measurements and
a good carbon balance (100+10%) were obtained in this series of
experiments.

3 Kinetic Modeling

For simulating the oxidation of n-decane and kerosene [10] in
premixed flames, we used the Premix computer code [17]. For
simulating the ignition delays of kerosene-air mixtures, we used
the SENKIN code [18]. For the JSR computations, we used the
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Fig. 10 Oxidation of kerosene in a JSR at 40 atm and {=2.0 s
(initial conditions: 250 ppmv of kerosene TRO, 4125 ppmv of
0,, diluent nitrogen) [7]. Comparison between experimental re-
sults (large symbols) and modeling (small symbols and lines)
using n-decane/n-propylbenzene/n-propylcyclohexane as a
model fuel (209 ppmv of n-decane, 423 ppmv of
n-propylbenzene, 31 ppmv of n-propylcyclohexane, 4128 ppmv
of oxygen).

PSR computer code [19], which computes species concentrations
from the balance between the net rate of production of each spe-
cies by chemical reactions and the difference between the input
and output flow rates of species. These rates are computed from
the kinetic reaction mechanism and the rate constants of the el-
ementary reactions calculated at the experimental temperature, us-
ing the modified Arrhenius equation. The reaction mechanism
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Reaction paths for kerosene oxidation drawn from the modeling

using the selected three-component model fuel

used in this study has a strong hierarchical structure. It is based on
the comprehensive commercial fuel oxidation mechanism devel-
oped earlier [12], where the rate expressions of pressure-
dependent reactions have been updated. The reaction mechanism
used here consisted of 209 species and 1673 reversible reactions.
This mechanism, including thermochemical data, is available
from the author (dagaut@cnrs-orleans.fr). Since most of it has
been presented in detail in previous papers [7,15,16], only the
reaction of importance here will be described in the text. The rate
constants for reverse reactions are computed from the correspond-
ing forward rate constants and the appropriate equilibrium con-
stants, K,.=k¢ywara! Kreverse Calculated using thermochemical data
[20-22].

4 Results and Discussion

The kinetic model was tested against the atmospheric pressure
n-decane premixed flame data of Douté et al. [10] to verify the
validity of the proposed kinetic scheme for n-decane oxidation in
flame conditions. The experimental temperature profile reported
by the authors was used in the computations. The results of the
comparison between the experimental data and the modeling re-
sults are presented in Fig. 1. A good agreement between the data
and the modeling was observed, confirming the validity of our
kinetic scheme. It is noticeable from Fig. 1 that the computed and
experimental mole fraction profiles for n-decane, oxygen, CO,
CO,, and benzene are in very good agreement. However, the
model tends to underestimate the maximum mole fractions of hy-
drogen, ethylene, acetylene, and ethane and to overestimate those
of methane, propene, and allene (propadiene). Since we were
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pretty confident in this kinetic scheme, it was included as a sub-
scheme into the kerosene kinetic reaction mechanism used in the
other computations.

For the oxidation of kerosene in a JSR, the experimental results
consisted of the mole fractions of the reactants, stable intermedi-
ates, and final products measured at fixed residence time, as a
function of temperature. They are compared to PSR simulations in
Figs. 2-7. These results confirm the already reported intermediate
formation of simple olefins (mainly ethylene and propene) and
methane representing the major intermediate hydrocarbons
[7,8,10] formed from the oxidation of kerosene.

To test the effect of the model fuel composition on the compu-
tations, we modeled the oxidation of a stoichiometric mixture of
kerosene using four different model fuels. These computational
results are reported in the following paragraphs.

First, n-decane was used as a model fuel. As can be seen from
Fig. 2, the modeling of kerosene oxidation in a JSR using this
single-component model fuel yields good agreement between the
data and the modeling results for most of the species but 1,3-
cyclopentadiene (noted 1,3CPD), benzene, and toluene, for which
the model strongly underestimates the concentration. These results
confirm the already reported similitude between n-decane and
kerosene kinetics of oxidation [7-10]. They also confirm the
inclusion of nonparaffin components in the model fuel is nec-
essary to simulate the formation of aromatics from kerosene
oxidation [12].

The second model fuel tested was a n-decane/n-propylbenzene
(74% 126 % mole) mixture. As can be seen from Fig. 3, the mod-
eling of kerosene oxidation in a JSR in stoichiometric conditions

Transactions of the ASME



0.2
c 015
8
°
8 i
> 01
o C
=
0.058
0
[
8
S
«
=
@
[¢]
=

0.0025
L 0 CgHyp
X % 1-C,H
0.002 | il
5 :
% 0.0015 |
£ :
o L
o 0.007
=
5e-4
ol i i
2 25 3
0.0012
r — . <& Allene
0.001 * Benzene
o "
5 8e-4
=
3
= Ge-4
@
[¢]
= 4e-47
2e-4
0 1

i5 2 25 3
z/mm

Fig. 12 The oxidation of kerosene under premixed flame conditions (1 atm,
0.010 739 794 g/cm?/s, initial mole fractions: 0.0319 of kerosene, 0.286 43 of
oxygen). The data of [10] (symbols) are compared to the modeling (lines). The
initial mole fractions used in the modeling were n-decane, 0.024 636 85;
n-propylbenzene, 0.004 993 912; n-propylcyclohexane, 0.003 662 271, oxygen,

0.286 43; nitrogen, 0.680 276 967).

using this model fuel yields good agreement between the data and
the modeling for most of the species but 1,3-cyclopentadiene,
benzene, and toluene. It is noticeable that the mole fractions of
benzene and toluene are overestimated whereas that of 1,3-
cyclopentadiene is underestimated. These results confirm the
inclusion of cycloalkanes in the kerosene model fuel is nec-
essary [12].

The third model fuel wused was an n-decane/
n-propylcyclohexane (74 % /26 mole) mixture. As can be seen
from Fig. 4, the modeling of kerosene oxidation using this model
fuel yields good agreement between the data and the modeling for
most of the species but benzene and toluene, which are strongly
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Fig. 13 Ignition delay of kerosene/air mixtures at 1 atm
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underestimated. These results were expected based on a study of
the oxidation of n-propylcyclohexane [15] showing little forma-
tion of benzene and toluene.

Finally, a mixture n-decane/n-propylbenzene/
n-propylcyclohexane (74%/14%/11% mole) was tested as a
model fuel. This mixture was more representative of the compo-
sition of kerosene [1,12]. Figure 5 shows that the modeling of
kerosene oxidation in a JSR using this model fuel yields good
agreement between the data and the computational results for
most of the species, including simple aromatics (benzene, tolu-
ene). Therefore, this three-component model fuel was selected for
modeling the oxidation of kerosene in other experiments [7,10].
Figures 6 and 7 further demonstrate that using this three-
component model fuel is convenient for modeling the oxidation of
kerosene under JSR conditions at 1 atm.

The proposed model was further tested under high-pressure
conditions modeling previous JSR experiments performed at 10,
20, and 40 atm [7]. In these conditions also, the presently pro-
posed kinetic model performed well, as depicted in Figs. §-10.
We noted no major influence of the pressure on the model capa-
bilities. More high pressure data, unavailable at present, would be
necessary to further test the present scheme.

We performed a kinetic analysis of the reaction paths during the
oxidation of the kerosene model fuel at 10 atm, under stoichio-
metric conditions (cf. Fig. 8). It indicated that the overall oxida-
tion of the fuel is mostly driven by n-decane. According to the
model, at 900 K, the early stages of the fuel oxidation involve the
oxidation of n-decane, n-propylbenzene, and n-propylcyclohexane
(reaction rates of respectively 8.5X 1078, 1.8x 1078, 1.3
X 1078 mol/cm3/s at 10 ms and 900 K). Hydroxyl radicals are
the main species involved in the oxidation of the fuel mixture. The
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oxidation of n-decane is responsible for the production of these
radicals via a complex reaction scheme that can be summarized as
follows:

n-CyoHy, = 3-CyoH,,,4-CgHy;, and  5-CoHy,

n-C10H22 = 1-C8H17,4-C8H17,2-C8H17, and 3-C8H17

The decyl and octyl radicals isomerize and decompose.
Their decomposition yields 1-butyl and I1-propyl radicals
that in turn decompose. The further reactions in turn yield OH
radicals: ]—C4H9+M:>C2H5+C2H4+M; 1-C3H7+M:>CH3
+C2H4+M; C2H5+02:>C2H4+H02; 2H02:>H202+02; H202
+M=0OH+OH+M; CH3+HO,= OH+CH;O. Sensitivity analy-
ses indicated that benzene formation mostly depends on the
kinetics of n-propylbenzene+OH= CqHs-C3Hg+H,0, benzyl
+HO2:>C6H5-CH20+OH, Styrene+H:>C6H5+C2H4, C6H6
+0=C¢Hs0+H, and H+O,+M=HO,+M. A schematic repre-
sentation of the main reaction paths is given in Fig. 11.

The atmospheric pressure premixed flame of kerosene reported
in [10] was also simulated to further test the validity of the pro-
posed kinetic scheme using the selected three-component model
fuel. The experimental temperature profile reported by the authors
[10] was used in the computations. The results of the comparison
between the experimental data and the kinetic computations are
presented in Fig. 12. An overall good agreement between the data
of [10] and the present modeling was observed, further confirming
the validity of our kinetic scheme and the choice of the surrogate
three-component model fuel. It is noticeable in Fig. 12 that the
computed and experimental mole fraction profiles for oxygen, hy-
drogen, CO, CO,, allene, and benzene are in good agreement.

Nevertheless, the proposed kinetic model tends to underesti-
mate the maximum mole fractions of acetylene by 20%, and that
of ethane by a factor of 2. Also, the proposed model tends to
overestimate the maximum mole fractions of ethylene by 20%, of
methane by 10%, and of propene by 30%.

The ignition delays of few kerosene-air mixtures at atmospheric
pressure have been reported before [23,24]. They have been used
in several previous modeling efforts where reasonable agreement
between computations and data was achieved [11,13,14,25]. The
present computed results shown in Fig. 13 are in line with these
previous modeling results.

5 Conclusion

New experimental results were obtained for the oxidation of
kerosene in a JSR at 1 atm. These data were used in conjunction
with literature data consisting of (i) high-pressure JSR experi-
ments, (ii) flame structures of n-decane and kerosene, and (iii)
kerosene-air ignition data to validate a detailed kinetic scheme for
kerosene ignition, oxidation, and combustion. Four surrogate
kerosene model fuels were tested: (i) n-decane, (ii) n-decane-
n-propylbenzene (74 % -26 % mole), (iii) n-decane-
n-propylcyclohexane (74 %-26% mole), and (iv) n-decane-
n-propyl-benzene-n-propylcyclohexane (74 %—15%—11% mole).
Among these four model fuels, the n-decane/n-propyl-benzene/
n-propylcyclohexane mixture yielded the best modeling of the
JSR experiments. Further validations of the proposed kinetic
scheme and surrogate model fuel are still necessary, particularly
under high pressure. Such validations require new measurements
unavailable at present. The use of more complex model fuels
might also improve the agreement with the data as postulated for
modeling diesel fuel combustion [26].
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Nomenclature
¢ = equivalence ratio
FID = flame ionization detector
GC = gas chromatography
GC-MS = gas chromatography-mass spectrometry
JSR = jet-stirred reactor
TCD = thermal conductivity detector

References

[1] Dagaut, P, and Cathonnet, M., 2006, “Experimental and Kinetic Modeling
Study of the Oxidation and Combustion of Kerosene,” Prog. Energy Combust.
Sci., 32, pp. 48-92.

[2] Gracia-Salcedo, C. M., Brabbs, T. A., and McBride, B. J., 1988, “Experimental
Verification of the Thermodynamic Properties of Jet-A Fuel,” NASA Tech.
Memorandum No. 101475.

[3] Edwards, T., and Maurice, L. Q., 2001, “Surrogate mixtures to Represent
Complex Aviation and Rocket Fuels,” J. Propul. Power, 17, pp. 461-466.

[4] Martel, C. R., 1988, “Molecular Weight and Average Composition of JP-4,
JP-5, JP-8, and Jet A,” AFWAL/POSF Report, July 15.

[5] Guéret, C., 1989, “Elaboration d’un modele cinétique pour I’oxydation du
kérosene et d’hydrocarbures représentatifs,” thesis, University of Orléans (in
French).

[6] Nguyen, H. L., and Ying, S. J., 1990, “Critical Evaluation of Jet-A Spray
Combustion Using Propane Chemical Kinetics in Gas Turbine Combustion
Simulated by KIVA-IL,” Paper No. ATAA-90-2439, 26th Joint Propulsion Con-
ference, July 16-18, Orlando, FL.

[7] Dagaut, P., Reuillon, M., Boettner, J.-C., and Cathonnet, M., 1994, “Kerosene
Combustion at Pressures up to 40 atm: Experimental Study and Detailed
Chemical Kinetic Modelling,” Proc. Combust. Inst., 25, pp. 919-926.

[8] Dagaut, P., Reuillon, M., Cathonnet, M., and Voisin, D., 1995, “High Pressure
Oxidation of Normal Decane and Kerosene in Dilute Conditions From Low to
High Temperature,” J. Chim. Phys. Phys.-Chim. Biol., 92, pp. 47-76.

[9] Cathonnet, M., Voisin, D., Etsouli, A., Sferdean, C., Reuillon, M., Boettner,
J.-C., and Dagaut, P., 1999, “Kerosene Combustion Modelling Using Detailed
and Reduced Chemical Kinetic Mechanisms,” Symp. Applied Vehicle Tech-
nology Panel on Gas Turbine Engine Combustion, Emissions and Alternative
Fuels, Lisbon, Portugal, Oct. 12-16, RTO Meeting Proceedings 14, pp. 1-9.

[10] Douté, C., Delfau, J.-L., Akrich, R., and Vovelle, C., 1995, “Chemical Struc-
ture of Atmospheric Pressure Premixed n-decane and Kerosene Flames,” Com-
bust. Sci. Technol., 106, pp. 327-344.

[11] Mawid, M. A., Park, T. W., Sekar, B., and Arana, C., 2002, “Development and
Validation of a Detailed JP-8 Fuel Chemistry Mechanism,” AIAA Paper No.
2002-3876.

[12] Dagaut, P., 2002, “On the Kinetics of Hydrocarbons Oxidation From Natural
Gas to Kerosene and Diesel Fuel,” Phys. Chem. Chem. Phys., 4, pp. 2079—
2094.

[13] Mawid, M. A., Park, T. W., Sekar, B., and Arana, C., 2003, “Sensitivity of
JP-8 Fuel Combustion and Ignition to Aromatic Components,” AIAA Paper
No. 2003-4938.

[14] Mawid, M. A., Park, T. W., Sekar, B., and Arana, C., 2004, “Importance of
Surrogate JP-8/Jet-A Fuel Composition in Detailed Chemical Kinetics Devel-
opment,” AIAA Paper No. 2004-4207.

[15] Ristori, A., Dagaut, P., El Bakali, A., Cathonnet, M., 2001, “The Oxidation of
n-Propylcyclohexane: Experimental Results and Kinetic Modeling,” Combust.
Sci. Technol., 65, pp. 197-228.

[16] Dagaut, P., Ristori, A., El Bakali, A., and Cathonnet, M., 2002, “The Oxidation
of n-Propylbenzene: Experimental Results and Kinetic Modeling,” Fuel, 81,
pp. 173-184.

[17] Kee, R. J., Grcar, J. F,, Smooke, M. D., and Miller, J. A., 1985, ‘Premix: A
Fortran Program for Modeling Steady Laminar One-Dimensional Premixed
Flame,” Sandia Report No. SAND85-8240, Sandia National Laboratories, Liv-
ermore, CA.

[18] Lutz, A. E, Kee, R. J., and Miller, J. A., 1988, “Senkin: A Fortran Program for
Predicting Homogeneous Gas Phase Chemical Kinetics with Sensitivity Analy-
sis,” Sandia Report No. SAND87-8248, Sandia National Laboratories, Liver-
more, CA.

[19] Glarborg, P., Kee, R. J., Grear, J. F, and Miller, J. A, 1986, “PSR: A FOR-
TRAN Program for Modeling Well-Stirred Reactors,” Sandia Report No.
SANDS86-8209, Sandia National Lab, Livermore, CA.

[20] Tan, Y., Dagaut, P., Cathonnet, M., and Boettner, J.-C., 1994, “Acetylene Oxi-
dation in a JSR from 1 to 10 atm and Comprehensive Kinetic Modeling,”
Combust. Sci. Technol., 102, pp. 21-55.

[21] Kee, R. J., Rupley, F. M., and Miller, J. A., 1991, “Thermodynamic Data
Base,” Sandia Report No. SAND87-8215, Sandia National Laboratories, Liv-
ermore, CA.

[22] Muller, C., Michel, V., Scacchi, G., and Come, G.-M., 1995, “THERGAS: A
Computer Program for the Evaluation of Thermochemical Data of Molecules
and Free Radicals in the Gas Phase,” J. Chim. Phys. Phys.-Chim. Biol., 92,
pp. 1154-1178.

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



[23] Mullins, B. P., 1953, “Studies on the Spontaneous Ignition of Fuels Injected
Into a Hot Air Stream. V-Ignition Delay Measurements on Hydrocarbons,”
Fuel, 32, pp. 363-379.

[24] Freeman, G., and Lefebvre, A. H., 1984, “Spontaneous Ignition Characteristics
of Gaseous Hydrocarbon-Air Mixtures,” Combust. Flame, 58, pp. 153-162.

[25] Montgomery, C. J., Cannon, S. M., Mawid, M. A., and Sekar, B., 2002, “Re-

Journal of Engineering for Gas Turbines and Power

duced Chemical Kinetic Mechanisms for JP-8 Combustion,” AIAA Paper No.
2002-0336.

[26] Mati, K., Ristori, A., Gail, S., Pengloan, G., and Dagaut, P., 2007, “The Oxi-
dation of a Diesel Fuel at 1-10 atm: Experimental Study in a JSR and Detailed
Chemical Kinetic Modeling,” Proc. Combust. Inst., 31, 10.1016/
j-proci.2006.07.073

APRIL 2007, Vol. 129 / 403

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Lean Blowout Limits and NO,
Emissions of Turbulent, Lean
Premixed, Hydrogen-Enriched
Methane/Air Flames at High
Pressure

Flame stability is a crucial issue in low NO, combustion systems operating at extremely
lean conditions. Hydrogen enrichment seems to be a promising option to extend lean
blowout limits (LBO) of natural gas combustion. This experimental study addresses flame
stability enhancement and NOy reduction in turbulent, high-pressure, lean premixed
methane/air flames in a generic combustor capable of a wide range of operating condi-
tions. Lean blowout limits and NOy emissions are presented for pressures up to 14 bar,
bulk velocities in the range of 32-80 m/s, two different preheating temperatures (673 K,
773 K), and a range of fuel mixtures from pure methane to 20% H,/80% CH by volume.
The influence of turbulence on LBO limits is also discussed. In addition to the investiga-
tion of perfectly premixed H,-enriched flames, LBO and NOy are also discussed for
hydrogen piloting. Experiments have revealed that a mixture of 20% hydrogen and 80%
methane, by volume, can typically extend the lean blowout limit by ~10% compared to
pure methane. The flame temperature at LBO is ~60 K lower resulting in the reduction
of NOy concentration by =35% (0.5— 0.3 ppm/15% O,). [DOL: 10.1115/1.2436568]
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premixed flames

Introduction

Currently, lean premixed combustion is the favored method for
low-emission power generation from natural gas used in station-
ary gas turbines. Homogeneous mixing of the fuel and air com-
bined with ultralean operation provide a reduction of flame tem-
perature and are key to its success in minimizing NO, formation.
Increasing environmental concerns will lead to heavier restrictions
on NO, emissions from gas turbines prompting a need to exploit
this combustion technique to its maximum potential. One of the
major challenges facing designers of such combustion systems is
the flame stability at these lean conditions. Since further reduction
of NO, will require even leaner mixtures, schemes for lean stabil-
ity extension must be considered. Hydrogen doping is a known
method of increasing LBO limits of hydrocarbon fuels and shows
a great deal of promise for application to lean premixed
combustors.

Several experimental results of research combustors operated at
atmospheric pressure were reported in literature. Schefer [1] and
Schefer et al. [2] injected hydrogen in methane/air flames in a
completely premixed mode in a combustor at atmospheric pres-
sure and for swirling flow conditions. Inlet velocities up to
100 m/s were reported. Significant lean blowout extension was
observed for addition of up to 20% hydrogen by volume. Reduc-
tion of the lean stability limit of 10.4% and 16.6% are given for an
inlet velocity of 20 m/s for 10% and 20% hydrogen, respectively.
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Emissions of CO and NO, were measured by gas probe measure-
ments and the flame was characterized using both planar laser
induced fluorescence of the OH radical (OH-PLIF) and direct lu-
minous photographs. Wicksall et al. [3,4] studied the effect of fuel
composition for H,/CH,4 mixtures on the velocity field in a simi-
lar setup to that used by Schefer [1]. The velocity field was char-
acterized using particle image velocimetry (PIV), and the mea-
surements were extended to include both velocity measurement
and OH-PLIF simultaneously. Data for only pure CH, and a mix-
ture of 60% CH, and 40% H, by volume are given. It was con-
cluded that the flame and flow structures for CH, and H,-enriched
CH, flames (in air) are quite distinct. Hy-enriched flames were
described as shorter and more robust. It was stressed that the
location of flame stabilization was altered with hydrogen. Nguyen
and Samuelson [5] conducted experiments in a swirling flow com-
bustor at atmospheric pressure with discrete hydrogen dopant in-
jection in premixed natural gas and air. Incoming air was not
preheated and reference velocities were 5 m/s and 7.5 m/s. Ra-
tios of hydrogen to natural gas up to 1.11% in terms of energy
output were tested. From these tests, it was concluded that such a
hydrogen addition scheme could significantly widen the lean sta-
bility limits of the combustor.

Characteristics of hydrogen-enriched flames in model burners
(counterflow, jet-stirred reactor) were also reported in literature.
Jackson et al. [6] has investigated, numerically and experimen-
tally, the effect of hydrogen on lean premixed methane flames at
atmospheric pressure using a highly strained counterflow burner.
The fuel/air mixtures were preheated to 300°C and 400°C. Ve-
locity profiles were measured using laser Doppler velocimetry
(LDV). Lean extinction was measured for a range of strain rates
and concentrations of hydrogen 0%, 5%, 10%, and 20% (defined
by fraction of oxygen consumed by H,). The conclusion was
made that the improved lean flammability was mainly attributed
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to the increase in flame speed, but transport effects by way of
Lewis number reduction were also cited. Similarly, Guo et al. [7]
has modeled ultralean counterflow flames to investigate the effect
of hydrogen on flammability limits and NO, emission of methane/
air flames. It was claimed that, because of enhancement in the rate
of the NNH or N,O intermediate, NO increases for a given
equivalence ratio when H, is added. However, hydrogen enrich-
ment allows combustors to operate at ultralean conditions, result-
ing in significant reductions of NO, emissions. Ren et al. [8] used
a single jet-wall stagnation flow burner for experiments and nu-
merical modeling. With this configuration laminar flame speeds
were measured for low strain rates as well as the values for the
extinction strain rates. Axial velocities were measured using LDV,
and stable species concentrations were measured by molecular
beam mass spectrometry. NO, was measured with a chemilumi-
nescence analyzer. Mixtures of up to 8% H, in CHy/air flames at
atmospheric pressure were presented. It was shown that by adding
up to 8% hydrogen the laminar flame speed increases on the order
of 5-10%. Computations predict that this amount of hydrogen
reduces the extinction limit by 7%.

Only a few high-pressure studies can be found in literature.
Dagaut and Dayma [9] have studied the oxidation of hydrogen-
enriched natural gas blends experimentally and numerically. The
experiments were performed in a fused silica jet-stirred reactor at
elevated pressures (up to 10 bar), different equivalence ratios (0.3,
0.5, 1), and with different mixtures of hydrogen and natural gas.
The results showed a significant increase of the reactivity of the
natural gas blend when hydrogen is added due to an increase of
the OH radical concentration. Halter et al. [10] has characterized
the effects of pressure and hydrogen concentration on laminar
premixed flames. Measurements were performed in a spherical
combustor at pressures between 0.1 MPa and 0.5 MPa, equiva-
lence ratios of ¢=0.7—1.2 and hydrogen concentrations up to
20% by volume. Measurements consisted of Schlieren photogra-
phy of the flame initiated by central ignition in the spherical com-
bustor. He concludes that addition of hydrogen increases the lami-
nar burning velocity, decreases the laminar flame thickness, and
reduces the dependence of the laminar burning velocity against
flame stretch. Increasing pressure has the effect of decreasing the
burning velocity and also the laminar flame thickness for all mix-
tures. Additionally, Halter et al. [11] has extended the investiga-
tions to turbulent, lean premixed flames. Measurements were car-
ried out in a Bunsen-type burner at pressures up to 1 MPa at a
constant mean flow velocity of 2.1 m/s and for pure methane as
well as mixtures of 10% and 20% hydrogen (by volume in meth-
ane) with an equivalence ratio of 1. The main focus of the work
was to characterize the flame front geometry, flame surface den-
sity, and the instantaneous flame front thermal thickness. Mea-
surements included Mie-scattering tomography and Rayleigh scat-
tering. It was observed that the mean flame height decreases with
hydrogen addition. Flame brush thickness also was seen to de-
crease with hydrogen addition, which was attributed to both the
reduction in flame height and the decrease in laminar flame thick-
ness. It was additionally concluded that small-scale flame front
wrinkling is enhanced by hydrogen addition. This is based on the
observation that there is a slight broadening of the structure size
distribution. Finally, the ratio of turbulent flame speed to laminar
flame speed, S7/S;, was said to increase with hydrogen addition
due to the augmentation of flame surface density.

In spite of the quantity of current research activity involving
hydrogen enrichment to lean premixed combustion, a deficit exists
for experiments at gas turbine relevant conditions. More specifi-
cally, there is very little high-pressure data for turbulent, lean
premixed flames available. Changes in flame characteristics at el-
evated pressures (flame position, flame structure, flame speeds,
pollutant formation, etc.) necessitate those experiments. The goal
of the present research is to experimentally investigate to what
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extent mixtures of hydrogen in methane, both premixed with air
and piloted, can effectively improve flame stability and to quan-
tify the impact on NO, emissions.

Use of large amounts of pure hydrogen for application in power
generation is not considered feasible at the present time in spite of
its favorable combustion characteristics. Its main drawback is a
lack of a natural source and supporting infrastructure. The com-
plexity and limitation of modern competitive hydrogen production
techniques still make costs prohibitive. However, current interest
in hydrogen technologies among the scientific community is driv-
ing the development of hydrogen production and distribution tech-
niques as well as devices for onboard fuel reformation of hydro-
carbon fuels. Taking these factors into account, an upper limit of
20% hydrogen in fuel mixtures by volume (7% of total thermal
power) was set by the authors for experimental consideration.
Fuel reformers could be designed to supply mixtures containing
such amounts of hydrogen derived from the natural gas used as
the main fuel source. However, for a real gas turbine application
due to the limited space in the high-pressure section, the reformer
should be as small as possible thereby limiting the amount of
hydrogen enrichment.

Lean blowout limits and NO, emissions were measured for
premixed methane/hydrogen/air flames with a preheating tempera-
ture of 673 K and 773 K. Inlet bulk velocities were varied from
32 m/s to 80 m/s at pressures between 5 bar and 14 bar. Fuel
mixtures of 0-20% hydrogen by volume in methane were tested.
Additionally, LBO and NO, were measured also for some hydro-
gen piloted cases.

Experimental Setup

The experiments were carried out in a generic, high-pressure
combustor shown in Fig. 1. The combustor with complete optical
access is specifically designed to study turbulent, lean premixed
flames (Fig. 1). It is capable of operation up to a pressure of
30 bar, with a maximum airflow rate of 750 my>/hr (0.3 kg/s)
and flame temperatures up to 1850 K. The combustion air can be
electrically preheated as high as 823 K. The combustor has a
maximum thermal power of 400 kW. The cylindrical liner con-
sists of two coaxial quartz glass tubes (inner quartz glass tube
diameter D=75 mm), which are convectively air cooled. The
combustor inlet diameter d is 25 mm. The flame is stabilized by
the recirculation of hot flue gases due to the sudden expansion
geometry. A hydrogen torch igniter is used to ignite the homoge-
neously premixed fuel/air mixture. In this study, pure methane/air
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mixtures and mixtures with H, enrichment up to 20% by volume
of the fuel (up to 7% of total thermal power) were investigated in
the premixed and piloted mode. In the piloting experiments, hy-
drogen was injected through 12 holes (d},,.=1 mm) each located
at the radius 20 mm (see Fig.2). The high level of optical access
required for nonintrusive laser diagnostics (PIV, PLIF) is provided
by three large high-pressure windows.

A water-cooled gas probe located at the exit of the combustor
coupled with a conventional exhaust gas analysis system was used
to measure the concentration of the major species (CO, CO,, O,,
NO,). The NO, detection limit was 0.1 ppm (1% of full scale). A
more detailed description of the setup can be found in [12,13].
Exhaust gas temperatures were measured with a thermocouple
(S-type Pt/Pt-Rh) also located at the center of the combustor exit.
The measured temperatures reported here are corrected for heat
losses due to radiation, convection, and conduction [14]. The cor-
rected temperatures 7oy are ~60 K higher than the measured
values. Taking advantage of the optical access, a sensor was used
to record the OH chemiluminescence signal at a rate of up to
1 kHz (see also Fig. 3). Because of the sensor design [15], the
resulting signal is proportional to the OH chemiluminescence in-
tegrated over a significant extension of the flame.

LBO limits are determined using the combination of the mea-
surement techniques previously mentioned. These measurements
are typically carried out, starting from a stable flame at a fixed
fuel-to-air ratio and then slowly decreasing the fuel flow rate in
steps, keeping the other conditions constant, until LBO occurs.
The exhaust gas concentrations, the exhaust gas temperature, and
the OH chemiluminescence signal are simultaneously recorded.
However, the temporal resolution of the exhaust gas concentration
measurements is much smaller (1 Hz) than for the chemilumines-
cence signal. Additionally, there is a certain time delay in the
response of the exhaust gas analysis system to a concentration

change because of a high exhaust gas volume in pipes, pump,
filters, etc. At each step, a certain period of time is allowed to
elapse to verify whether the flame is stable or not (criteria: ex-
haust gas temperature and species concentrations are steady in
time). Then, toward LBO, the flame-sensing signal begins to fluc-
tuate heavily, and large regions of local extinctions are observed
(the signal may even reach zero for short periods of time; see Fig.
3). Proximity to lean extinction is made even more evident by a
rapid increase in the CO concentration indicating incomplete com-
bustion due to local extinction events. The flame then enters a self
exciting mode (fluctuations are getting stronger and stronger) in
which its position, shape, and length change rapidly until LBO
occurs. When the flame is completely extinguished, the exhaust
gas temperature quickly decreases and the OH chemilumines-
cence signal becomes zero, thus defining the critical equivalence
ratio ¢ po. An example of the OH chemiluminescence time his-
tory of a lean blowout event is shown in Fig. 3. The repeatability
of the measured LBO values was observed to be <3% (AD
~(.01). This can be attributed to inaccuracies associated with the
various components of the measurement and control chain (mass
flow controllers for the reactants and coolants, thermocouples,
pressure transducers, exhaust gas analyzers, etc.) as well as minor
variations in heat loss from the combustor, which has proven quite
challenging to perfectly reproduce.

The turbulence intensity u’ and the integral length scale Ly in
the inlet [16] can be varied by using different turbulence grids
(defined by hole diameter dy and blockage ratio) or by mounting
these grids at different axial positions within the combustor inlet
section (see Fig. 1). In this study, perforated plates with hexago-
nally located holes (dy=3 mm) of two different blockage ratios
(50% and 65%) and two grid position (x,=10 and x,=30) were
used. The nomenclature of the grids is explained in Table 1. x, is
the normalized grid position, which is defined as the axial distance
from the grid position to the combustor inlet (x=0 mm), divided
by the grid hole diameter dy. The experimental conditions of the
studied flames are presented in Table 2.

Results

Lean Blowout Limits and NO, of Premixed Flames. In Fig.
4, lean stability limits (LBO) are shown for a pressure of 5 bar
and a bulk velocity range of 32-80 m/s, with 10% and 20% H,
enrichment and for two different inlet temperatures (673 K,
773 K). For comparison, LBO results for pure methane are also
given. Stable flames are observed in the regime on the right-hand
side of each curve, whereas on the left-hand side of each curve
lean blowout occurs. For all fuel mixtures, increasing the bulk
velocity causes the flames to extinguish at less lean conditions
because of an increased flame stretch due to higher velocity gra-
dients between the jet core and the recirculation zone. For a con-
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Table 1 Grid nomenclature and turbulent quantities at the inlet.

Hole Relative turbulence Integral length scale
diameter Blockage intensity at inlet at inlet
Grid dy ratio Position !ty Ly
nomenclature (mm) (%) xg (%) (mm)
2365,xg10 3 65 10 15 22
2350,xg30 3 50 30 5 3.1

stant preheating temperature, the slope of each curve is equal for
all fuel mixtures. Adding hydrogen enhances the flame stability
because of a higher OH radical concentration [9,17], which leads
to a higher global reaction rate and a higher flame speed, which
finally leads to lower values of the critical equivalence ratio. The
laminar flame speed of premixed methane/air flames enriched
with 20% H, by volume is ~20% higher than for pure methane/
air flames [10]. For 20% hydrogen enrichment by volume, the
critical equivalence ratio is 9-10% lower in comparison to pure
methane. Because of a higher flame temperature for the higher
preheating cases (773 K) and, subsequently, higher flame speed,
the lean blowout limits are shifted to lower equivalence ratios and
the slope is steeper than for the cases with a preheating tempera-
ture of 673 K. This indicates a lower sensitivity of the high-
temperature flames to flame stretch because of higher flame
speeds. Increasing the preheating temperature of 100 K results in
a 13-18% decrease of the critical equivalence ratio, depending on
the absolute value of the bulk velocity.

The dependency of LBO limits seems to be linear, which will
be further elucidated in Fig. 5. This figure shows the LBO limits
as a function of the hydrogen content of the fuel for two preheat-
ing temperatures (673 K, 773 K), two pressures (5 bar, 14 bar),
and a bulk velocity of 40 m/s. As pointed out earlier, the critical
equivalence ratio linearly depends on the hydrogen content of the
fuel. In consideration of a reproducibility of the measured LBO
data (A®=0.01), the slope is equal for all curves (at both pre-
heating temperatures and pressures). The high-pressure results
document that the extension of the lean stability limits measured
at 5 bar are also valid for real gas turbine pressures.

The influence of the turbulence characteristics on LBO limits is
discussed with the help of Fig. 6, which shows the results for two

Table 2 Experimental conditions

bulk velocity at inlet uy,y, (m/s) 32-80
inlet temperature (K) 673, 773
pressure (bar, absolute) 5-14
equivalence ratio ® 0.33-0.57
H, content of fuel (vol%) 0-20
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Fig. 4 LBO limits of the velocity variation for two different inlet
temperatures (673 K, 773 K) and different CH,/H, mixtures
(5 bar, 40 m/s, grid g365,xg10)
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different turbulence grids. The characteristic values of the turbu-
lence intensity and the integral length scale are given in Table 1.
The detailed velocity field measurements are described in [16]. In
the low bulk velocity range (up to =50 m/s), almost no differ-
ence can be observed between the high- and low-turbulence grid.
For higher bulk velocities, the critical equivalence ratios of the
low-turbulence grid (g350,xg30) are slightly lower (=3 %) com-
pared to the LBO limits of the g365,xg10 grid. This can be attrib-
uted to lower flame stretch effects due to lower turbulence inten-
sities in the jet core associated with the grid g350,xg30. This trend
is maintained in the H,-enriched flames.

The positive impact of the discussed LBO extension on the
emission characteristics of lean premixed flames due to H, enrich-
ment is presented in Fig. 7, which shows the NO, and CO emis-
sions together with the measured exhaust gas temperatures for
pure methane and 20% H, enrichment. The data were measured at
5 bar, 673 K, and 40 m/s. For a better illustration of the correla-
tion of NO, concentration and temperature, the calculated adia-
batic flame temperatures are also presented. Because the differ-
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Fig. 5 Effect of H, enrichment on LBO limits for two different
inlet temperatures (673 K, 773 K) and pressures of 5 bar and
14 bar (40 m/s, grid g365,xg10)
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ence between the adiabatic flame temperatures of pure methane
and 20% H,-enriched methane is very small (=10 K), only the
values for 20% H, enrichment are shown. Because of the exten-
sion of the LBO limits for hydrogen addition, lower minimum
NO, emissions can be reached because of a lower flame tempera-
ture at lower equivalence ratios (Fig. 7). The maximum NO, re-
duction is ~35% compared to pure methane flames. For a con-
stant equivalence ratio at very lean conditions ($ <0.43), the NO,
concentrations of pure methane and methane/hydrogen flames are
almost the same indicating no chemical effect of hydrogen addi-
tion on NO,. This is not true for higher equivalence ratios (P
>0.50). In this equivalence ratio range, the NOy concentration of
the methane/hydrogen flames is higher than for pure methane
flames. This will be discussed in more detail later with the help of
Fig. 8.

Except for extremely lean conditions (close to LBO), the mea-
sured CO emissions are always close to zero. Because of the low
flame temperature at equivalence ratios close to LBO and a higher
probability of local extinction events at these conditions, the CO
concentration increases while approaching LBO. For these low
temperature conditions, the residence time is not sufficient for
complete oxidation of CO. The presented exhaust gas tempera-
tures are approximately 100-150 K below the adiabatic flame
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Fig. 8 Pressure influence on NO, for pure methane and
methane/hydrogen flames and two different equivalence ratios
(673 K, 40 m/s, grid g365,xg10)
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temperatures, which can be attributed to a relative combustor heat
loss of <8% of the thermal power and to the measurement error
of the unshielded thermocouple (S-type).

The existence of a chemical effect of H, enrichment on NO, at
less lean conditions is more evident in Fig. 8, in which the com-
parison of the NO, concentrations for pure methane and methane/
hydrogen flames at different pressures (5-14 bar) and two differ-
ent equivalence ratios (0.5, 0.43), is presented.

At an equivalence ratio of ®=0.5, the NO, concentration is
higher when H, is added and seems to be independent of pressure.
Because of an exhaust gas temperature, which is the same for both
mixtures (see Fig. 7), this can only be a chemical effect, e.g., due
to a higher OH radical concentration when hydrogen is added [9],
which leads to a higher thermal NO, formation (e.g., N+OH
—NO+H). Another possibility would be the enhanced NO, for-
mation via the intermediate routes NNH and N,O according to
[7]. For pure methane/air flames at ®=0.5, the NO, concentration
does slightly decrease with increasing pressure. This can be attrib-
uted to the well-known decrease in the radical pool concentration
with increasing pressure, which lowers the thermal NO, formation
rate [ 18]. For the leaner equivalence ratio (P=0.43), the adiabatic
flame temperature is well below the “Zeldovich limit” of 1800 K;
therefore, the NO, formation rate is low. This is probably the
reason why a higher OH radical concentration due to H, enrich-
ment does not increase the NO, formation for such lean equiva-
lence ratios. Therefore, the NO, emissions of the pure methane
and methane/hydrogen flames are the same (Fig. 8, ®=0.43).

As discussed earlier, increasing the preheating temperature of
the fuel/air mixture results in an extension of the LBO limit (Fig.
4). But due to a higher flame temperature, the NO, emission is
significantly increased. This can be seen in Fig. 9, which shows
the NO, concentration, the exhaust gas temperature, and the cal-
culated adiabatic flame temperatures for a preheating temperature
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of 673 K and 773 K. These measurements were performed at
5 bar and 40 m/s. The strong (exponential) dependency of NO,
on temperature can be clearly seen in Fig. 9.

For a constant fuel mixture (methane or methane/hydrogen), the
minimum NO, concentration is approximately the same for 673 K
and 773 K preheating temperature, but they are obtained at differ-
ent equivalence ratios. Because of the LBO extension due to the
higher preheating temperature of 773 K, the minimum NO, is
measured at ® = 0.34 for H, enrichment ($ = 0.37 for pure meth-
ane), whereas for 673 K the minimum NO, is measured at ®
~0.39 for 20% H, enrichment (® =~ 0.43 for pure methane). Be-
cause of the higher flame temperature (=+50 K) because of a
higher preheating temperature (773 K), the maximum CO emis-
sions are lower than for the preheating temperature of 673 K.

Lean Blowout Limits and NO, of H,-Piloted Flames. All
LBO limits and NO, emissions presented thus far were measured
for perfectly premixed fuel air mixtures. In comparison, LBO lim-
its and NO, emissions for hydrogen piloting are presented in Figs.
10 and 11.

As expected, adding hydrogen via pilot jets instead of a per-
fectly premixed H, enrichment extends the LBO limits more ef-
fectively. For 20% hydrogen addition, this extension is ~3% of
the LBO limit for premixed H, enrichment (Fig. 10). Hydrogen
addition via pilot jets form high-temperature zones in a region

10 : : :
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Fig. 11 Typical flame shape of premixing and H, piloting
(673 K, 5 bar, 40 m/s, ®=0.5, grid g365,xg10)

close to the combustor head because of a less lean mixture in the
vicinity of the jets and therefore create high radical concentra-
tions, which improve the flame stability. These highly reactive
high-temperature zones close to the combustor head are clearly
visible in Fig. 12(b) in which the OH chemiluminescence signal
for a typical H, piloted flame is shown. The OH chemilumines-
cence signal, which has been scaled to the same maximum in both
figures, is known to be a good marker of the heat release zone
[19]. The comparison of both cases (piloted and premixed) shows
that for the perfectly premixed hydrogen addition a lifted jet flame
is formed, whereas for the hydrogen jets an attached flame is
visible (Fig. 12). Because the global equivalence ratio is the same
in both cases, for the piloted case more fuel (hydrogen) is added
in zones where the jets are located. This consequently causes
leaner conditions in the region close to the centerline causing the
higher overall flame length (dark gray zone) of the piloted flames.

These high-temperature zones with high radical concentration
are the reason for the higher NO, emissions of the piloted flames
compared to H, premixing. In Fig. 11, the NO, emissions for both
flames are presented. In the equivalence ratio range 0.4<®
<0.5, almost no influence of the NO, concentration of the H,
piloting flames on the equivalence ratio can be seen and the NOy
levels are an order of magnitude higher than for H, premixing.
This confirms the dominating role of the high-temperature zones
for NO, formation. In the present study, the hydrogen jets were
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flame length

flame length
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x [mm]
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Fig. 12 Comparison of NO, emissions for H, addition premixed versus pi-
loting (OH chemiluminescence, 673 K, 5 bar, 40 m/s, grid g365,xg10)
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located to mainly dope the recirculation zone. This is one of the
two extreme possibilities (doping the recirculation zone or the
shear layer).

It can be concluded that doping the recirculation is not the
optimal solution because of high NO, formation due to high tem-
peratures and long residence times in the recirculation zone. Dop-
ing the shear layer seems to be a more promising option to im-
prove the flame stability without increasing the NO, formation too
much. Previous experimental results of CHy/air flames have
shown that the flame stabilizes within the high-turbulent shear
layer [13]. Therefore, doping the shear layer with hydrogen would
significantly improve the flame stability. However, the conse-
quence of doping the shear layer with H, on NO, formation has to
be further investigated in the future.

Conclusions

For a further optimization of the lean premixed combustion
technology, hydrogen addition seems to be a promising option to
enhance the flame stability and to achieve lower NO, emissions.
This stimulates the experimental investigation of lean blowout
(LBO) limits and NO, emissions for lean premixed methane/
hydrogen/air flames in a generic combustor at conditions relevant
to modern, low-emission, stationary gas turbines. The experiments
were performed for a broad set of parameters including an inlet
velocity variation from 32 m/s to 80 m/s, pressures from 5 bar to
14 bar and two preheating temperatures (673 K, 773 K). Fuel
mixtures containing between 0% and 20% hydrogen in methane
by volume (up to 7% of total thermal power) were investigated in
the premixed and piloted mode.

The results showed that premixing of hydrogen can extend the
lean stability limit significantly. Because of a higher OH radical
concentration, which leads to a higher global reaction rate and a
higher flame speed, the equivalence ratios, where LBO is ob-
served, are lower with hydrogen enrichment. This extension of the
LBO limit is linearly dependent on the hydrogen content of the
fuel. For 20% hydrogen enrichment by volume, the critical
equivalence ratio is ~10% lower in comparison to pure methane.
For higher bulk velocities, decreasing the turbulence intensity in
the combustor inlet results in slightly lower LBO limits compared
to LBO limits of the high-turbulence grid. This can be attributed
to lower flame stretch effects due to lower turbulence intensities in
the jet core. A strong positive impact of the LBO extension on the
emission characteristics of lean premixed flames due to H, enrich-
ment was found. Because of the extension of the LBO limits for
hydrogen addition, lower minimum NO, emissions can be ob-
tained because of a lower flame temperature at lower equivalence
ratios. The maximum NO, reduction is ~35% compared to pure
methane/air flames.

Doping the recirculation zone with hydrogen with hydrogen
piloting does not significantly improve the LBO limits. Further-
more, NO, emissions are significantly higher in this case because
of high-temperatures zones with high radical concentration
formed in the vicinity of the hydrogen jets.

The presented results show the potential of further lowering the
NO, emissions in lean premixed combustion for stationary gas
turbines if a small amount of hydrogen is added. The influences of
H, enrichment on turbulent flame speeds and flame structure are
interesting questions, which will be worked on in the future.
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Particle Image Velocimetry
Measurements of the
Three-Dimensional Flow in an
Exhaust Hood Model of a
Low-Pressure Steam Turhine

The three-dimensional flow structure inside an exhaust hood model of a low-pressure
steam turbine was investigated using a particle image velocimetry (PIV) velocity field
measurement technique. The PIV measurements were carried out in several selected
planes under design operation conditions with simulated total pressure distribution and
axial velocity profile. The mean flow fields revealed a complicated vortical flow structure
and the major sources of energy loss. Vortices with different scales were observed inside
the exhaust hood: a strong separation vortex (SV) behind the tip of the guide vane, a
longitudinal vortex (LV) at the exhaust hood top, a large-scale passage vortex (PV)
evolving throughout the flow path, and an end-wall vortex (EWV) in the region adjacent
to the front end-wall. Both the SV and the large-scale PV seemed to consume large
amounts of kinetic energy and reduce the pressure recovery ability. The results indicate
that the steam guide vane and the bearing cone should be carefully designed so as to
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control the vortical flow structure inside the exhaust hood. [DOI: 10.1115/1.2431387]

Keywords: exhaust hood, low-pressure steam turbine, PIV
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1 Introduction

The exhaust hood of a low-pressure steam turbine transforms
the kinetic energy to potential energy and guides the flow from the
last stage blade (LSB) to the downstream condenser. Because of
the presence of the downward condenser, the flow discharged
from the LSB turns 90 deg, from the axial direction to the radial
direction, inducing strong circumferential and radial pressure gra-
dients. This phenomenon increases the total pressure loss and re-
duces the recovery of static pressure. In addition, the increase in
static pressure along the flow passage makes the flow more sus-
ceptible to separation. A well-designed exhaust hood can diffuse
the flow effectively, increasing the static pressure from the LSB to
the hood exit (condenser neck flange). This pressure recovery re-
sults in lower effective back pressure, and the remaining energy
can be used to produce more power. In this manner, the overall
efficiency of the exhaust hood is improved [1].

It has been recognized that the complicated flow passage and
interaction of various structural components make the flow inside
the exhaust hood one of the most challenging problems in fluid
dynamics [2]. In particular, accurate information on the velocity
distribution through the flow passage is required to estimate the
kinetic energy loss and aerodynamic performance of an exhaust
hood. Most previous studies on exhaust hoods have been carried
out by computational fluid dynamics (CFD) approaches. Tindell et
al. [3] numerically simulated the flow in a low-pressure turbine
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exhaust hood at a typical steam power generation station. They
found that approximately 15-20% pressure recovery capability
was lost in the exhaust hood and speculated that a strong horse-
shoe vortex formed at the top of the hood model was the primary
source of this loss. They also mentioned that the modified flow
guide performed differently under uniform and distorted (simu-
lated turbine discharge) inflow conditions. Liu et al. [4] investi-
gated the flow in an exhaust hood of a typical 300/600 MW steam
turbine using a multigrid and multiblock three-dimensional (3D)
Navier-Stokes (N-S) solver. For both uniform and distorted inflow
conditions, they found that the pressure recovery was acquired
mainly by the diffuser, not by the exhaust collector. By numerical
simulation of the 3D flow in the same exhaust hood model, Xu et
al. [5] found that the main factor reducing the static pressure
recovery was a large passage vortex (PV) of high intensity.
Sloldov [6], Dejean et al. [7], and Linhart and Hoznedl [8], among
others, also used 3D flow simulation to predict the performance of
exhaust hoods. The CFD results outlined above have contributed
to our understanding of the complex 3D flow structure in exhaust
hoods and have provided information to guide the development of
advanced steam turbine systems.

In contrast to the plethora of simulation studies, there have been
relatively few experimental studies of the flow inside exhaust
hoods, primarily due to the difficulties inherent in measuring this
complicated type of flow. In addition, most experimental data re-
ported to date were obtained using pointwise measurement tech-
niques and, hence, provide sparse data and very limited flow in-
formation [4,9]. Therefore, more accurate and reliable
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experimental data on the flow inside an exhaust hood are required
to elucidate the detailed flow characteristics and to validate the
numerical predictions.

Recently, the particle image velocimetry (PIV) technique has
been accepted as a reliable velocity field measurement method in
the field of fluid mechanics. This technique is a promising method
for exploring the detailed flow structure in an exhaust hood. The
main objective of the present study was to investigate the complex
flow structure inside an exhaust hood model of a low-pressure
steam turbine by means of PIV measurements and to determine
the major sources of energy loss. The results can be used to im-
prove the flow passage design and the performance of the exhaust
hood, as well as to validate numerical predictions.

2 Experimental Apparatus and Methods

2.1 Exhaust Hood Model. The longitudinal and end wall
views of the exhaust hood model tested are shown in Figs. 1(a)
and 1(b), and a photograph of the model is in Fig. 1(c). Detailed
scales are marked in this figure as well. The geometric scale ratio
of the tested model to the prototype was 1/4.088. The entrance of
the exhaust hood is defined as the LSB exit plane, and the exit of
the exhaust hood is connected to the condenser neck. The bearing
cone forms the inner boundary of the annular discharge flow, and
the steam guide constitutes the outer boundary. Internal flanges,
support struts, and other small protrusions into the flow path were
removed or simplified in the exhaust hood model. The bearing
cone consists of three frustum cones having various slopes as
shown in Fig. 1(a). This configuration of the bearing cone is usu-
ally adopted for easy manufacture, even though a single stream-
line cone shows more satisfactory performance. For PIV measure-
ments, most parts of the experimental model were made of
transparent acrylic material.

2.2 [Experimental Conditions. Before performing the PIV
measurements, the total pressure distribution and the axial veloc-
ity profile of the prototype turbine were simulated at the exhaust
hood entrance by attaching several annular screens with different
mesh sizes. Axial velocities at four circumferential locations were
measured by crossing the vertical and horizontal center planes
with a Pitot tube, to get a representative velocity at an annulus
height. The mean value was assumed as the axial velocity at the
entrance of the exhaust hood model, as shown in Fig. 2(a). Figure
2(b) presents the simulated total pressure distribution in the annu-
lus. Here, P is the total pressure, P, (=2000 Pa) is the maxi-
mum total pressure. The maximum inflow velocity is 63 m/s, and
the corresponding Reynolds number based on the annulus height
of 42 mm is about 1.7 X 10°. This is greater than the critical Rey-
nolds number above, of which the Re dependence becomes ne-
glectable. Therefore, the flow pattern measured in the exhaust
hood model is expected to be comparable to that in the prototype.
Since the inlet Mach number tested was ~0.2, the air compress-
ibility of the prototype steam turbine could not be simulated in
this study. It should be noted that the inflow condition has a sig-
nificant effect on the flow pattern and performance of an exhaust
hood. In this study, the exhaust hood model without rotating
blades was tested for its design operating condition [3].

2.3 PIV Measurement. The two-frame cross-correlation PIV
method was employed to measure the instantaneous velocity
fields. The PIV system used in this study consists of a dual-head
Nd: Yag laser, optics, a high-resolution CCD camera, and a delay
generator. The Nd:Yag laser produces high-energy (125 mJ)
pulses at a wavelength of 532 nm. Olive oil droplets of mean
diameter ~3 um were seeded as tracer particles. The tracer par-
ticle injection tube was installed 10 m upstream of the exhaust
hood model, so as not to disturb the flow in the test section. A
cylindrical lens and a spherical lens were used to form a thin laser
light sheet to illuminate the measurement planes. Particle images
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Fig. 1 Schematic diagram and photograph of the exhaust
hood model tested (units in mm), (a) longitudinal view; (b) end
wall view, and (c) photograph

were captured using a CCD camera of 2k X 2k pixel resolution
(Kodak ES 4.0). A pulse delay generator was used to synchronize
the laser and CCD camera.

Use of a transparent exhaust hood made it possible for the laser
light sheet to illuminate the tracer particles in the target cross
sections and for clear particle images to be captured. However, to
avoid strong light scattering that occurred at the edges and bound-
ary of the exhaust hood model, some parts of the model surfaces
were painted black. The thickness of the laser light sheet was
carefully adjusted to be 1-2 mm to reduce the scattering of laser
light. For PIV measurements in the planes perpendicular to the
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Fig. 2 Simulated experimental conditions in the annulus
height at the entrance of the tested exhaust hood model: (a)
axial velocity profile and (b) total pressure distribution (Pp,ax
=2000 Pa)

dominant flow, this thickness is sufficient to accommodate enough
number of particle pairs even with strong out-of-plane motion. An
additional factor degrading the image quality was attachment of
the olive oil particles on the internal surface of the experimental
model. To minimize this problem, the model was cleaned after a
certain period of operation time, with particular care being taken
to clean the test section to ensure clear particle images.

Taking into account the axisymmetric geometry of the exhaust
hood model, measurements were made only in the left half of the
model with respect to the vertical center plane (Y-Z plane indi-
cated in Fig. 1(a)). To obtain 3D flow field information, the PIV
measurements were carried out at various X-Y and X-Z planes
along the flow passage. Because the size of the field of view was
limited to 60 X 60 mm or 70 X 70 mm, it was impossible to simul-
taneously record the flow information for the entire test plane.
Therefore, the entire flow field in a given plane was generated by
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Fig. 3 Selected measurement planes through the flow pas-
sage of the exhaust hood model: (a) the vertical center plane
and ZD1-ZD4 planes, (b) the horizontal center plane, and (¢)
the condenser neck flange

combining several images. It should be mentioned here that com-
bining several separated images can only be applied under steady
flow conditions. For the vertical and horizontal center planes
shown in Figs. 3(a) and 3(b), each was divided into two fields of
view (FOVs). For the cross section of the condenser neck flange
of about 175 mm X 180 mm shown in Fig. 3(c), four FOVs were
combined to cover the measurement plane. Unfortunately, some
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gaps still remained between each FOV and the boundary, and
hence, this plane could not be entirely covered. However, the
velocity field obtained using the four FOVs specified above was
sufficient to characterize the general flow characteristics at the
condenser neck.

After capturing a series of particle images, the cross-correlation
PIV algorithm was employed to extract instantaneous velocity
fields using an interrogation window of 64 X 64 pixels with 50%
overlap. The spatial resolution is ~1.8 mm. In this study, we fo-
cused on variation of large-scale vortical structure in the flow
passage. The spatial resolution of these PIV measurements is rea-
sonably sufficient to resolve the vortical flow structure. For each
measurement cross section, 600 particle images were captured and
then 300 instantaneous velocity fields were derived, which were
subsequently ensemble-averaged to obtain the mean velocity field.
Spatial distributions of turbulent statistics, such as the turbulent
intensity and turbulent kinetic energy «, were obtained by statis-
tically averaging all the fluctuating velocity fields, derived by sub-
tracting the mean velocity field from the instantaneous velocity
fields. The turbulent kinetic energy x was computed using the
following equations:

w2 =3 +v?) (1)

K=%p(u’2+v’2+w’2)=%p(u’2+v’2) (2)
where the contribution of the out of plane velocity component w
was assumed to be the average of the measured velocity compo-
nents u and v based on the assumption of isotropic turbulence.
Note that, the actual turbulent kinetic energy will be somewhat
different from present results in the regions of strong vortices
where the isotropic assumption is not fulfilled.

3 Results and Discussion

3.1 Instantaneous Velocity Field in the Horizontal Center
Plane. A typical instantaneous velocity field in the horizontal cen-
ter plane is shown in Fig. 4. The main flow direction is perpen-
dicular to the test plane, and the light sheet is coming from the
right side. A large clockwise vortex is observed in the region
beside the annulus. Another vortex is observed in the corner be-
tween the tip of the steam guide vane and the annulus, details of
which will be discussed in the following sections. In this study,
we primarily elucidated the flow structure by inspecting the spa-
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tial distributions of the mean velocity, vorticity, and turbulent ki-
netic energy (TKE). The following discussion examines the flow
fields in the selected sections and the loss of flow energy through-
out the flow passage of the exhaust hood.

3.2 Flow at the Top of the Exhaust Hood. Figure 5 shows
the mean velocity field measured in the top vertical center plane
(#=180 deg) of the exhaust hood model. Two distinctly different
flow regions are observed in this plane. A counterclockwise rotat-
ing vortex, as a result of flow separation arising from the
“backward-facing step expansion” phenomenon, is formed in the
corner between the tip of the steam guide vane and the butterfly
vane. Although this vortex is restricted to the corner region, the
large value of positive vorticity denotes the presence of a strong
separation vortex (SV). In addition, the TKE exhibits a maximum
value at the center of the vortex, indicating that a large amount of
kinetic energy is consumed in this area. This type of SV has been
found in previous studies [3-5], indicating that it represents a
common phenomenon occurring in the steplike region behind the
steam guide vane that is independent of the flow guide geometry
and exhaust hood operating conditions. It can be conjectured that
this vortex is one of the main causes of flow energy loss in the
exhaust hood. Moreover, Xu et al. [5] and Liu et al. [4] noted the
presence of a large PV and an end-wall vortex (EWV) in addition
to the SV at the top of the exhaust hood. However, we did not
observe these flow phenomena, likely because we used a casing of
different size in the axial direction and included the butterfly vane.

On the other hand, the flow coming from the steam guide vane
has a local maximum speed. As the flow approaches the bearing
cone, its speed decreases gradually due to diffusion function of the
flow passage. It is noticeable that a reverse flow appears in the
region above the upper bearing cone, which occupies ~50% of
the flow path. Prior to PIV measurements, we supplementarily
measured the static pressure coefficients along the bearing cone in
the vertical center plane. The static pressure rises continuously
along the lower bearing cone and forms an adverse pressure gra-
dient along the bearing cone. Because the flow with very low
kinetic energy in the region near the bearing cone surface cannot
resist the adverse pressure gradient acting on it, the boundary
layer begins to separate. The curved shape of the bearing cone and
restriction by the adjacent hood casing may facilitate formation of
the reverse flow. After the boundary layer separates, the static
pressure decreases to some extent in the upper bearing cone. From
these results, we can see that the reverse flow hinders the recovery
of the static pressure. Liu et al. [4] and Tindell et al. [3] examined
the effects of different inflow conditions (including uniform and
distorted flow) on the flow pattern and exhaust hood performance.
They observed a separated flow over the bearing cone surface
under the distorted inflow condition, while we observed a sepa-
rated flow under the simulated inflow condition. The reason for
this discrepancy is not clear, but it may indicate that the simulated
inflow conditions of the axial velocity profile and total pressure
distribution are important determinants of the flow behavior. Fur-
ther work will be needed in the future to resolve this issue.

The mean flow fields in the top of the exhaust hood at several
X-Y planes along the axial direction are shown in Figs. 6-9. Near
the front end wall (ZD1), the flow moves in the opposite direction
to the main flow discharging from the LSB, confirming the pres-
ence of the reverse flow along the upper bearing cone observed in
Fig. 5. The streamlines are nearly uniform, without any visible
vortex structure, and the variation of the speed is not so large in
the ZD1 plane compared to the other planes. In the middle plane
(ZD2) between the front end wall and steam guide vane, a large-
scale counterclockwise rotating vortex occupies most of the flow
passage. The region of uniform speed is reduced to less than half
of the flow passage, and two areas with distinct flow speeds are
observed. Inside the vortex structure, the minimum in the flow
speed located near the top of the exhaust hood corresponds to the
vortex core. The region of high flow speed is located away from
the symmetric vertical center plane and the top of the exhaust
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Fig. 5 Mean flow field in the top vertical center plane (#=180 deg): (a) streamline distribution; (b) velocity magnitude
contours, (c) vorticity contours, and (d) turbulent kinetic energy contours

hood. As can be seen from Figs. 8 and 9, in the ZD3 plane before
the steam guide vane and ZD4 plane immediately over the steam
guide vane, the general flow patterns are similar. In the ZD4
plane, the large-scale vortex dominates the flow passage, and the
vortex center has migrated away from the vertical center plane
(X=0) compared to that in the ZD3 plane. The trajectory of the
vortex core in the region near the top of the exhaust hood between
the ZD2 and ZD4 planes is well matched with the reverse flow
pattern, moving downward in the opposite direction to the main
flow. The vorticity shows a maximum value just in front of the
guide vane. This longitudinal vortex (LV) forms from the reverse
flow on the bearing cone shown in Fig. 5(a). The LV seems to
develop into the large PV in the horizontal center plane discussed
in Sec. 3.3. Even though the LV consumes less kinetic energy than
the SV, its effect cannot be neglected.

From the flow field information in the vertical center plane and
several X-Y planes from the end wall views at the top of the
exhaust hood, we can discern two dominant vortices: a strong SV
separated from the tip of the guide vane, and a large-scale LV
occupying approximately half region of the flow passage. Their
formation is closely related to the arrangement of the steam guide
vane, the bearing cone and the butterfly vane. These two vortices
seem to cause most of the momentum loss and to decrease the
pressure recovery performance at the top of the exhaust hood.

Journal of Engineering for Gas Turbines and Power

3.3 Flow in the Horizontal Center Plane (=90 deg). Fig-
ure 10 shows the flow speed, vorticity, and TKE distribution in the
horizontal center plane (#=90 deg). The lower part of the upper-
row figures and the upper part of the lower-row figures are partly
overlapped at the region near the tip of steam guide vane, which
appears in both sets of figures as a reference. Compared to the
flow in the vertical center plane, the flow in the horizontal center
plane has a more complicated structure consisting of three vorti-
ces with different scales. A jetlike high-speed flow moves along
the steam guide vane and divides into two parts at a stagnation
region, ~15 mm away from the tip of the guide vane. One part
moves toward the front end wall of the exhaust hood and forms a
medium size counterclockwise EWV. The other part forms a
large-scale clockwise oval-shaped PV, expanding from the annular
edge to the side wall. In addition, a small counterclockwise vortex
is observed behind the tip of the guide vane, resulting from flow
separation. Although the size of this SV is similar to that shown in
Fig. 5, its shape is slightly different due to different boundary
conditions. Furthermore, the vorticity and TKE distributions are
different from those measured at the symmetric vertical center
plane (6=180 deg). For example, in the horizontal center plane
(0=90 deg) the vorticity value in the SV center is decreased to
about half that in the vertical center plane, and the TKE is reduced
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tion, (b) speed magnitude contours, (c) vorticity contours
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to only ~20% of that in the vertical center plane. These results
indicate that the separated vortex in the horizontal plane does not
play a noticeable role in the kinetic energy loss, compared with
that in the vertical center plane (6=180 deg).

Comparing the three vortices in the horizontal center plane, we
find that the EWV has the lowest positive vorticity, whereas the
PV has the highest negative vorticity. The TKE has a maximum
value at the core of the PV. Generally, the presence of a vortex
substantially lowers the total pressure and largely consumes the
flow energy. Therefore, we can conjecture that the large-scale PV
consumes large amounts of kinetic energy, and that the EWV
contributes less to the energy loss than the PV and the SV.

3.4 Flow in the Condenser Neck Plane. Figure 11 shows the
mean velocity field measured at the plane of the condenser neck
flange. Because of the small FOV for each measurement, four
separate PIV results are combined to obtain the entire flow field.
The streamlines clearly describe a large-scale clockwise PV occu-
pying most of the condenser neck. It should be noted that the
vortex core does not coincide with the geometric center of the
condenser neck flange, but shifts toward the lower right corner
between of the sidewall and the back end wall. This large PV
maintains the same rotational direction as that in the horizontal
center plane (=90 deg), indicating the consistent evolution of the
PV along the flow passage. The other two relatively small vortices
in the horizontal center plane are possibly combined into the PV
or phased out. The large-scale PV drives low-energy fluid and
pushes the main flow with a high momentum toward the surround-
ing area, resulting in a highly nonuniform velocity distribution at
the exhaust hood outlet. The nonuniform velocity distribution is
closely related to strong turbulent mixing and kinetic energy trans-
port from the large-scale motion to the small eddy motion.

The small counterclockwise EWV formed near the front end
wall seems to be similar in size to the one observed near the front
end wall in the horizontal center plane (Fig. 10). It does not have
any noticeable effect on the main flow. In the condenser neck
plane, the PV is the main source of energy loss and plays a key

Journal of Engineering for Gas Turbines and Power

role in the pressure recovery. Throughout the entire exhaust hood,
the PV strongly influences the kinetic energy consumption; hence,
flow separation over the bearing cone should be carefully consid-
ered in the design process.

4 Conclusions

The flow field inside an exhaust hood model has been investi-
gated experimentally using the PIV technique, with a focus on the
large vortex structure and the major sources of kinetic energy loss.
Behind the tip of the steam guide vane, a strong SV is formed and
maintains through almost the entire flow path of the exhaust hood.
However, its vorticity decreases by half in the horizontal center
plane. On the other hand, the PV originates at the exhaust hood
top, evolves gradually and occupies a large area of the flow path,
playing a dominant role in the flow inside the exhaust hood. In
addition, near the front end wall a small counterclockwise EWV
exists in the region from the horizontal center plane to the exhaust
hood outlet. These vortices seem to be the major sources of ki-
netic energy consumption and pressure loss. Their intensities and
influences vary as the flow goes downstream along the flow path.
The SV and the PV seem to be closely related to the guide vane
and the bearing cone, respectively. Therefore, when designing ex-
haust hoods, the steam guide vane and the bearing cone should be
designed so as to effectively control these vortical flow structures
and thus improve the hood performance.

Even though the swirling and periodic inflow conditions were
not simulated, the present results on the complex 3D vortex flow
structure in an exhaust hood model will provide useful data for the
design of flow passage so as to improve the aerodynamic perfor-
mance of the exhaust hood.
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Application of Hot-Wire
Anemometry in a Blow-Down
Turbine Facility

In order to test HP turbine stages under engine representative conditions on a heat
transfer point of view, blow-down test rigs are often used. In these rigs the evolution of
gas temperature, pressure, and density is similar to a step function. Hence, the use of
hot-wires, which are sensitive to flow velocity, density, and temperature, is more difficult
than in an incompressible flow at constant temperature. This investigation describes how
the data reduction can be performed in such an environment in order to extract the
velocity. The gas temperature is measured with a thermocouple and the gas density is
derived from the measurement of the total pressure thanks to an iterative procedure. Once
the velocity is derived, the turbulence can be computed. The effectiveness of the method
is first demonstrated in a heated jet where both pressure and temperature are varied.
Tests in the turbine facility are performed at turbine inlet temperatures of 480 K. Thus,
overheat ratios up to 1.9 had to be used, leading to a very high temperature of the
tungsten platinum coated wire. The aging of the probe was very fast, causing a drift in the
voltage output between the successive tests. A technique is proposed to minimize the
aging effect. It consists in adapting the calibration based on the resistance of the wire
measured before each test. Measurements were carried out at the turbine inlet and rotor
outlet. At the turbine inlet, velocity radial profiles are obtained together with measure-
ments of the turbulence intensity. The time-averaged data is compared with pneumatic
probe measurements. At the rotor exit, the time-resolved periodic velocity fluctuations are
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analyzed using a phase-locked average technique. [DOIL: 10.1115/1.2364191]

Introduction

Hot-wire anemometry is a well-known measurement technique
to monitor flow velocities with high spatial resolution, high fidel-
ity, and a bandwidth of several tens of kHz. Single hot-wires are
extensively used to measure turbulence, concentration, and
boundary layer properties. Multi-wires or rotating slanted single-
wire probes (e.g., [1]) allow measuring the flow angles and the
velocity components. Dual hot-wire aspirating probes, with wires
operating at two different overheat ratios at a given constant Mach
number, have been used to obtain time-resolved temperature and
pressure [2]. Brunn [3] provides an excellent review on hot-wire
anemometry.

Hot-wires have been used in turbomachinery laboratories for
many years to resolve the periodic and random unsteadiness. Hot-
wires are frequently used to detect the inception of stall in com-
pressors (e.g., [4]). Smith [5] used hot wire anemometry to inves-
tigate the attenuation of a vane wake chopped by a rotor.

Regarding high-pressure turbines, hot-wire published data in-
clude detailed passage flow field traverses (e.g., [6]), rotor down-
stream velocity profiles (e.g., [7]), and interstage flow field (e.g.,
[8]). However, most of the data available in the literature was
obtained at low speed, with negligible temperature variations. In
high-speed high pressure turbines, unsteady velocity fluctuations
have been measured with optical systems such as laser Doppler
velocimeter and particle image velocimetry, which require optical
access and seeding the flow. Kost et al. [9] performed turbulence
measurements with a laser two-focus system and showed how the
stator wakes are being cut off by the rotor blades and convected
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within the rotor passage. Lang et al. [10] studied the vane exit
region using stereoscopic particle image velocimetry (PIV).

In the 1970’s, short duration facilities were developed for high-
speed turbine research to enable heat transfer measurements and
reduce the cost of operation [11]. Based on the experience gained
at Oxford University, the VKI compression tube facility was built
[12]. In this compression tube a free-moving piston realizes a
quasi-isentropic compression, driven by high-pressure air, raising
simultaneously temperature and pressure. When the shutter valve
is actuated, the pressurized heated air flows through the cold test
section (at 290 K). The temperature, pressure, and density up-
stream of the turbine stage follow a steplike evolution as dis-
played in Fig. 1. Steady-state conditions are reached after 100 ms
and are maintained typically for 200 to 400 ms. The temperature
decreases by about 40 K after the initial overshot.

The large variations of flow density and temperature affect the
hot-wire output voltage. Sheldrake and Ainsworth [13] presented
rotor hot-wire measurements with a linear correction method to
compensate for the temperature variations. The current work pre-
sents a novel methodology in which the anemometer calibration is
a function of the flow density, viscosity, temperature, and the wire
operation temperature of the sensor wire. This new formulation
allows us to apply hot-wire anemometry in non-isothermal flows
using the Nusselt correlation of Collis and Williams [14]. The
methodology was first assessed in a jet where temperature was
modified by comparing the hot-wire data with pneumatic probe
measurements. Subsequently, tests were performed in the com-
pression tube facility.

Elevated wire temperatures imply a rapid change of wire resis-
tance in time, the so-called “aging” effect, resulting in a change of
the wire temperature and of the velocity-voltage calibration. The
effect of such resistance change may yield velocity errors up to
50% of its mean level. A post-processing procedure has been de-
veloped to minimize the error by monitoring the wire resistances
prior to each test. Then, using an optimization algorithm, the cali-
bration data are fitted to obtain the calibration constant and the
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Fig. 1 Pressure and temperature evolution during a test

wire resistance for each test. Using the measured total resistance
and the cable resistances, the exact wire temperature can be cal-
culated.

Finally, measurements in the short duration turbine test rig are
presented. Experiments were carried out with and without a tur-
bulator upstream of the turbine, to investigate the effect of two
boundary layer thicknesses. The measured data include radial ve-
locity and turbulence intensity profiles. At the turbine exit plane,
the time-resolved periodic velocity fluctuations are described us-
ing a phase-locked average technique.

Hot-Wire Anemometry

Description of the Instrumentation. In the present investiga-
tion the constant temperature anemometry (CTA), which offers a
higher frequency response than the constant current mode, is used.
The sensing element of the CTA is a 5 um diameter platinum-
coated tungsten wire. The wire is heated by Joule effect at a con-
stant temperature thanks to an electronic conditioning unit. The
wire operating temperature is adjusted through the overheat ratio
(OHR), i.e., the ratio between the resistance of the wire at oper-
ating temperature and that at ambient temperature. A servo-loop
rapidly adjusts the current intensity in order to keep the wire re-
sistance constant hence the wire temperature.

Figure 2 displays the probe used in this investigation, which
carries two hot-wire sensors and one thermocouple located in be-
tween the two hot-wire heads. The cutoff frequency of the current
probe is about 30 kHz.

Theoretical Background. An energy balance applied on the
wire implies that the heat provided to the wire by Joule effect
equals that dissipated into the flow by convection Qjuye

DUHW probe

pneumatic probe

total

(A,

7 bar pressure line

u
Q@

.3 Scheme of the VKI free jet calibration facility

important parameter in the calibration when the temperature of the
flow is changed. At a given temperature the relationship between
hot-wire voltage and fluid velocity may be modelled with a power
law, such as the King’s law [15]:

E2 = AKing + BKing - u/"King (2)

In Eq. (2) the calibration parameters Ag;ng, Biing> and nginy can
be found by performing power fittings of calibration data. Ag;p, is
the initial hot-wire voltage (E,) in that is needed to heat up the
wire when the flow velocity is zero, typically 1.2 V at 1.9 OHR.

The hot-wire calibration was performed in a free jet facility that
allows us to perform the calibrations at several gas temperatures
(see Fig. 3). The outlet diameter of the nozzle is 15 mm. The
sensor wire is located 13 mm downstream of the jet exit, i.e., in
the potential core. The wire axis is perpendicular to the flow di-
rection. The flow total temperature and total pressure are mea-
sured in the settling chamber with a type-K thermocouple and a
pneumatic pressure tap, respectively. The calibration procedure
consists in measuring the anemometer voltage output for 20 ve-
locities in the range 10—100 m/s for each of the four tested tem-
perature levels. The real jet velocities were calculated using the
compressible flow equations. The results of the calibration are
presented in Fig. 4. When the gas temperature increases, the tem-
perature difference between the wire temperature (about 640 K)
and the flow temperature decreases, therefore less voltage differ-
ence is required in the wire for a given flow velocity.

Correction of Gas Temperature Variation. In flows with tem-
perature variations, it is necessary to compute the wire film tem-
perature at any given time. It is thus crucial to introduce the gas
temperature into the hot-wire calibration, which is done by means
of the Nusselt correlation in the energy balance (Eq. (1)). Several
Nusselt correlations have been investigated by Abdel-Rahman et
al. [16] for low-speed applications, where the flow velocities

=0convection- This balance is mathematically expressed by using T B " ’
the film temperature (mean temperature between the gas and wire) | 0—0 286K 0.258 0.467 0.9987
Ter=(T, +T...)/2. O--0306K 0.191 0.518 0.9992
fim = (Tiont gas + Toiee) 25 | 0-0320K 0.136 0571 0.9984 )
B2 ‘ Nu X ke A —A336K 0107 0.598 0.9974
=h X SX Ty~ Toire)  With h=———12 (1) - o
wire d o - o
o
» . . i o~
In Eq. (1), all quantities can be determined by direct measure- ol
ment or calculation except the Nusselt number, which is thus an Lt
14 .
Sum tungsten-platinum Thermocouple
Hot-wire sensor type K- 25 pm
By X
/oA
06 F o oK 4
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Fig. 2 Hot-wire probe manufactured at VKI

Fig. 4 Calibration results based on King’s law
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ranged between 0.83 and 8.8 m/s, and the flow temperature var-
ied from 300 K to 370 K. Similarly, Bradbury and Castro [17]
compared a set of Nusselt correlations over a wide range of wire
temperatures. Both studies conclude that the best results for hot-
wire anemometry are obtained with the Collis and Williams cor-
relation [14]. Hence it is selected in the present study. The Nusselt
number is defined as a function of the Reynolds number, gas
temperature, and film temperature as expressed in Eq. (3).

Thim | " .
Nu X\ —— = Acotis + Beons - Re"colls (3)
gas

The power coefficient (ncy;s) is a value that depends on the
wire geometry. Koch and Gartshore [18] tested several wires and
found that the power law coefficient ncg;=0.45 for a 0.5 um
tungsten-platinum wire. Combining Egs. (1) and (3), one obtains
Eq. (4), which expresses a direct relationship between the hot-
wire voltage and the flow velocity at various gas temperatures.
This equation can be further simplified by introducing two new
variables: the generalized voltage (E”) and the generalized veloc-
ity (1"). The power law coefficients A, B, and n can be determined
by fitting the calibration data. The flow properties are computed
using the compressible flow equations, based on the measurement

of the pressure and temperature of the flow.

E2 T -0.17 AN
( fllm) —A+B Pfilm (4)
Twire - Tga% Tgas Mfilm
E?=A+B-u"™" (3)

The wire temperature can be accurately calculated based on the
initial wire resistance and the resistivity (ap=0.0036 K~! for the
platinum-coated tungsten wire), as given in Eq. (6).
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Fig. 6 Change of sensor wire resistance in consecutive tests
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Fig. 7 Aging effect on hot-wire measurements without correc-
tion (a) and with correction (b)

Rwire = RWire,Ol:1 + aO(Twire - TO)] (6)
However, in this study, the initial wire resistance (Ryj ) can-
not be directly measured. What can be measured is the resistance
of the wire plus that of the prongs and the connectors, the last two
being independent from temperature. The first approximation is to
consider the resistances of the prongs and connectors negligible.
Neglecting the effect of the cable resistance (5 m long), one can
obtain an initial guess of the wire temperature using Eq. (7), in
which the OHR:(Rwire+Rcable)/(Rwire,0+Rcable):

Rwire =OHR X Rwire,() (7)

Using this first guess on the R, and Ty, (about 550 K) an
iterative procedure is used to determine the 7. such that all the
calibration curves displayed in Fig. 4 collapse into one curve. The
optimization routine tries to maximize the correlation coefficient
of the power law given by Eq. (5). Figure 5 shows that all the
calibrations fit into only one power law with a relatively high
correlation coefficient (+>=0.996), independently of the tempera-
ture of the flow. The final value of T, in this case is 640 K.

Aging Effect Minimization. In high-temperature applications
with high OHR, the wire resistance changes after each test, which
in turn affects the actual wire temperature. For the measurements
performed at turbine inlet, Ty =~480 K, the overheat ratio was
1.9, to maximize the measurements resolution, hence this effect
was important.

Figure 6 depicts the change of initial resistance after consecu-
tive tests. In each of the tests, the hot-wire is being operated for
15 min. The resistance of the thin wire is increased by 25% in its
whole life span (about 6 h).

If a constant wire resistance is used in the calibration, the pro-
cedure yields incorrect velocity values. The influence of the
change of resistance on the measurements was investigated per-
forming three consecutive calibrations such as the one displayed
in Fig. 7 with an OHR=1.9; Ry;.o was 2.729, 2.832, and
2.951 Q. Afterwards, using the calibration 1 as reference, the an-
emometer voltage values were converted into the velocities for all
the calibrations, and the results were compared with the actual jet
velocities (Fig. 7(a)). A significant error is observed, especially at
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high velocity.

This error can be eliminated by introducing the change of wire
resistance due to the aging into the data processing procedure.
This is performed by including the OHR=(R ;e +Reapie)/ (Ryire 0
+R pie) in Eq. (4). The wire temperature is redefined using Eq.
(8), therefore the hot-wire anemometry model can now be rewrit-
ten according to Eq. (9). This equation is solved using an optimi-
zation code in which only Regpie, Byg, and n,, are the parameters
to be identified. The optimization routine starts with an initial
guess of these parameters. Then, for a given velocity, the calcu-
lated voltage output is compared with the measured output signal.
The iterative procedure stops when the voltage error is smaller
than a certain threshold. In the case presented in Fig. 7(a) the
results of the optimization are R, =0.875, B,,=7.49 X 1077, and
=0.48892.

Ngg

OHR -1
+ ( )( cable + 1) (8)
Qg Rwire,O
E (A +B _(Pﬁ]m'“)")
(OHR X Ry = Reypie) T\ i

T +T, \oV7
>< ( wire :as> (Twire _

gas

Twire = T()

Tgas) (9)

During the tests Byg, 145 and Ryl are known and, prior to each
test, it is necessary to measure the Ry=Rye 0+ Rcaple- Therefore
Ryjireo is known and T, can be calculated (Eq. (8)). Finally,
using Eq. (9), the velocity can be directly derived. This method
has been validated using the calibration tests presented in Fig.
7(a). Figure 7(b) shows the computed velocities when the new
procedure is implemented. The difference between the calibrations
has been substantially minimized.

Results and Discussion

Data Reduction Procedure and Validation. The data process-
ing technique proposed to take into account temperature and den-
sity variations is outlined in Fig. 8. The direct measurements com-
prise the hot-wire voltage, the total pressure, the total temperature,
and the initial resistance of the hot-wire anemometer (wire,
prongs, and cables). The flow properties are calculated in an itera-
tive way. A first guess is made on the static pressure. Then, Mach
number, density, and viscosity are computed using the compress-
ible flow equations under the assumption of perfect gas. Using the
hot-wire voltage and the computed density and the viscosity, an-
other value of Mach number is computed. Based on the difference
between the two successive values of Mach number, the static
pressure is adjusted. This procedure is repeated until the differ-
ence becomes negligible.

To validate this procedure, experiments were carried out in a
free jet facility (Fig. 3), where temperature and pressure can be
adjusted independently. The velocity in the jet, measured with the
hot-wire, is computed in two different ways and compared with
the pneumatic measurements. Figure 9 shows the change of pres-
sure and temperature during the test (300 s duration). The so-
called “raw signal” is the hot-wire signal processed in the con-
ventional way, using the King’s law of a calibration obtained at
the mean level of temperature of the test. The “temperature cor-
rected” signal was obtained using Eq. (4), since there were no
problems of aging in this case. Indeed, the levels of temperature
being low, an overheat ratio of 1.6 was selected. It is obvious that
when the change of temperature is neglected in the data process-
ing (raw signal) the computed velocity is very different from the
pneumatic measurements, with a maximum error of 12 m/s.
Thanks to the temperature correction, this error is reduced to
2.4 m/s.

Turbine Stage and Data Acquisition System. The experi-
ments in the VKI compression tube were performed to investigate
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the flow field in a highly loaded high-pressure turbine stage. This
rig provides full aero-engine similarity. The Mach number, Rey-
nolds number, and temperature ratios are independently adjusted
to the values encountered in actual engine operation [12]. Figure
10 displays the test section with a single HP turbine with a 43-
vane stator and a 64-blade rotor. The axial distance between the
stator trailing edge and the rotor leading edge is about 0.35% of
Cy 4 The inlet measurement plane (1) is located 0.33 X Cy . up-
stream of the vane, while the stage exit measurement plane (3) is
located 0.5 X C; ,, downstream of the rotor row. In some of the
tests 8 mm diameter tori were located at the hub and tip end walls
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Fig. 9 Free jet velocity while the flow temperature and pres-
sure are varying

APRIL 2007, Vol. 129 / 423

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Fig. 10 Axial and blade to blade view of the turbine stage

of the inlet channel to thicken the boundary layer. The nominal
conditions are Py =2.2 bar, 7T;;=480 K, rotational speed
6500 rpm, and static to total pressure ratio (Pgy;/P3) 3.08.

At the turbine inlet, the hot-wire anemometer signal output is
low-pass filtered at 50 kHz and sampled at 200 kHz. At the tur-
bine exit, the signal is split into two components. The first is
low-pass filtered at 750 Hz and sampled at 1.2 kHz. The second is
high-pass filtered at 100 Hz and sampled at 300 kHz, with a gain
of 10 to capture high-frequency components with a high resolu-
tion. Before each test, the probe is set to the desired radius. Each
of the measurement points in Fig. 11 corresponds to a different
test.

The flow velocity fluctuations can be decomposed into a mean
velocity, periodic fluctuations, and random velocity fluctuations
due to turbulence.

U=U+ uperiodic + ur/andom (10)

Stage Inlet Turbulence Measurements. At the turbine inlet
there are no periodic velocity fluctuations. The turbulence inten-
sity is therefore computed based on the velocity fluctuations:

12

U

The results are plotted in Fig. 11(a), using as mean velocity the
local value measured by the hot-wire. Figure 11(b) displays the
turbulence intensity using a constant mean velocity obtained from
the mass flow rate. Figure 11(b) shows that a change of 10% in the
mean flow velocity does not alter the value of turbulence intensity

Tu% = with U=U+u’ (11)

O Without Tori

O Based on velogily (Eq.11) 0 With Tori U100 mis
=

O Based on Volage (Eq.12) ¥ With Tori Ur-80 m/s
T P T T e T
Toe® - T
v
0 oo I o vo i
nmo ww
0F R - >
o o
7 [°° g ]
= (o 0
I 45 rgP < o2
s | 9o J
@p (el
=] 8%
(= ] w W
20 | omo - .Cg W o
oo (%) vo
m Oo vo
0o fo') vo
L ) : L ) ) L
5 25 25 35

45 15
Turbulence Intensity [%]
(@) (b)

Fig. 11 Turbulence intensity profile at the turbine inlet
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Fig. 12 Signal to noise ratio of the inlet measurements

at mid-span ~4%. Results are presented for both with and without
tori. The effect of the tori, which cover 20% of the span at hub and
tip, is clearly identified with regions of high turbulence intensity
close to the hub and tip due to the vortex shedding.

According to the method described by Consigny [19], turbulent
intensity can also be directly calculated using the output raw volt-
age. The flow properties are computed based on the time average
temperature and pressure for a single test. The turbulence intensity
can then be computed assuming a voltage-velocity relationship
based on King’s law. The resulting equation is rather simplified:

2 o 2

Vu 2 X EXV\E
— =100 X ——————

u nX (E*=A)

Figure 11(a) proves that the results of Eq. (12) are well in
agreement with the results obtained using Eq. (11), in which the

Tu(%) = 100 X (12)

local value of velocity is considered at each given radius (“U”).

The signal to noise ratio is an important parameter to charac-
terize turbulence measurements; electronic noise should not be
considered as turbulence. In the present study, the ratio between
RMS before the blow-down and during the test is presented in
Fig. 12. In most of the tests, the ratio of the RMS is below 5%,
which indicates that a maximum 0.2% of the turbulence intensity
is originated by electronic noise. The turbulence results are little
affected by temperature errors. Indeed, a change of 20 K (=10 K)
in temperature implies a variation in the turbulence intensity be-
low +0.2%.

Stage Inlet Velocity Measurements. The measurement of the
turbine inlet velocity (7;;=480 K) requires high wire tempera-
tures (OHR=1.9). Therefore one is confronted with aging prob-
lems, and it is difficult to obtain a high accuracy in the velocity.
Figure 13(a) shows the turbine inlet profiles of pressure and tem-
perature. Figure 13(b) displays the turbine inlet velocity. In the
region 60% to 70% there is a rather high error in the velocity
profile. Actually, these three measurement points correspond to
the last measurements done with that wire, illustrating clearly the
wire aging problems.

Additionally, the effect of a temperature error on the velocity
measurements has also been investigated. In a flow at 500 K, with
a constant velocity of 90 m/s, an error of 10 K in temperature
generates an error of about 15 m/s in the hot-wire measurement.
There are three temperature probes located at the stage inlet at
different peripheral directions. Measurements show that the uncer-

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



T T d) T [ T T T T T
o 8 | Wlinlet Velocity m
85 | 5 1} 1, |
N 8 3 i
<><> =
| |
§ -
—80r 1T - ] )
3 I -
T o POIIPM u
S oTUl”Omlﬂ [ -
&8 s
35+ & o H - - -
¥ O 'I
< ° g [ 1 ]
9 | |
10+ &0 0 1 F . -
u
0.90 0.95 1.00 10 20 i70
U, [m/s]
@) )
Fig. 13 Inlet pressure, temperature (a) and velocity distribu-

tion (b) along the span

tainty of the inlet temperature can be 10 K at the mid-span.

This uncertainty is, however, much smaller than that due to
aging effect. Tests were performed in a jet facility in order to
investigate if the aging effect could be corrected. A correction
technique was derived and was presented in a previous section.
The required element to apply the correction is the resistance of
the wire before the measurements. Unfortunately, this resistance
was not measured before each test and it was not possible to
repeat the test campaign.

Stage Outlet Time-Averaged Velocity. The time-averaged ve-
locity distribution is calculated in a similar way to the turbine inlet
measurements by time averaging during a time window of 40 ms
(as displayed in Fig. 1). In Fig. 14 the results are compared with
the pneumatic probe measurements by means of the Mach number
distribution along the radial direction. The hot-wire results show
very good agreement with the pneumatic pressure measurements.
The small differences may be explained with the error of static
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Fig. 14 Mach number distribution at the stage exit along the
span-wise direction
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Fig. 15 FFT of the hot-wire signal downstream of the rotor

pressure estimation during the velocity calculation. A change of
10 mbar (about £1% of error on the static pressure) may create
this small difference.

Stage Outlet Time-Resolved Velocity. The spectrum of some
selected traces for thin and thick boundary layers are reported in
Fig. 15. In all cases, the fundamental frequency that corresponds
to the blade passing frequency is highly visible. In some cases, a
first harmonic is also seen.

At the stage exit the probe is submitted to periodic fluctuations
due to the rotor blade passing events. This occurs at a rate of
6500 RPM X 64 blades=6.9 kHz and is evidenced by Fig. 15. In
order to separate the periodic component from the random contri-
butions, a phase-locked averaging technique is applied on three
rotor revolutions i.e., 192 rotor passing events. It simply consists
in making the time axis of each blade passing event dimensionless
between 0 and 1. The rotational speed being measured accurately,
this is readily done. Then, the dimensionless axis is divided in
segments. The points that fall into one segment are averaged and
the RMS is computed providing thus a phase-locked averaged
signal and a distribution of RMS.

The results have been plotted in Fig. 16 for two rotor pitches. In
this plot, the mean value of the trace was removed and each trace
is shifted among the ordinate according to its location along the
span-wise direction. Rotor blade passing events can be clearly
identified on both phase-locked averaged signal and RMS distri-
butions. On the phase-locked averaged traces, a line was plotted
that passes through the minimum of velocity. This should identify
the center of the wake. The same line was plotted on the RMS
distributions. In most cases, the velocity minimum corresponds
with the peak of RMS. For the two upper traces and the lower
trace, the peak of RMS does not coincide with the minimum of
velocity, and the RMS variation is much larger. This can be attrib-
uted to the existence of shock waves that tends to create strong
and sharp periodic discontinuities. Indeed, in the case of this tur-
bine, the time-averaged rotor exit Mach number is 0.9. The vane
exit Mach number being 1.05, the regime of the rotor is also
affected by the vane traversing event and the rotor exit Mach
number oscillates periodically between subsonic and transonic re-
gime with an average exit Mach number of 0.9.

Compared to previous time-resolved total pressure measure-
ments, the hot wire shows a much better capacity to resolve the
wake. In the case of the total pressure probe, the random unsteadi-
ness originated by electronic noise covered the velocity fluctua-
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tions. This was due to the fact that the pressure probe had to
measure the absolute total pressure, i.e., the range was approxi-
mately ten times larger than the dynamic head.

Conclusions

The hot-wire anemometry is a useful tool to determine turbu-
lence even when the flow temperature varies. The method de-
scribed here shows that the temperature and density changes can
be compensated by considering flow temperature as a parameter
in the calibration law. This requires an accurate estimate of the
wire temperature, an accurate measurement of the gas tempera-
ture, and the computation of the density using a total pressure
measurement. The method is validated in a jet facility and also in
a turbine stage environment.

At turbine inlet, the technique suffers from the wire aging. In-
deed, the rather high gas temperature used here required very high
wire temperatures. The wire characteristics change quickly as a
function of time. A method is proposed that, based on the mea-
surements of the resistance of the wire before a test, allows find-
ing how the calibration law is changing. Regarding the turbulence
intensity, since it is computed as a ratio between the fluctuations
and the mean measured values, it is much less sensitive to the
problem of wire and gas temperature determination as well as
aging, and reliable results are obtained.

Downstream of the stage, the temperature of the flow is much
colder and allows us to operate at lower overheat ratios. The time-
averaged velocity measurements are thus more accurate and com-
pare reasonably well with the velocity distribution derived from a
total pressure probe.

The periodic fluctuations of the flow due to the rotor wake and
shock passage are also well resolved. A clear distribution of ran-
dom unsteadiness can be observed, which was not the case using
fast response total pressure probes.
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Nomenclature
A,B,n = calibration coefficients
C; 4 = axial stator chord
d = diameter (m)
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= hot-wire output voltage (V)

= generalized hot-wire output voltage (V/K%?)
= convective heat transfer coefficient (W/m?K)
= vane height (m)

= thermal conductivity (W/mK)

= Nusselt number (i X d/k)

= pressure (bar)

heat (J)

= resistance ({))

= correlation coefficient

= Reynolds number (p-u-d,;./ i)

surface area (m?)

= temperature (K)

time (s)

flow velocity (m/s)

= generalized flow velocity (m™)

= span-wise direction (m)

< g*&w'\]ca?\w”mﬁg»:k‘m*m
1]

Greek Symbols

a, = temperature coefficient of resistivity (K!)
u = dynamic viscosity (kg/m/s)
p = density (kg/m?)
& = phase
Subscripts
0 = initial conditions; total conditions
1 = stage inlet
3 = stage outlet
ag = aging
s = static
Abbreviations

CTA = constant temperature anemometer

PLA = phase locked average
RMS = root mean square, \=/(x—x)%/n
OHR = overheat ratio

Tu = turbulence intensity
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Design and Off-Design
Characteristics of the Alternative
Recuperated Gas Turbine Cycle
With Divided Turbine Expansion

In order to fully address the characteristics of the alternative recuperated cycle with
divided turbine expansion, both design and off-design analyses have been performed.
Two types of mechanical design are assumed: two shaft and single shaft. In particular,
optimal pressure ratio division between the high- and low-pressure turbines is evaluated
for the single-shaft configuration. It is predicted that the alternative recuperated cycle
hardly exhibits sensible design efficiency advantage over the conventional recuperated
cycle for moderate turbine inlet conditions and with usual component performances. An
advantage of the alternative cycle with single-shaft design is that thermal efficiency is
less sensitive to compressor pressure ratio compared to other configurations, and we can
also have flexibility in the turbine division without much efficiency loss. The part load
analyses have been carried out with the aid of realistic component maps and models for
off-design operation. In addition to the general fuel only control, a variable speed control
is assumed as the part load operating strategy of the single-shaft configuration. Obvious
advantage with the alternative cycle is observed in the variable speed operation of the
single-shaft design. With this strategy, the part load efficiency of the alternative cycle is
far superior to the conventional cycle. Almost constant efficiency is predicted for a wide
power range. [DOI: 10.1115/1.2364195]
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Introduction

Recently, there has been increasing attention given to recuper-
ated cycle gas turbines due to their great potential for various
applications. A representative recuperated cycle gas turbine is the
micro gas turbine. Thermal efficiencies of commercial micro gas
turbines adopting recuperators are around 30% and endeavors are
still being made to develop more efficient and power-upgraded
versions. Thermal efficiency over 40% is the current goal of micro
gas turbine developers [1]. The commercialization of recuperated
gas turbines is also being attempted in small- to midsize industrial
applications. Thermal efficiency between 35 and 40 % has been
obtained recently in the power range of several megawatts [2,3].
Thus, the future development effort for the recuperated gas tur-
bine will be increased further.

In addition to the practical development of the conventional
recuperated cycle, an alternative concept has been suggested re-
cently in several references. In the alternative cycle, the turbine
expansion process is divided into two parts and the recuperator
locates between them. Figure 1 compares, schematically, the
temperature-entropy diagrams of the conventional cycle and the
alternative cycle. First, recent theoretical analysis can be found in
the studies of mid-1990s. Facchini [4] suggested the cycle and
analyzed the design performance. Facchini and Sguanci [5] car-
ried out the off-design performance analysis. Their main result
was that regeneration is possible even at high pressure ratios, and
thus, conventional gas turbines of high pressure ratio can be con-
verted into the cycle to increase the efficiency. The two-shaft
(aeroderivative) gas turbines were recommended for the conver-
sion since the mechanical separation of the two shafts seems suit-
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able for the insertion of the recuperator. Very recently, more
analysis results have been reported for the same cycle. Cardu and
Baica [6] analyzed the design performance of the cycle and con-
cluded that the alternative cycle is better than the conventional
cycle. However, their result is not general because their study was
limited to the ideal cycle. Dellenback [7] also suggested the same
cycle and carried out design performance analysis and a couple of
parametric analyses. His conclusion is that the new cycle is opti-
mized at a higher pressure ratio than the conventional regenerative
cycle with a high maximum efficiency. However, the results are
still not very reliable, especially quantitatively, because his calcu-
lation was based on constant thermodynamic properties.
Elmegaard and Qvale [8] conducted more practical analyses based
on variable properties and concluded that the alternative cycle is
advantageous in a rather limited range of the design parameters.

Even though some aspects of the alternative cycle have been
examined recently, as in the studies mentioned above, the idea of
the divided expansion was originally described briefly in a litera-
ture [9] prior to those papers. In the literature, it is stated that the
ideal cycle with the divided expansion is more efficient than the
ideal conventional cycle for all pressure ratio conditions. How-
ever, most of the previous analyses, which adopted assumptions
close to reality, have generally concluded that the divided expan-
sion does not always provide better efficiency than the conven-
tional cycle. Accordingly, a systematic summary on the alternative
cycle, which provides a general and complete view on its design
performance characteristics, is required.

Besides design performance, attention must also be paid to the
off-design performance of gas turbines, since they usually operate
at part load conditions for a considerable part of their lifetimes.
Regardless of gas turbine configurations, performance generally
degrades with a reduction in power. Accordingly, consideration
must be given to the task of enhancing the part load performance
to improve overall fuel economy. Therefore, in order to fully ad-
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Fig. 1 Temperature—entropy diagrams of conventional and al-
ternative recuperated cycles: (a) conventional cycle and (b) al-
ternative cycle

dress the characteristics of the alternative cycle, the off-design
(part load) performance should also be evaluated and compared to
that of the conventional cycle.

This study aims to perform both the design and off-design
analyses of the alternative recuperated cycle with divided turbine
expansion as completion of the fundamentals of the cycle and to
summarize cons and pros in various aspects, providing integrated
information about this cycle. This paper consists of three parts.
First, the fundamental characteristics of the cycle is examined
with a focus on the influence of the component performance on
the cycle performance. Second, various design options of the
cycle including gas turbine configurations are investigated with
practical assumptions. Last, part load analysis of the cycle is con-
ducted and its performance is compared to that of the conven-
tional cycle.

Fundamental Characteristics of the Cycle

Prior to the main analysis, the fundamental thermodynamic
characteristics of the alternative cycle needs to be addressed. The
thermodynamic beginning point should be the ideal cycle. The
assumption of reversible components and constant properties en-
ables analytical expressions for the thermal efficiencies of not
only the conventional regenerative cycle but also the alternative
cycle. They can be easily derived as follows:

c
Np=1- ;: conventional regenerative cycle (1)
c Chpt .. .
nn=1-—=1-—": divided expansion (2)
lelp[

where

. T4 <P4>(k—l)/k (P6)(k—1)/k
= N e = e > e = e
T] hpt P5 Ipt P7
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Fig. 2 Effect of compressor and turbine efficiencies on ther-
mal efficiency (working medium: air, t=4, recuperator
effectiveness=1.0)

p,\ (=1
and c= P_1 = eppi€ipt

Since the temperature ratio ey, and ey, are always greater than
1 but less than ¢, the alternative cycle exhibits higher thermal
efficiency than the conventional cycle for all pressure ratios. This
is the same as what was found in the literature [6,9] and an ad-
vantageous feature of the cycle. However, it does not seem always
true for realistic cycles, judging from the results of others [7,8].
The gap between these two opposite observations should be ex-
plained. For this purpose, simple cycle calculations are made with
varying irreversibilities of the compressor and the turbine as well
as the incompleteness of the heat transfer at the recuperator. A
closed-cycle gas turbine operating with air is assumed in this sec-
tion. Of course, varying air properties with temperature is used. A
more practical analysis based on realistic properties will be made
in the following sections. The effects of the compressor and tur-
bine efficiencies and the regenerator effectiveness are separately
treated. The mechanically simple way of realizing the divided
expansion is to adopt a two-shaft configuration with a free turbine.
Thus, analysis is performed for the two-shaft system.

As pointed above, the divided expansion leads to higher effi-
ciency for all pressure ratios if the cycles are ideal. Its superiority
becomes manifested as the pressure ratio increases. Of course, at a
very low pressure ratio, two cycles approaches Carnot cycle effi-
ciency, with T, and T as the heat source and the heat rejection
temperatures. Assuming constant properties, the maximum pres-
sure ratio that allows the recuperator (7,=Ts) can be derived as
follows:

Conventional cycle: ¢?=1¢ (3)

Divided expansion:  cep, =1t (4)

Therefore, the maximum possible pressure ratio of divided ex-
pansion is higher than that of the conventional cycle. This can be
confirmed in Fig. 2 even with variable properties. Figure 2 illus-
trates the effects of efficiencies of the compressor and the turbine
on the thermal efficiency of both cycles for the case of r=4. The
recuperator effectiveness is assumed 100% in order to see only the
effects of turbomachinery efficiency. The ideal alternative cycle is
superior to the ideal conventional cycle. But, the alternative cycle
is more influenced by the reduction of the component efficiencies
as clearly shown in Fig. 2. Hence, with reduction in the turboma-
chinery efficiencies, the thermal efficiency of the alternative cycle
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Fig. 3 Effect of recuperator effectiveness on thermal effi-
ciency (working medium: air, =4, compressor and turbine
efficiency=1.0)

becomes lower than the conventional cycle efficiency starting
from the low pressure ratio range. This range of inferior perfor-
mance extends as the component efficiency reduces further. Fig-
ure 3 shows the effect of the recuperator effectiveness. In this
case, a reversible compressor and turbine are assumed. The in-
complete heat exchange at the recuperator causes more severe
efficiency reduction of the alternative cycle at the lower compres-
sor pressure ratio conditions. However, the maximum efficiency
of the alternative is higher than that of the conventional cycle for
all recuperator effectiveness values. Figure 4 shows the combined
effects of Figs. 2 and 3. With the practical recuperator effective-
ness, the maximum efficiency of the divided expansion can be
higher than that of the conventional cycle only when the compres-
sor and turbine efficiencies are very high.

The conclusion from this fundamental examination is that if
component irreversibilities are very small, the alternative cycle
with divided expansion is superior to the conventional cycle in
terms of the cycle efficiency. The alternative cycle is more influ-
enced by the reduction of the component efficiencies. Only with
very high component efficiencies, which are not usually obtain-
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divided expansion 4
(two shaft)
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Fig. 4 Combined effects of compressor and turbine efficien-
cies and recuperator effectiveness on thermal efficiency (work-
ing medium: air, t=4, 7,,,=0.9)
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able in practical gas turbines, the maximum efficiency of the al-
ternative cycle is higher than that of the conventional cycle. Oth-
erwise, the alternative cycle can be hardly superior to the
conventional cycle.

Practical Design Considerations

In this section, results of more practical analyses will be pre-
sented. Realistic cycle analyses with practical properties are made.
For the conventional recuperated cycle, the single-shaft configu-
ration is applied. Since there is no need to adopt only the two-
shaft configuration for the alternative cycle, the single-shaft con-
figuration is also considered. With the single-shaft design, the
intermediate pressure (Ps) can be chosen arbitrarily and may be
optimized to produce the maximum thermal efficiency of the
cycle.

Power and efficiency of the alternative cycle are expressed as
follows:
n;lg'(114_115)=n;la'M

77’?’1

Two shaft:

Wnel = mg : (hﬁ - h7) * T " Mgen (5)

Single shaft: W, = [mg A(hy = hs) + (hg — h7)}

o (p—hy)
Mg T | Tgen (6)
7]]71
Thermal efficiency: 17, = L (7)
- LHVy

Analysis has been made in the turbine inlet temperature (7})
range from 1100 to 1500 K. Since the primary concern of the
recuperated cycle is midsize to small gas turbines, the following
polytropic efficiencies of the compressor and the turbine [10] for
those class gas turbines are used. The effect of the pressure ratio
on the design efficiency of the turbomachinery is included

( [ 1)
771,6=1—[0.15+rT] (8)

180

The temperature effectiveness of the recuperator is defined as
follows:

np,=1—[0.10+(r’_1)] 9)

Tg— T2

7]1’60 =

10
o (10)

Turbine cooling is not considered because the high turbine inlet
temperatures is assumed to be satisfied by the advanced materials
[1]. Ambient condition is 101.3 kPa and 288.15 K. The assumed
recuperator effectiveness is 0.85. Pressure losses of 1-4% are as-
sumed at every flow element, such as inlet and outlet ducts, recu-
perator, and combustor. Mechanical and generator efficiencies of
98 and 93 % are assumed.

Comparisons of thermal efficiency and specific power between
the conventional cycle and the alternative cycle are shown in Figs.
5 and 6, respectively. The qualitative efficiency trends of the con-
ventional cycle and the two-shaft alternative cycle are similar to
those of Fig. 4. At a low turbine inlet temperature, the alternative
cycle is inferior to the conventional cycle. As the turbine inlet
temperature increases, the gap between the two cycles in terms of
the maximum efficiency becomes smaller. In general, the specific
power of the alternative cycle is also smaller. In the two-shaft
alternative cycle, the compressor pressure ratio corresponding to
the maximum efficiency point is more than two times higher than
the conventional cycle.
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Fig. 5 Thermal efficiency versus compressor pressure ratio

By designing with the single-shaft arrangement, more even ef-
ficiency distribution can be obtained in the middle pressure ratio
range. The single-shaft results are based on the optimal division of
the two turbine sections. Up to the compressor pressure ratio cor-
responding to the maximum efficiency of the conventional cycle,
the alternative cycle is meaningless; that is, the optimal efficiency
is obtained by the conventional cycle (no work contribution of the
low-pressure turbine). Over this critical pressure ratio, the opti-
mum pressure ratio division of the two turbine sections exists.
Thermal efficiency of this optimized single-shaft arrangement is
even higher than that of the conventional recuperated cycle at all
high compressor pressure ratios. The results indicate that the op-
timization of the expansion ratios of the two turbine sections in
the single-shaft configuration makes it possible to obtain a smooth
extension of the thermal efficiency of the conventional cycle up to
very high compressor pressure ratios. Even with very high pres-
sure ratios, the alternative cycle configuration is more efficient
than the simple cycle as shown in Fig. 5. The specific power of the
optimized single-shaft arrangement is still smaller than that of the
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Fig. 6 Specific power versus compressor pressure ratio
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Fig. 7 Optimal pressure ratio of the high-pressure turbine

conventional cycle, but higher than that of the two-shaft arrange-
ment up to nearly the maximum efficiency point of the two-shaft
case.

Figure 7 illustrates the variation in the pressure ratio of the
high-pressure turbine. The curves of the single-shaft alternative
cycle are those for the optimized divisions, which lead to the
results of Figs. 5 and 6. For comparison, results for the two-shaft
configuration are also shown. In case of the two-shaft configura-
tion, the pressure ratio of the high-pressure turbine should in-
crease with increasing compressor pressure ratio because of the
increase of the compressor work. If we can divide the turbine
pressure ratios arbitrarily, maintaining the recuperator inlet tem-
perature (the exit temperature of the high-pressure turbine) high is
beneficial in view of the inherent characteristics of the recuperated
cycle. However, too high a temperature requires reduction of the
work of the high-pressure turbine, which means a negative effect
on the power. In the single-shaft case, these two countereffects
result in the optimal pressure ratio division between the two tur-
bine sections. Figure 8 illustrates the dependence of the thermal
efficiency on the pressure ratio of the high-pressure turbine. The
optimized pressure ratio of the high-pressure turbine increases up

0.05

0.00

r
hpt

Fig. 8 Examples of dependence of thermal efficiency of the
single shaft on the pressure ratio setting of the high-pressure
turbine (TIT=1100 K)
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Fig. 9 Recuperator inlet temperature

to a certain compressor pressure ratio. Until then, the conventional
recuperated cycle is the optimized solution (no need to divide the
turbine). Over this compressor pressure ratio, there exists an op-
timal pressure ratio division that produces a maximum efficiency.
The exact optimum pressure ratio of the high-pressure turbine
remains almost constant regardless of the total pressure ratio, pro-
ducing the results of Fig. 7. However, the thermal efficiency is not
very sensitive to the selection of the pressure ratio division around
the optimal point, as clearly shown in Fig. 8. This may provide a
flexibility in the selection of the position of the turbine separation
when converting an existing single-shaft gas turbine adopting a
multistage turbine (with already fixed-stage pressure ratios) into
the recuperated cycle version.

A critical factor in designing the recuperated gas turbine is the
recuperator inlet temperature. It plays an important role in the
aspect of performance as mentioned above, but it should also
conform to the design technology, such as material capability of
the recuperator. The limitation on this recuperator inlet gas tem-
perature is as severe as that on the turbine inlet temperature [1].
The variations in the recuperator inlet temperature of the three
configurations are shown in Fig. 9 for two turbine inlet tempera-
tures. The increase of the compressor pressure ratio naturally
leads to the lower recuperator inlet temperature (7’s) for the con-
ventional and two-shaft alternative cycles. T5 of the optimized
single-shaft alternative cycle decreases in the initial range but
maintains almost constant for sufficiently high pressure ratios due
to the nearly constant pressure ratio of the high-pressure turbine in
Fig. 7. The maximum efficiency points are marked for the con-
ventional and two-shaft alternative cycles. At the maximum effi-
ciency conditions, the two-shaft design requires 50-100 °C higher
recuperator inlet temperature in comparison to the conventional
cycle. However, the single-shaft design may result in a compa-
rable recuperator inlet temperature to the conventional case.

The conclusion from this design analysis is that even though the
two-shaft design of the alternative cycle seems feasible in the
aspect of mechanical design simplicity, its efficiency cannot ex-
ceed the conventional cycle efficiency and, furthermore, the spe-
cific power is considerably smaller when designed at the maxi-
mum efficiency point. Thus, the two-shaft configuration can be
applied only to very limited usages, such as modification of exist-
ing high pressure ratio aeroderivative engines into the recuperated
cycle version focusing on the efficiency upgrade despite the
power reduction. The single-shaft design with optimal division of
the turbine pressure ratios provides a rather wide design range of
compressor pressure ratio with only moderate efficiency loss (or
even higher efficiency) in comparison to the conventional cycle.

432 / Vol. 129, APRIL 2007

Moreover, it alleviates the reduction of the specific power and can
be designed with a recuperator inlet temperature equivalent to the
conventional cycle. Therefore, from the thermodynamics point of
view, the single-shaft design is more advantageous in realizing the
alternative cycle with divided turbine expansion.

Part Load Performance

Operation Strategies and Modeling. Diverse part load opera-
tion strategies are analyzed comparatively among different design
options, such as the single-shaft conventional cycle and single-
and two-shaft alternative cycles.

The simplest way of controlling the gas turbine in response to
load change is to modulate the fuel supply. This method can be
called fuel-only control. However, other possibilities also need to
be considered for the recuperated cycle. In view of thermody-
namic performance, the most important process in the regenera-
tive gas turbine is the exhaust heat recovery process at the recu-
perator. Therefore, full utilization of the heat recovery effect
during the part load operation is essential. For this purpose, it is
very advantageous to keep the recuperator inlet temperature as
high as possible by modulating the airflow rate as well. This vari-
able airflow control improves the part load efficiency drastically
for cycles involving heat recovery, such as combined cycle, co-
generation system, and recuperated cycle [11,12]. In realizing this
airflow reduction in the single-shaft engine, two methods can be
used. The first is to use the variable inlet guide vane of the com-
pressor, and the second is to change the shaft speed. Ideally, the
two methods can provide similar level of part load efficiency, but
the usual reduction of the compressor efficiency accompanied by
the variable guide vane control causes rather smaller efficiency
gain and, moreover, the airflow reduction capacity is limited [12].
Gas turbines designed with a free turbine (two-shaft configura-
tion) operate with varying compressor speeds. Thus, they have the
intrinsic advantage of high heat recovery capacity since the tur-
bine exhaust temperature is higher due to reduced mass flow at
part load conditions [11,12].

In this study, focus is given to the gas turbines for electricity
generation. In the fuel-only control, the speed of the shaft con-
nected to the generator should be kept constant. The variable
speed operation of the single-shaft configuration is usually applied
to small gas turbines. In those cases, the gas turbine shaft drive a
high-speed alternator. Then, a digital power controller (AC-
DC-AC inverter) converts the varying high frequency into a con-
stant low frequency [13]. The technology has been limited to
small gas turbines, such as micro gas turbines up to 200 kW.
Recently, however, the high-speed alternator has also begun to
find its applications in MW class recuperated cycle gas turbines
[3]. Considering that the current development effort for recuper-
ated cycle gas turbines has been focused on up to several MWs,
the benefit of using the variable speed strategy will be more mani-
fested in the future.

In this study, both the fuel-only control and the variable speed
control are applied to each of the conventional single-shaft cycle
and the alternative single-shaft cycle. In addition, the part load
operation for the two-shaft design of the alternative cycle is simu-
lated. In the variable speed operation of the single-shaft configu-
ration, the control target is to keep a constant recuperator inlet
temperature (T5) in order to maximize the heat recovery effect.
This temperature corresponds to the turbine exit temperature for
the conventional cycle and the high-pressure turbine exit tempera-
ture for the alternative cycle. Consequently, we have five cases to
simulate as summarized in Table 1.

For comparison, design points are selected at the same turbine
inlet temperature of 1100 K. The design point of the conventional
cycle is the pressure ratio of maximum thermal efficiency. The
same principle is applied to the two-shaft alternative cycle. The
design pressure ratio of the single-shaft alternative cycle is also
given equivalent to that of the two-shaft case. Moreover, the pres-
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Table 1 Selected design points for part load analysis

Temperature

Cycle configuration Operating strategy control

Single shaft
conventional cycle

Fuel only control -

Variable speed control Constant Ts
Single shaft alternative Fuel only control -
cycle

Variable speed control Constant T
Two shaft alternative Fuel only control -

cycle

sure ratio division inside the turbine is also set equivalent to that
of the two-shaft case. The design points are summarized as fol-
lows:

* Turbine inlet temperature: 1100 K
* Design pressure ratio; conventional cycle: 4.3
* Design pressure ratio, alternative cycles: 10.0

The off-design characteristics of the compressor is represented
by the performance map. Figure 10 illustrates an example of the
compressor map used in this study. The turbine characteristics is
described by the Stodola ellipse equation [14] as follows:

min\“sTin/Pin _ \1 - (Pout/Pin)z

(min\‘;Tin/Pin)d \’1 - (PouI/Pin)(zl

A counterflow recuperator is assumed. Variation in the effec-
tiveness is modeled using the mass flow rate as the main param-
eter. The following semi-theoretical correction of the overall heat
transfer coefficient can be used for this purpose

E_(ﬁ')z
Uy \nig

This relation may not be very appropriate for the range of very
low relative mass flow where longitudinal heat conduction may
affect the effectiveness. However, since the lowest mass flow rate
in case of the variable speed operation of this study is ~30% of
the design value, application of the relation is assumed to be ef-
fective for the whole operating range. With the exponent z<<1.0,
the effectiveness increases with mass flow reduction. The expo-
nent is set at 0.3 based on the examination on the performance
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1.2 — T
] relative speed 1 g )
1.0 -1
2 | 09 ]
S 08 | -
<4
2 i 0.8 1
(73
© 06 | .
s
s i 0.7 ]
2
«© 04 F 0.6 .
B4
5 05 4
02 o4 \ -
0.0 N \\ N 1 R L N 1 .
0.0 0.2 0.4 0.6 0.8 1.0 1.2

Relative mass flow

Fig. 10 Example of the compressor map
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Fig. 11 Variation in the compressor pressure ratio for the part
load operation

variation of practical compact recuperators [12]. The part load
analysis has been performed with the aid of process analysis soft-
ware [15].

Results

A single-shaft gas turbine under the fuel-only control operates
at a fixed speed. On the contrary, in the gas turbine under the
variable speed control, the shaft speed decreases, and thus the
airflow rate decreases with power reduction. The high-pressure
shaft of the two-shaft gas turbine also reduces its speed for power
reduction. As a result, the compressor pressure ratio of the opera-
tions involving speed variation changes much during the part load
operation, whereas the fuel-only control requires moderate pres-
sure ratio change. This result is shown in Fig. 11. The single-shaft
configuration of the alternative cycle requires greater change in
the compressor pressure ratio than the two-shaft configuration.

Variations in the hot side temperatures during the part load
operation are shown in Figs. 12 and 13 for the conventional cycle
and the alternative cycle, respectively. In the single-shaft design,
the variable speed control enables far higher recuperator inlet tem-
perature (constant T in this study). The turbine inlet temperature
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Fig. 12 Variations in the hot side temperatures for the part
load operation of the conventional cycle
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Fig. 13 Variations in the hot side temperatures for the part
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is also higher in the variable speed operation. Moreover, the rela-
tively lower compressor pressure ratio, thus the lower recuperator
inlet air temperature of the variable speed operation provides
much larger temperature change inside the recuperator (for ex-
ample, T5—T¢). This explanation is effective for both the conven-
tional and alternative cycle with variable speed operation. How-
ever, this is more manifested in case of the alternative cycle (more
rapid increase of the temperature difference at the recuperator
with power reduction). The two-shaft configuration of the alterna-
tive cycle provides larger recuperator temperature difference than
the single-shaft conventional cycle with fuel-only control. How-
ever, it is not comparable to that of the variable speed control of
the single shaft.

Figure 14 shows the resulting thermal efficiencies of the two
operating methods of the single-shaft conventional cycle. In the
conventional cycle, the variable speed operation provides far en-
hanced part load efficiency over the simple fuel only control. This
is due to the greater temperature difference at the recuperator
(better utilization of the heat recovery effect in the regenerative
cycle) as pointed out in Fig. 12. Therefore, the variable speed
operation should be the primary choice for better fuel economy of
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Fig. 14 Variation in part load efficiency of the conventional
cycle
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the recuperated cycle gas turbines. Figure 15 shows the thermal
efficiencies of the three cases of the alternative cycle. The single-
shaft gas turbine adopting the fuel-only control exhibits nearly the
same part load efficiency as the conventional cycle counterpart.
Therefore, no special performance difference exists when control-
ling the gas turbines only with the fuel. Maintaining a higher
recuperator inlet temperature by adopting variable speed operation
again improves the part load efficiency. A very important obser-
vation is that the degree of the improvement is far greater than in
the conventional cycle case. This is closely related to the fact that
the heat recovery effect in the recuperator is even greater in the
alternative cycle, as mentioned previously. The part load effi-
ciency remains almost at the design value for a very wide power
range. Therefore, despite the slightly lower design efficiency, the
overall fuel economy must be better than that of the conventional
cycle. The two-shaft configuration also shows better part load ef-
ficiency than the fuel-only control of the single-shaft configura-
tion. But, the variable speed operation of the single shaft provides
even better performance than the two-shaft configuration.

Although not treated in this study, the operation with the vari-
able inlet guide vane for the single-shaft engine and the operation
with the variable nozzle area of the free turbine for the two-shaft
engine may also improve the part load efficiency of the alternative
cycle because they have been proved to be effective for the con-
ventional regenerative cycle [12]. However, since their airflow
modulation capacity is rather limited and the efficiencies of the
compressor and turbine degrade due to the geometry variation,
their part load efficiency is expected to be lower than or, at most,
comparable to that of the variable speed operation of the single-
shaft configuration.

Conclusion

This study has examined various aspects of the alternative re-
cuperated cycle with divided turbine expansion from the funda-
mental design characteristics to the part load performance. From
the results of this study, the following conclusions are obtained.

1. The alternative cycle is more influenced by the component
efficiencies. Only with very high component efficiencies, the
maximum cycle efficiency of the alternative cycle is higher than
that of the conventional cycle. Otherwise, it is comparable to or
less than that of the conventional cycle.

2. Two-shaft design of the alternative cycle requires too high
compressor pressure ratio for its efficiency to be comparable to
the conventional cycle. On the contrary, the single-shaft design
provides a rather wide range of compressor design pressure ratio.
Furthermore, the thermal efficiency is not sensitive to the pressure

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



ratio division in the two turbine sections, which provides good

design flexibility. Therefore, from the thermodynamics point of

view, the single-shaft design is more advantageous in realizing the
alternative cycle with divided turbine expansion.

3. The variable speed control of the single-shaft configuration
should be the primary operation strategy because it keeps a higher
recuperator inlet temperature, and thus enhances much the part
load efficiency in comparison to the fuel-only control. Its useful-
ness is more manifested in the alternative cycle. Consequently, by
designing with a single-shaft configuration and operating with
variable shaft-speed, the alternative cycle provides far better part
load efficiency than the conventional cycle.
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Nomenclature
1-7 = state in the gas turbine
= temperature ratio of the compressor
= temperature ratio of the turbine
= specific enthalpy (kJ/kg)
specific heat ratio
= lower heating value (kJ/kg)
= mass flow rate (kg/s)
= pressure (kPa)
= pressure ratio
= temperature (K)
= temperature ratio
turbine inlet temperature (K)
= overall heat transfer coefficient (kW/m?K)

= power (kW)
= exponent

<x>>a 0
I

LH

=3
NS Qa4 N~ TS
I

Mgen = generator efficiency

7, = mechanical efficiency

Mpe = compressor polytropic efficiency
7, = turbine polytropic efficiency
e = recuperaqtor effectiveness

1y = thermal efficiency
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Subscripts
a air

c compressor
d design

f = fuel
8

t

= gas
= high pressure turbine
in = inlet
Ipt = low pressure turbine
out = outlet

t = turbine
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Genetic Algorithm Optimization
for Primary Surfaces Recuperator
of Microturbine

In recent years, the genetic algorithm (GA) technique has gotten much attention in
solving real-world problems. This technique has a strong ability for global searching and
optimization based on various objectives for their optimal parameters. The technique
may be applied to complicated heat exchangers and is particularly useful for new types.
It is important to optimize the heat exchanger, for minimum volume/weight, to save
fabrication cost or for improved effectiveness to save energy consumption, under the
requirement of allowable pressure drop; simultaneously it is mandatory to optimize ge-
ometry parameters of heating plate from technical and economic standpoints. In this
paper, GA is used to optimize the cross wavy primary surface (CWPS) and cross corru-
gated primary surface (CCPS) geometry characteristic of recuperator in a 100 kW mi-
croturbine, in order to get more compactness and minimum volume and weight. Two
kinds of fitness assignment methods are considered. Furthermore, GA parameters are set
optimally to yield smoother and faster fitness convergence. The comparison shows the
superiority of GA and confirms its potential to solve the objective problem. When the
rectangular recuperator core size and corrugated geometries are evaluated, in the CWPS
the weight of the recuperator decreases by 12% or more; the coefficient of compactness
increases by up to 19%, with an increase of total pressure drop by 0.84% compared to the
original design data; and the total pressure drop versus the operating pressure is con-
trolled to be less than 3%. In the CCPS area compactness is increased to 70% of the
initial data by decreasing pitch and relatively high height of the passage, the weight
decreases by 17-36%, depending on the inclination angle (6). Comparatively the CCPS
shows superior performance for use in compact recuperators in the future. The GA
technique chooses from a variety of geometry characters, optimizes them and picks out
the one which provides the closest fit to the recuperator for microturbine.
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the recuperator represents up to 30% of the total capital cost of a
microturbine package, it needs to be optimized by taking into
account both technical and economic considerations.

The major technological constraint for the development of the
microturbine is the production weight of the unit. A microturbine
unit fitted with a recuperator, with an efficiency of 90%, can
achieve high electrical efficiency. Certainly, the recuperator
weight optimization is one of the main challenges in microturbine
engine research: a good and cost-effective design could make the
difference between acceptability and rejection. Increasing the ef-
fectiveness is straightforward but results in a dramatic increase in
recuperator size and weight, again aggravating the weight situa-

Introduction

Microturbine technology and deployment were initially wel-
comed with enthusiasm by the scientific community and industry.
However, the actual applications of these machines have recently
required new design in order to ensure better competitiveness and
profitability in a deregulated energy distribution market. The spe-
cific capital cost is still high, and operational availability and flex-
ibility need to be further improved to match the customers’ needs
in terms of an efficient, low cost, and durable supply of heat,
cooling, and power.

It has been clearly demonstrated that an exhaust heat recovery

recuperator is mandatory to achieve electrical efficiency of 30%
or higher for microturbine engines, which is possible for a cycle
pressure ratio of about 4:1. The cycle airflow is a function of the
power requirement. To increase the efficiency and reduce the CO,
emission, it is mandatory to develop a more efficient thermody-
namic cycle. From a technical point of view, such a gas—air recu-
perator must achieve high effectiveness, good reliability, compact
size, light weight, structural integrity, be leak tight, and have mini-
mal pressure drops. From a thermoeconomic perspective, since
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tion. Compact heat exchangers have been extensively studied in
the open literature [1-5]. The heat transfer and flow resistance
characteristics of several primary surfaces are well reported by
Utriainen and Sundén [6,7]. It is obvious that different shapes and
geometry of heat transfer surfaces strongly affect the heat transfer
rate and flow resistance of the recuperator core, but there has been
little research and optimization on the recuperator with geometry
parameters of other shapes. To improve the heat transfer and pres-
sure loss characteristics of the cross wavy primary surface
(CWPS) and cross corrugated primary surface (CCPS), proper
genetic algorithm (GA) tools, which could provide the optimized
design, from both the technical and economic perspectives, are
extremely helpful for achieving this target.

This paper presents the GA approach for the optimization of
microturbine recuperators from technical and economic stand-
points. With regard to the sizing procedure, a special optimization
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procedure of the recuperator matrix has been developed [8], which
takes into account several targets in a single multi-objective func-
tion: the compactness, the pressure drops, and the expected weight
of the device. The present work is to optimize CWPS and CCPS
geometry parameters for recuperator in 100 kW microturbine un-
der counter-cross-flow conditions. The comparison between origi-
nal design results and optimum results is made in order to deter-
mine their own contribution to the total heat transfer performance
and to provide important information needed for the optimization
of designing CWPS and CCPS recuperators.

Algorithm Description

Because of the compactness and initial weights, it is important
to determine the best possible design, under the available given
constraints (areas compactness and/or weight, etc). To improve
this procedure an actual optimization algorithm has been imple-
mented in Refs. [9,10].

A brief description of the GA technique will be presented as
follows. The main theory behind GA is closely related to the evo-
lution theory of Darwin: survival of the fittest (= the optimal
solution). The standard GA uses a population (i.e., a group of
possible solutions) of individuals (i.e., parameter sets) that is rep-
resented in a binary format. Each parameter is encoded in a binary
string. The strings for the separate parameters are then grouped
into one long string. The individuals are randomly determined
from the search space. An initial population of size is created from
a random selection of the parameters in the parameter space. Each
parameter set represents the individual’s chromosomes. Each of
the individuals is assigned a fitness based on how well each indi-
vidual’s chromosomes allow it to perform in its environment.
There are then three operations that occur in GA to create the next
generation: selection, crossover, and mutation. The “fitness” of the
solutions (i.e., the result of the variable that is to be optimized) is
determined subsequently from the fitness function, which is evalu-
ated by survival of the fittest. The individual with the maximum
fitness within the population has the highest chance to return in
the next generation. This new generation is calculated and the
process is repeated until the given number of generations is
reached or until convergence has been obtained. To assist the vi-
sualization of GA procedure, a logic flow diagram is presented in
Fig. 1.

This algorithm differs from the general optimization algorithms
and search procedures as follows:

Journal of Engineering for Gas Turbines and Power

1. It uses a coded parameter set instead of the parameters that
are to be optimized;

2. The optimal value is searched for within a group of possible
solutions as opposed to searching on a one-by-one basis;

3. The algorithm uses the result of the function that is to be
optimized as opposed to a derivative or additional informa-
tion on the problem; and

4. It uses probabilistic rules to generate new solutions instead
of deterministic rules.

By giving the above differences of GA compared to the more
standard optimization algorithms, GA is preferred for application
in discrete optimization problems, such as the optimization of
various surfaces heat exchangers systems.

Model Description

In a CWPS recuperator the metal plates are closely stacked in a
frame so that the orientation of the corrugation between adjacent
plates is nonaligned, and this configuration enhances heat transfer
by providing a large effective surface area and generating a com-
plex flow structure in the patterns between the plates. Corruga-
tions also strengthen the plates and give a high structural stability
due to the multitude of contact points. Passive enhancement tech-
niques may be used to reduce the physical size of the recuperator
core, in the passive techniques secondary flow structures could
often generate. The secondary gas and air flow structures in heat
exchangers disturb the insulation of near wall layers and thus
improve the thermal properties of the duct. This type of heat trans-
fer surface offers heat transfer enhancement by accompanying an
acceptable increase of the pressure losses.

The core is the key component of the recuperator, and it occu-
pies the majority volume and weight of recuperator. Header, cover
plate and connection tube etc. are auxiliary functions of sealing,
connection, and assembly, thus, in this paper only the design of
the recuperator core is considered. Taking recuperator weight into
account, the core configuration weight is multiplied by coefficient
of correction (setting to be 1.25 hereafter).

In the GA method, correlations of heat transfer and pressure
drop are necessary to obtain optimal results. Analytical, numeri-
cal, optimum, and experimental results for laminar flow heat
transfer in complex geometries are essential for the design and
operation of compact heat exchangers [11-16]. Since the numeri-
cal and optimum investigations of fluid flow and heat transfer in
corrugated channels have significant advantages over the experi-
ment, the variation of geometric parameters by numerical simula-
tion is much easier and less costly than by experimental investi-
gations. Furthermore, numerical and optimum results may give
detailed information of flow structure, which is difficult to supply
by the experiments.

In this paper, the CWPS recuperator for a 100 kW microtubine
is used as the optimized model shown in Fig. 2(a). The upper and
lower plates of a generic couple share the same basic geometry.
This CWPS recuperator has a lot of design geometry parameters.
It is characterized by corrugation plate geometry parameters as
follows: pitch P, internal height H, wavelength \, internal height
a, air side circle radius r, and gas side circle radius R. In the
present study, the thickness of the plate is fixed as 0.1 mm, which
could be commercially available. Ultimately parameters of P, H,
N, a, r, R are acted optimization variables.

On the other hand, for CCPS (see Fig. 2(b)) the primary deter-
minants are the corrugation inclination angle 6, wavelength P,
internal height H, radius of the circular plate R, and profile of
waviness. These geometrical parameters influence the heat trans-
fer rate, pressure drop, and recuperator core dimensions such as
length B1, width B2, and height B3 (Fig. 2(c)). Generally, both
heat transfer coefficients and friction losses increase with 6 of
chevron plates. Based on the correlations of Nusselt number and
friction factor from Utriainen and Sundén [17] and the modified
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Fig. 2 Model description: (a) CWPS geometry parameters; (b)
CCPS geometry parameters; and (c) recuperator matrix

experimental results from Ref. [14], surface geometry variables
such as P, H, R were optimized for the fixed values of @
=45 deg, 60 deg, or 75 deg, respectively.

The total pressure drop is inserted as a target parameter rather
than the pressure drop of one side. In fact, thermodynamic calcu-
lations show that the cycle performance does not significantly
change if the total pressure drops of gas and air sides are kept
constant [18]. When the recuperator design must be optimized for
a particular application, different targets can be pursued as priori-
ties, such as the best compactness, the minimum weight, and the

438 / Vol. 129, APRIL 2007

Table 1 Description of recuperator key design parameters

Power (kW) 100
Air flow rate (kg/s) 0.998
Gas flow rate (kg/s) 1.014
Pressure ratio (—) 3.8
Effectiveness (%) 90
Air inlet temperature (K) 463
Gas inlet temperature (K) 927
Gas outlet temperature (K) 873
Apiy (%) 3

control of total pressure drop. In the microturbine field, one of the
most important aspects is, certainly, the total weight.

In the present study, the CWPS variables are subject to:
1.4 mm=<P<3.6 mm, 1.8 mm<H=<3.5 mm, 2.8 mm=<N\
<9.6 mm, and 1.0 mm=<a=< 1.4 mm. The others are influenced
by the above four variables because they are not independent. The
CCPS variables are subject to: 2.8 mm=<P=<5.0 mm, 0.6 mm
<H=<1.4 mm, and 0.32 mm=<~R=<0.60 mm. Tournament selec-
tion, uniform crossover, and one-point mutation are selected.
Sizes of population and maximum evolution generation are set to
be 50 and 100, respectively. Probabilities of crossover and muta-
tion are set to be 0.5 and 0.02, respectively. The key characteris-
tics of both heat exchangers are summarized in Table 1.

The implement of optimal design consists of two procedures:
one is a GA routine that includes the process of selection/
crossover/mutation; the other is the rating (RAT) routine that
evaluates performance of CWPS and CCPS. The FORTRAN code
has been used for considering the rating problem after decoding
individuals to real geometrical sizes. The flow chart of the RAT
routine is presented in Fig. 3. It should be noted that the original
data in Tables 2 and 3 are also obtained by the RAT procedure.

Results and Discussion

The thermal-hydraulic performance of the heat exchanger is
strongly influenced by the surface-corrugation geometry of the
plates employed in them. The enhanced heat transfer is directly
related to these features, which provide increased effective heat
transfer area, disruption, and reattachment of boundary layers,
swirl or vortex flow generation, and small hydraulic diameter flow
channels. Generally, both heat transfer coefficients and friction
losses increase with higher a and lower \ (see Fig. 2(a)). As
expected, the Reynolds number and the friction factor f are sig-
nificantly influenced by N/a, i.e., they increase with decreasing

Begin
Input: 0 Dimensions of unit cell

0 Total heat (Q) transferred in the recuperator matrix,
calculated with help of data in table 1, caleulate the parameter
of property

Calculate hydraulic diameter Dy, and flow area of cell at
inlet A,
While (Condition of terrination is dissatisfied) do
Begin

Step 1. Choose the total flow area at inlet A

Step 2 Calculate Re nurmber, Nu number and f factor,
using correlations n [3][18]

Step 3. Caleulate heat transfer coefficients h for both sides
and the overall heat transfer coefficient

Step 4. Calculate heat transfer area Ay, Coefficient of
compactness 8v and weight W.

Step 5. Calculate the total pressure drop Ap_ .y, if the Ap_
1ot 15 greater than 3%, then go back to step 1 and adjust the Ap
End
End

Fig. 3 Flow chart of RAT routine
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Table 2 Comparison of the original data and optimized results (CWPS) (G1—fitness=exp(-W); GA2—fitness=Sv/W)
Geometry parameters Performance

H A a r Bl B2 B3 Apio; Sy w
CWPS (mm) (mm) (mm) (mm) (mm) (mm) (m) (m) (m) (X10?%) (m?/m?) (kg)
Original data 1.8 2.3 4.8 1.3 0.35 0.55 0.75 0.28 0.49 2.04 1845 116.73
GAl 1.4 1.8 4.99 1.39 0.24 0.45 0.7 0.26 0.49 2.87 2074 100.46
GA2 14 1.8 4.82 1.39 0.25 0.45 0.73 0.25 0.48 2.88 2191 103.1
N/a. Small N/a indicates a small volume of the recuperator core. ) S,
Deeper corrugations (lower P/H) not only increase the effective fitness = F'- W 4)

surface area, but also promote the swirl mixing.

There are many ways to assign the fitness value. In the present
study, two different fitness functions were used to calculate the
fitness values based on the above results.

Minimum Weight (““GA1). The conventional genetic algo-
rithm determines global maximum value in search spaces. The
objective of the present prediction, however, is to minimize
weight of recuperator. Thus a fitness function should be given as

follows:
fitness = F - exp(— W) (1)

where W is the weight; and F is the stepwise factor defined by

Thus compactness and weight are well fit together. In CWPS the
evolution process for minimum weight and maximum compact-
ness is shown in Fig. 4(b). At the beginning of the evolution
process (approximately less than 100 generations), the differences
between every individual are relatively large, which leads to the
individuals with low fitness being eliminated and individuals with
higher fitness being saved. After certain generation (approxi-
mately larger than 500 generations), the variation of fitness for
minimum weight is small, and finally levels off to a fixed value.

The comparison between the original data and the optimized
results are listed in Table 2. The following conclusions can be
found: by both kinds of fitness assignment methods (GA1,GA2),

1, Apy<3% when H and B1 decrease, R and r decrease in configuration. The
F=3 ot (2)  gas side radius R is larger than the air side, because the mass flow
0, Ap_=3% rate has been kept constant (that is, there is almost the same mass

Ap_ is the total pressure drop in both sides. It should be noted
that the maximum value of fitness indicates the minimum weight.
The evolution process of CWPS for minimum weight is the shown
in Fig. 4(a). At the beginning of the evolution process (about less
than 50 generations), the differences between every individual are
relatively large, which leads to the individuals with low fitness
being eliminated and individuals with higher fitness being saved.
After certain generation, the variation of fitness for minimum
weight is small, and finally levels off to a fixed value.

Minimum Weight and Maximum Compactness (“GA2”).
The coefficient of compactness (S,) sometimes can be used as an
objective of optimum design for heat exchangers. The coefficient
of compactness is defined as

S, =A/V (3)

where Ay, is the heat transfer surface area of recuperator and V is
the internal volume. In the present study, we consider both the
compactness of recuperator and its weight as the objective func-
tion. Thus a fitness function should be given as follows:

flow rate for the gas and air streams), and the gas will occupy a
greater volume flow rate at the hot gas side with lower pressure.
Therefore, in order to decrease the gas side pressure drop, a larger
flow area of the gas side is necessary. On the other hand, by the
GA1 method, the weight decreases by 14%, the coefficient of
compactness increases by 12%, and total pressure drop increases
by 40% in performance; while by the GA2 method, the weight
reduces by 12%, the coefficient of compactness increases by 19%,
and total pressure drop increases by 0.84% in performance. The
total pressure drop, Ap_, is less than 3%. By GA2, maximum
S,/W may be obtained, and the comprehensive performance of
configuration is surprisingly good.

GA optimized results for CCPS are shown in Fig. 5. The mini-
mum weights are plotted in Figs. 5(a), 5(c), and 5(e) obtained by
GAl. The minimum weight and maximum compactness are
shown in Figs. 5(b), 5(d), and 5(f) obtained by GA2 for CCPS of
45 deg, 60 deg, and 75 deg, respectively. In Table 3 the original
data and optimized results are compared. The optimal parameters
for CCPS perform very well, and the area compactness is in-
creased to 70% from the original data by decreasing pitch from

Table 3 Comparison of the original data and optimized results (CCPS) (GA1—fitness=exp(-W); GA2—fitness=Sv/W)

Geometry parameters Performance
6 P H R Bl B2 B3 Ap_o Sy w
(deg) CCPS (mm) (mm) (mm) (m) (m) (m) (X10%) (m?/m?) (kg)
45 Original data 3.48 0.87 0.45 0.58 0.21 0.46 3.39 1308 62.16
GAl 2.8 0.6 0.32 0.75 0.13 0.42 2.989 2258 43.40
GA2 2.8 0.6 0.32 0.61 0.13 0.52 2.994 2258 43.38
60 Original data 3.48 0.87 0.45 0.82 0.16 0.42 3.166 1308 52.58
GAl 2.8 0.6 0.32 0.9 0.10 0.43 2.987 2258 34.88
GA2 2.8 0.6 0.32 0.75 0.12 0.52 2.996 2258 34.69
75 Original data 3.48 0.87 0.45 0.86 0.12 0.46 3.373 1308 36.73
GAl 2.8 0.6 0.32 0.82 0.07 0.55 2.995 2258 23.76
GA2 2.8 0.6 0.32 0.8 0.07 0.57 2.938 2258 23.82
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Fig. 4 Evolution process for CWPS: (a) by GA1 (for minimum
weight); and (b) by GA2 (for minimum weight and maximum
compactness)

3.48 mm to 2.8 mm and relatively high height of the passage
from 0.87 mm to 0.6 mm, respectively. For two kinds of fitness
assignment methods (GA1, GA2), the weight decreases from 17%
to 36% for three different inclination angles 6, and total pressure
drop decreases slightly in performance. The inclination angle be-
tween the plate corrugations is a major parameter in the thermo—
hydraulic performance of CCPS. This is because a change in 6
affects the basic flow structure which is the primary factor influ-
encing the pressure drop and heat transfer rate. It is evident from
the foregoing report [16], apart from flow and fluid property pa-
rameters, that Nu and f are significantly influenced by 6. The
deeper corrugations increase the effective surface area and pro-
mote the swirl mixing. The large angle (6) between the corruga-
tions gives both smaller size and weight, and because the thermal
performance enhances and the friction factors increase, the width
(B2) of the matrix must be shorten to meet pressure drop require-
ments. Small pitch and high height can obtain superior perfor-
mance, but smaller dimension is restricted by the metal material
tractability, which shows the importance of achieving a fabrica-
tion method that gives small passage dimensions.

The performance of CCPS is compared to CWPS. CCPS has
smaller weight than CWPS, the weight of CCPS is lower than
CWPS by 45% or more, and optimized CCPS obtains higher area
compactness. Both CWPS and CCPS show superior performance
but CCPS should be the first choice for further studies for the
recuperator of the microturbine if the difficulty of manufacturing
this kind of surface is not taken into account. The CCPS is ob-
tained by using a folding process, pressing, or stamping, but these
are difficult because of the very small pitch and relatively high
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height of the passage, and cracking of the surface may also occur.
The major disadvantage is that two different plates have to be
fabricated, which means more work for manufacturing during the
design stage.

Conclusions

In this paper, the implementation of GA as a useful support tool
for optimization of CWPS and CCPS recuperators is described. As
GA uses a random technique, it is possible that the global opti-
mum is found within the optimization. Some results of the opti-
mization of CWPS and CCPS recuperators are given.

Different objective optimizations were successfully performed
in order to assess the reliability of the results. The results clearly
show the superiority of primary surface recuperators for microtur-
bine applications, since they are able to combine high heat ex-
change effectiveness with compact volumes and minimum
weights. In the present study, the CWPS recuperator is shown to
be able to decrease the volume and the material weight by 12% or
more; while simultaneously the coefficient of compactness in-
creases by 19% and total pressure drop increases by only 0.84%,
and the total pressure drop is less than 3%. The CCPS area com-
pactness is increased to 70% more than the initial data by decreas-
ing pitch and the relatively high height of the passage, the weight
decreases by 17-36%, depending on inclination angle 6. The
CCPS shows superior performance for use in compact recupera-
tors in the future, and this in turn implies an even higher potential
for cost reduction due to the simpler and cheaper production pro-
cess.
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Nomenclature
A = internal height corrugation in flow direction
(mm)

A, = Flow area of cell at inlet (m?)

Ay = total flow area at inlet (m?)

Ay, = heat transfer surface area (m?)

B1 = length of recuperator core (m)

B2 = width of recuperator core (m)

B3 = height of recuperator core (m)

D;, = hydraulic diameter (m)
f = Fanning friction factor

H = heat transfer coefficient (W m2 K1)
H = internal height (mm)

Nu = Nusselt number

P = pitch (mm)
p = static pressure (Pa)
R = radius of circle in gas side of the plate (mm)
r = radius of circle in air side of the plate (mm)
Re = Reynolds number
S, = coefficient of compactness, ratio of heat trans-
fer surface/internal volume (m? m~3)
V = internal volume (m?)
W = weight (kg)
Greek
0 = inclination angle between corrugations (deg)

N = wavelength (mm)
Ap o« = total pressure drop over recuperator,
=Ap»air/p_air+ Ap_gas/p_gas
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Gas Turbine Fogging Technology:
A State-of-the-Art Review—Part I
Inlet Evaporative Fogging—
Analytical and Experimental
Aspects

Ambient temperature strongly influences gas turbine power output causing a reduction of
around 0.50% to 0.90% for every I°C of temperature rise. There is also a significant
increase in the gas turbine heat rate as the ambient temperature rises, resulting in an
increased operating cost. As the increase in power demand is usually coincident with
high ambient temperature, power augmentation during the hot part of the day becomes
important for independent power producers, cogenerators, and electric utilities. Evapo-
rative and overspray fogging are simple, proven, and cost effective approaches for re-
covering lost gas turbine performance. A comprehensive review of the current under-
standing of the analytical, experimental, and practical aspects including climatic and
psychrometric aspects of high-pressure inlet evaporative fogging technology is provided.
A discussion of analytical and experimental results relating to droplets dynamics, factors
affecting droplets size, and inlet duct configuration effects on inlet evaporative fogging is
covered in this paper. Characteristics of commonly used fogging nozzles are also de-
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design

Introduction

In the rapidly deregulating power generation market worldwide,
the structure of power supply agreements and the dynamics of an
open market imply higher financial gains for power generated
during high demand periods (such as summer months). Global
power generation is expected to grow annually by approximately
3% in the next 20 years resulting in additional power generation
of approximately 7500 TWh (terrawatt hours) using various fuel
sources [1]. There are incentives to overcome the inherent loss of
turbine power output during periods of high ambient temperature.
On several heavy-duty industrial gas turbines, power output drops
of around 15% —-20% (compared to ISO conditions) can be expe-
rienced at an ambient temperature of 35°C (95°F), coupled with
a heat rate increase of about 5%. Aeroderivative gas turbines ex-
hibit an even greater sensitivity to changes in ambient tempera-
ture. The effect of ambient temperature change on power output
and heat rate for an industrial (GE Frame-7) and an aeroderivative
gas turbine (GE LM-6000) is shown in Fig. 1 [2]. This figure
clearly shows higher sensitivity to ambient temperature for the
aeroderivative gas turbine. An approach to counter the loss in
power output associated with high ambient temperature is to cool
the inlet air. While there are several inlet cooling technologies
available, inlet fogging (evaporative and overspray) has seen
large-scale applications over the past few years because of the
advantage of its low first cost compared to the other techniques,
such as media evaporative cooling and inlet chilling.
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In recent years, several combined cycle plants utilizing ad-
vanced technology gas turbines as well as simple cycle peaking
power units have adopted fogging for power augmentation. It is
estimated that there are over 1000 gas turbines that currently use
inlet fogging or overspray worldwide.

Part I of this three-part paper provides description of high pres-
sure inlet evaporative fogging technology covering climatic and
psychrometric aspects, the use of Equivalent Cooling Degree
Hours (ECDH), droplets thermodynamics, heat and mass transfer
considerations pertaining to inlet fogging, nozzle types and their
characteristics, nozzle locations and orientation, and effects of gas
turbine inlet duct system configurations. Part II [3] of this paper
covers theoretical and experimental aspects pertaining to over-
spray fogging (also known as wet compression, high fogging, fog
intercooling, supersaturation). This technique has been adopted by
several major gas turbine manufacturers over the past few years.
Part III [4] of this paper covers practical considerations and op-
erational and maintenance issues, including results of field expe-
riences related to inlet fogging and overspray. Part III also covers
a review on the status of development in the area of fogging by
major gas turbine manufacturers.

A comprehensive discussion of the theory and application of
fogging technology was presented by Meher-Homji and Mee [5].
Tawney et al. [6] evaluated several options for power augmenta-
tion for combined cycle power plants and reported that inlet fog-
ging resulted in a minimal impact on EPC (Engineering, Procure-
ment and Construction) cost and was the only option that provided
a small improvement in the heat rate. The highest return on equity
was obtained by combining inlet fogging and supplemental firing
of the heat recovery steam generator (HRSG). Jones and Jacobs
[7] have recently presented an informative and detailed study of
options available for enhancing combined cycle performance.
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gas turbines [2]

Their study included an economic assessment of performance en-
hancement alternatives by considering a combined cycle plant
consisting of two GE PG7241(FA) gas turbines, two unfired three
pressure-levels HRSGs, and one GE D11 reheat condensing steam
turbine with a wet cooling tower. Among the various alternatives
examined, inlet fogging was found to be the least sensitive to
variations in the economic parameters considered due to its insig-
nificant impact on nonpeak plant performance and its low initial
investment.

Bhargava et al. [8] have shown that while the effect of fogging
on the overall cycle efficiency of combined cycles is generally
small, inlet fogging results in a significant improvement in the
heat rate for simple cycle gas turbines. The power boost for dif-
ferent classifications of gas turbines for changes in ambient tem-
perature is shown in Fig. 2. A higher power boost is achievable
with aeroderivative and older (traditional) industrial gas turbines
compared to advanced technology gas turbines. Newer industrial
gas turbines, referenced in Fig. 2, are those machines that were
implemented with advanced technologies, such as a firing tem-
perature higher than 1260°C (2300°F).

High Pressure Inlet Fogging

Fogging is a method of inlet cooling wherein demineralized
water is converted into fine fog droplets by means of specially
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Fig. 2 Power boost versus amount of inlet air cooling [10]
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designed atomizing nozzles operating at pressures between 35 to
207 barg (approximately, 500 to 3000 psig). As the fog evaporates
in the intake duct, it cools the air. This technique can achieve
close to 100% evaporative cooling effectiveness in terms of at-
taining the wet-bulb temperature at the compressor inlet under
design conditions.

The evaporative cooling effectiveness or efficiency is defined as

DBT - CIT
E=————— (1)

DBT - WBT
A typical high pressure fogging system consists of a series of
high pressure reciprocating pumps providing demineralized water
to an array of fogging nozzles located downstream of the inlet air
filter elements. High pressure water is required as the droplet size
is proportional, to a limit, to the (applied pressure)?, where, value
of exponent “a” varies between —0.5 and —0.1, depending on the
nozzle type, nozzle geometry, liquid characteristics, and droplet
diameter definition [9]. The fog nozzles create a large number of
small droplets of varying size (<50 microns in diameter), which
evaporate as they flow through the gas turbine intake system. A
large gas turbine can have an array of several hundred nozzles.
Demineralized water is necessary to minimize the potential for
compressor blade fouling and hot gas path corrosion that can re-

sult from minerals naturally present in untreated water.

Climatic and Psychrometric Aspects of Inlet Fogging

The main obstacle faced by gas turbine users who wish to
evaluate benefits of the fogging approach is the unavailability of
easy-to-use climatic data. The obstacle comprises of two factors:

(1) Operators cannot easily locate the appropriate weather data
for their site. Much of the available data at a plant site may
be based on average data points with no representation of
the values of coincident dry- and wet-bulb temperatures.
This type of data is invaluable when evaluating any evapo-
rative cooling solution.

(2) Even when some appropriate data is available, additional
data processing is essential before any meaningful estimate
can be made of cooling potential.

Modeling of Climatic Data. There are numerous problems
when modeling climatic data, several of which derive from the
concept of “averaging” of data. The averaging of data can under-
estimate the cooling potential because the highest relative humid-
ity conditions, in practice, are never coincident with high dry-bulb
temperatures. Relative humidity has a marked systematic diurnal
variation opposite to the temperature. The moisture-holding ca-
pacity of air depends on its temperature, with warmer air being
capable of holding more moisture than the cooler air. The relative
humidity is typically high during the cool morning and evening
hours and low during the hot afternoon hours. Actual data taken
from a “hot and humid” site offshore of the United Arab Emirates,
shown in Fig. 3, clearly indicates the spread between the dry-bulb
and wet-bulb temperatures, which determines the evaporative
cooling potential. Detailed climatic studies using the concept of
ECDH of several hundred sites within the U.S. and around the
world have been analyzed by Chaker et al. [10,11]. These studies
indicated that there is a considerable amount of evaporative cool-
ing potential available throughout the world, even in very humid
locations, that would not be traditionally considered as candidate
sites for evaporative cooling. There are many fog systems cur-
rently in use in the Southeast Asia, the Far East, and other hot and
humid locations around the world.

Concept of Equivalent Cooling Degree Hours. The term
equivalent cooling degree hours (ECDH), defined as the amount
of evaporative cooling available in terms of degree hours, is an
important approach in evaluating the effectiveness of fogging. The
ECDH is the Wet-Bulb Depression (WBD) multiplied by the num-
ber of hours that this WBD occurs. The WBD is the difference
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between the Dry-Bulb Temperature (DBT) and the Wet-Bulb Tem-
perature (WBT). WBT is calculated from measured DBT and RH
or Dew Point Temperature (DPT). The conversion may be done
using an empirical equation or commercially available computer
programs. Useful conversion equations may be found in the
ASHRAE fundamental handbook [12].

The ECDH concept is important when using a fogging system
to cool the air down to the wet-bulb temperature. However, icing
formation at the compressor bellmouth becomes an issue when
using fogging (or overspray). Consequently, the ECDH calcula-
tions should take into account the number of hours during the year
that the system can operate without posing an icing risk. The
value of the static temperature depression, which occurs at the
compressor bellmouth because of airflow acceleration, depends on
the gas turbine type and consequently the appropriate value of
minimum wet-bulb temperature (MWBT) needs to be applied.

The static temperature depression can be calculated using the
following equation: AT=V?/ 2C,, where V is the airflow velocity
at compressor bellmouth inlet and C, is the constant pressure
specific heat of air and can be taken equal to 1004 J/kg K.

For some gas turbines such as aeroderivative and some ad-
vanced technology gas turbines, the airflow velocity at the com-
pressor bellmouth may reach 175 m/s, leading to a static tempera-
ture depression of 15°C. Table 1 summarizes the number of
ECDH as well as the corresponding number of hours that the
MWRBT is above 7.2°C (45°F) for representative locations world-
wide. The ECDH number can be used to calculate the power boost
in kWh (power boost = ECDH number expressed in °C h multi-
plied by the expected boost of kW/°C). On the other hand, look-
ing at the number of hours that are available in a year for a
MWRBT of 7.2°C one can see the advantage of using overspray

while avoiding the icing risk at the compressor bellmouth. Con-
sequently, from the table, we can see that, in Bombay, India, over-
spray may be used for 8754 h out of the 8760 yearly hours with-
out icing risk, while this number is reduced to 6277 h for
Shanghai, China. Of course, the number of operating hours with
overspray is reduced when using a gas turbine with higher airflow
velocities at the compressor bellmouth, which leads to higher
MWBT values (15°C for example, as it is the case with aero-
derivative gas turbines).

Two types of sources of weather data are available: the first one
is commercial and can be obtained from the National Climatic
Data Center (NCDC) or other sources that publish climatic data
on compact disks. The second is data collected directly from sites.
If the second source of data is used, it is very important to ensure
that coincident ambient data is recorded.

As can be seen in Table 1, even locations commonly considered
“humid” such as Miami, FL, Belem, Brazil, Bangkok, Thailand,
and Bombay, India, have times in a year when evaporative cooling
can be applied. If additional power boost is required, overspray
may have to be considered. In locations considered “dry,” such as
Bakersfield, CA, Shanghai, China, and Sevilla, Spain significant
cooling potential exists, and if needed, over-spray may be used on
a limited basis.

Psychrometrics of Inlet Fogging. A psychrometric chart
shown in Fig. 4 is used to illustrate a method to estimate the
amount of cooling water required for a gas turbine with airflow
capacity of 200 kg/s. The following ambient conditions are used:
35°C (96°F) DBT, 43% RH. First, find the ambient condition on
the psychrometric chart (Start Point @ in Fig. 4). The moisture
content at this condition is 15.1 gr of H,O/kg of dry air. Assume
that the air is cooled to the ambient wet bulb condition (100% RH
as the ending condition). Proceed left up the constant wet-bulb
temperature line until saturation is achieved (finish Point @ in Fig.
4). The moisture content corresponding to this condition is 19.6 gr
of H,O/kg of dry air. Therefore, the amount of moisture to be
added to the air stream to achieve the wet-bulb temperature
(WBT) is 4.5 gr of H,O/kg of dry air. Thus, the theoretical
amount of water required to cool 200 kg/s air by 10.5°C is
5.4 li/min.

Behavior and Dynamics of Fog Droplets

The reason for injecting water droplets is to increase the rela-
tive humidity of the airflow by evaporation of the droplets, which
in turn leads to a decrease in the air temperature resulting in an
increase in the air mass flow rate due to increased air density.
While this may intuitively seem to be a simple matter, there are
several interacting factors that define the success and efficiency of
this evaporation process.

A complete understanding of the atomization process is critical
for the analysis of the droplets size distribution produced by a fog

Table 1 ECDH(°C h) and number of hours (MWBT>7.2°C)

Location Jan Feb Mar Apr May Jun Jul Aug Sep Oct Nov Dec Ann
Thailand, ECDH 3580 3103 3316 3347 2939 2770 2813 2768 2301 2425 2971 3617 35951
Bangkok Hours 744 672 744 720 740 720 704 744 720 744 8722

USA (FL), ECDH 1969 2044 2577 2783 2892 2277 2462 2399 2135 2209 2028 1973 27749
Miami, Hours 723 656 736 719 742 720 744 708 685 744 720 725 8623
Brazil, ECDH 1239 957 1057 1057 1385 1715 1871 1960 1906 1911 1859 1625 18543
Belem, Hours 744 672 744 720 744 720 744 718 714 744 720 744 8727
Bombay, ECDH 4195 4125 4225 3305 3268 2257 1526 1506 1750 3108 4185 4398 37848
India, Hours 744 673 744 720 742 719 743 743 720 744 720 744 8754
China, ECDH 263 383 930 1695 2058 1624 1855 1926 1901 2019 1472 669 16794
Shanghai, Hours 67 92 316 652 742 720 743 739 723 734 530 219 6277
USA (CA), ECDH 2064 3386 4906 7657 10873 13138 14442 13565 11235 8860 4459 2227 96812
Bakers Field,  Hours 357 486 629 675 734 720 744 738 709 724 544 323 7382
Spain, ECDH 1272 1463 2528 2812 3684 4460 5879 5653 4589 3103 1893 1298 38633
Sevilla, Hours 449 491 646 684 739 720 744 744 720 738 638 535 7850
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nozzle. Droplet mean size, size distribution patterns and penetra-
tion of the droplets in the plume for a given cone angle, are
important parameters. Many variables (such as the properties of
the water, the geometries of the nozzle, and consequently the
spray angle, pressure applied on the liquid and the air flow veloc-
ity) can significantly influence the results of the fogging process.

The accuracy and approach used for droplets size measurement
is critical for gas turbine fogging applications. Different tech-
niques exist to measure droplets size, including (1) a light scatter-
ing technique and (2) imaging with a high speed video camera.
Light scattering techniques utilize two approaches: The first tech-
nique is a spatial technique (utilizing Malvern Spraytec equip-
ment), which allows the sampling of a large number of droplets in
a given volume. This technique is more appropriate when sam-
pling is done in a high-density spray and with a small distance
between the measurement position and the droplet sizing system
detectors. The second approach is a temporal technique utilizing a
Phase Doppler Particle Analyzer (PDPA). The PDPA samples and
counts individual droplet passing through the sampling volume.
This technique is more appropriate when sampling is done in a
low-density spray and where there is a relatively large distance
between the measurement position and the droplet sizing system
detectors. Further details on droplets size measurement techniques
are provided by Le Coz [13].

In a typical evaporative fogging system, droplets travel at the
velocity of airflow and typically spend around one to two seconds
between the inlet air filter and the compressor inlet. It is important
that the size of the droplets is small enough for evaporation to take
place in the short residence time available. If the size of droplets
is too large, then the droplets would not fully evaporate, resulting
in an undersaturated condition. Therefore, to attain wet-bulb tem-
perature at the compressor inlet, a larger quantity of water (than
required for saturation) would have to be injected. The combina-
tion of a larger quantity of water coupled with larger droplets sizes
may lead to erosion of the compressor blades. Thus, a small size
of the droplets injected with airflow in the gas turbine inlet air
duct is critical.

Even small differences in the size of droplets has significant
implications. For example, consider two situations with droplets
diameters of 20 and 30 microns, respectively. Compared to the
smaller and more desirable droplets of 20 microns, the larger (30
microns) size droplets will have (1) 3 to 4 times the mass and
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Fig. 5 (a) Swirl nozzle (b) impaction pin nozzle; plume char-
acteristics at operating pressure of 138 barg (2000 psig): (¢)
swirl jet nozzle and (d) impaction pin nozzle [16]

force of impact (higher erosion potential); (2) 33% lower surface
area/unit volume (lower evaporation efficiency, since evaporation
occurs at the droplets’ air interface); (3) a two times faster fall rate
(higher water drain amount). A discussion of the important param-
eters in evaluating a fogging nozzle’s atomizing performance is
presented by Mahapatra and Gilstrap [14].

Nozzle Types. There are two types of nozzles commonly em-
ployed in the industry, as shown in Fig. 5. The swirl jet design
nozzle (see Figs. 5(a) and 5(c)) is one in which high pressure
water is tangentially forced into a swirl chamber and then dis-
charged through a cylindrical hole concentric to the swirl cham-
ber. The discharged water is in the form of an axisymmetric thin
conical sheet that forms ligaments and small droplets. The impac-
tion pin nozzle (see Figs. 5(b) and 5(d)) utilizes high-pressure
water forced with high velocity through a smooth orifice that hits
an impaction pin, located above the jet. This results in the forma-
tion of a thin sheet of water in a conical shape [15]. As the water
leaves the orifice, the water sheet becomes unstable and disinte-
grates into small thread ligaments and subsequently into billions
of small size droplets. Air assisted nozzles have also been used on
a limited basis for inlet fogging though swirl and impaction pin
designs are the most prevalent.

Based on the recent comprehensive experimental study to
evaluate comparative performance of the two types of nozzles at
varying operating pressures (20.7 to 207 barg, or 300 to
3000 psig) and an airflow velocity of 15.2 m/s (50 ft/s), some
interesting results were obtained [16]. Droplets sizes obtained
with an impaction pin nozzle were found to be significantly lower,
even with higher flow rates than a comparative swirl jet nozzle.
Smaller droplets sizes are associated with a higher value of the
Weber number, where the Weber number is defined as the ratio of
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Fig. 6 Close-up picture of nozzle spray plumes operating at
138 barg [15]

aerodynamic and surface tension forces. With impaction pin
nozzle designs, the Weber number effect results in a higher sec-
ondary breakup of the larger size droplets. A more detailed dis-
cussion on the secondary breakup of liquid droplets can be found
in the work of Pitch and Erdman [17]. A visual examination of the
plumes for the two nozzle types shows a straight edge of the cone
for swirl jet nozzle, which indicates high momentum and conse-
quently larger size droplets (Fig. 5(c)).

Schick and Knasiak [18] conducted an experimental investiga-
tion to understand characteristics of the two types of nozzles and
examined differences in various parameters of interests, including,
spray angle, flow rate, volume flux, median volume diameter, Sau-
ter mean diameter, average flow velocity, and root-mean-square
flow velocity. Their study indicated a wider spray pattern and slow
velocity field, which are indicative of better mixing, with a swirl
nozzle compared to the impaction pin nozzle. It is important to
note, however, that evaporation efficiency is influenced more by
the droplets size than the mixing effect. This study, like many
others, agrees that the impaction pin nozzle provides lower size
droplets than the swirl nozzle design.

Close-up, and high-speed photographs of the nozzle spray
plumes (see Fig. 6) were taken in order to better understand plume
formation and an atomization process for an impaction pin nozzle.
A properly designed impaction pin nozzle splits the water jet
when it impinges on the sharp tip of the pin, and a thin conical
shaped sheet of water is formed. The water sheet thins as it ex-
pands and then breaks apart into small size droplets. Breakup
occurs when the aerodynamic forces, which result from turbu-
lence caused by the extremely high velocity of the sheet, over-
come the surface tension of the water.

Heat and Mass Transfer of Droplets—Analytical Model. In
an effort to understand the behavior of fog droplets emanating
from a nozzle or set of nozzles, results of a simplified analytical
model of heat and mass transfer for an individual droplet were
recently presented showing transient behavior of a droplet and its
interaction to the surrounding air conditions as it reaches satura-
tion within a limited volume [16]. Transient behaviors of 20 um
and 50 um droplets under the same starting ambient air condi-
tions (30°C and 20% RH) with an active radius (RA) of 81 are
shown in Figs. 7(a) and 7(b), respectively. Whereas, Figs. 7(c) and
7(d) show transient behavior of 20 um and 50 wm droplets under
the starting ambient conditions of 30°C and 60% RH with a RA
of 108, respectively. Note that the active radius of the droplet, RA,
defines the volume around the droplet for which saturation condi-
tions are being calculated. A longer evaporation time for larger
size droplets is quite evident. The results presented in Fig. 7 also
show how droplet size reduces as the evaporation process
progresses. A further examination of the effects of change in the
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values of RH and RA showed a reduced evaporation rate with
increased values of RH and RA. This simplified model concurs
with the findings in the field [15].

The effect of water temperature on droplet evaporation, within
the range of water temperature used in gas turbine inlet air fog-
ging systems, is negligible. Due to the tiny size of droplets after
atomization, the temperature of droplets will converge in few mil-
liseconds to the wet-bulb temperature, regardless of the original
water temperature (within the range used).

The above discussion of heat and mass transfer effects is for a
single droplet. However, in the real world there exists a mixture of
droplets sizes with some droplets larger than 30 microns. In such
a situation, smaller droplets will evaporate first, increasing the
local relative humidity and making it even more difficult for the
larger droplets to evaporate, thus posing a bigger risk for blade
erosion should they be ingested into the compressor.

Factors Affecting Droplet Size—Experimental Results. Fac-
tors that determine droplets size include: (a) airflow velocity dur-
ing the droplets size measurement; (b) position of measurement
(viz., at the center, or edge of the plume); (c) ambient conditions
around the droplet; (d) water characteristics—the difference in
liquid characteristics (density, viscosity, and surface tension) due
to the presence of foreign matter, and the ambient conditions may
also account for some differences in droplets size distribution. The
variations of droplets size as a function of airflow velocity and
position of measurement, including different definitions of droplet
size at an ambient condition of 30°C and 40% RH for an impac-
tion pin nozzle, are shown in Fig. 8. Similar trends have been
observed for a swirl type nozzle [15].

Effects of Operating Pressure and Position of Measurement
in the Plume on the Droplet Size. As can be seen in Figs. 9 and
10, the droplets size decrease with an increase in operating pres-
sure. This observed decrease in droplet size is quantitatively more
at a low operating pressure up to 138 barg and becomes insignifi-
cant when the operating pressures increase from 138 to 207 barg.
It can also be seen that the droplets size in the center of the plume
is smaller (by 2 to 8 microns) than at its edge. This is due to the
fact that as the droplets leave the tip of the nozzles at high veloc-
ity, the induced airflow creates a draught toward the center of the
plume. This draught carries the smallest droplets to the center of
the plume. It is important to note from Figs. 9 and 10 that the
droplets sizes are consistently smaller for an impaction pin nozzle
under all operating pressures and position of measurements.

Effect of Distance of Measurement and Flow Rate on the
Droplet Size. Independent of nozzle type, an increase in the water
flow rate by modifying the nozzle configuration (for example,
increasing the orifice size of a nozzle) and keeping the other ex-
perimental parameters constant, will lead to an increase in drop-
lets size. This is due to the modification in parameters governing
the process of atomization such as increase in the thickness of the
water sheet, or due to coalescence between droplets after the at-
omization process. The effects of coalescence on droplets size for
an impaction pin and swirl jet nozzles are shown in Figs. 11 and
12, respectively. The experiments were done by taking measure-
ments at different distances from the nozzle tip up to 30 cm, and
by saturating the air in the measurement volume in order to neu-
tralize the effect of evaporation. This effect is shown for the two
typical airflow velocities (2.5 and 12.7 m/s, which are commonly
experienced in the field for evaporative and overspray systems,
respectively). The data presented in Figs. 11 and 12 for airflow
velocity of 2.5 m/s is based on the experimental work of Chaker
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and Kippax [19]. Dvgy and D3, droplets diameters are used to
quantify the effects of coalescence.

In both figures (Figs. 11 and 12), one can see that the coales-
cence effect is higher at a low airflow velocity. The difference in
the droplets size is small close to the nozzle exit (in the order of
one micron for D3, and two microns for Dvgg) and increases with
the measurement distance from the nozzle reaching 5 microns for
D3, and 10 microns for Dvy.

As shown in Fig. 11 with a water flow rate of 11.51/h at
207 barg for the impaction pin nozzle, the major increase in drop-
lets size due to coalescence occurs in the first 10 cm, while in Fig.
12 with a water flow rate of 16.5 1/h at 207 barg, this increase
does not seem to be attenuated, especially for Dvg,. Consequently,
when characterizing a nozzle, it is important to measure the drop-
lets size at a distance sufficiently far from the nozzle at which the
coalescence effect is attenuated.

The coalescence effect depicted in Figs. 11 and 12 is due to the
high probability of collisions between droplets in the plume cone
angle, as this is a high density region. As expected, the increase in
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droplet size due to coalescence is higher in Fig. 12 compared to
that in Fig. 11 since the density of droplets at the plume cone
angle of the swirl type nozzle is higher than that for the impaction
pin nozzle.

As shown by Schick and Knasiak [18], atomization from im-
paction pin nozzles, in general, results in smaller droplets sizes

Sanrl Moz=le, 15 mbsec A itflonar
W
45
D-.@I]A\ Mozele
40 Etl
F
35 —
E 0 =
g -
5 a5 A Bl
B = Center
5P rpm |
= o '::':“'-w‘ﬁ..v'\ o
15 = —] ¥ Edze
- =S~ 40 Center
5
]
0 50 10 150 200 250

Pressure (harg)

——D32 (R1Z3)
——a—Dv20 (R1Z7)

—o— DA2(ROZ3)
—DO— D30 (ROZ3)

Fig. 10 Variation of droplets size in the center and at the edge
of the plume as a function of the applied pressure

Journal of Engineering for Gas Turbines and Power

45

I I I I
— Impaction Pin Nozzle: 11.5 Vhr @ 207 barg
g 35 t
2
.8
i . o
15 4
] ST R
O Y -
A 5_;Q¢éé'é' ...1;...@.... R
0 5 10 15 20 25 30
Distance (cm)
——Dv90 (2.5 mis) = =a= =D32(2.5nfs)
= == =D32(12.7 mis) —8—Dv90(12.7 mfs)
Fig. 11 Effect on droplet size of distance between the nozzle

tip and the measurement position for impaction pin nozzles
[19]

45 T - -
Swirl Nozzle: 16.5 I'hr i@ 207 harg
EES
=
E
i Y Y R
B1s SR LN - Salhal S S
& o e
# w
3 : }
n 5 10 15 20 25 a0

Distance {0t
—— T30 (25 mls) = =t =D32 (2.5 mfs)
= =0= =DEII13T i) —e—TreO0 12T s

Fig. 12 Effect on droplets size of distance between the nozzle
tip and the measurement position for swirl jet nozzles [19]

than atomization from swirl jet nozzles under the same experi-
mental conditions. Because of the variance in designs of available
impaction pin and swirl jet nozzles, the nozzle should be fully
tested for any evaluation. As can be seen in Figs. 11 and 12, size
of droplets increase with the increase of distance between the
nozzle tip and the measurement position. This may be due to two
effects. The first is the coalescence effect between droplets and the
second is the relatively fast evaporation of smallest droplets in the
spray. Close to the nozzle exit where the density of droplets is
very high, the increase in droplets size is due essentially to coa-
lescence. With an increase in distance from the nozzle, the plume
expands and coalescence decreases, and the effect of evaporation
of the smaller droplets on the increase in droplets size becomes
more important. To quantify each effect, experimental studies on
impaction pin nozzles by Chaker et al. [15] at ambient conditions
and using saturated air showed that for the nozzles tested coales-
cence was preponderant for a distance of 20 cm from the nozzle.

Effects of Gas Turbine Inlet Configuration and Nozzle
Characteristics on Fogging

Inlet Configurations. Gas turbine inlet systems come in a wide
variety of configurations and shapes. Some of the complexities
associated with inlet systems that have to be addressed include the
following:

* multiple side entry configurations — two or three side entry
configurations where the nozzle manifolds have to be ar-
ranged to ensure uniform coverage, as shown in Fig. 13;

e configurations with extremely steep curved roofs that re-
quire progressive angular changes in the nozzle angles to
minimize roof wetting;
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e for short duct configurations, where residence time is mini-
mal, special patterns of the fog nozzles may have to be used
to optimize the flow. In most cases, horizontal spray nozzle
manifolds are used, whereas, nozzle manifolds may have to
be vertically oriented (often used in filter systems with
three-sided entry) to allow nozzle angular changes to be
made in a vertical plane. With some extreme short duct situ-
ations, duct extensions may have to be provided to achieve
an adequate evaporative residence time.

* complexities relating to unusual obstructions in the duct.

Due to the wide range of the intake duct configurations, the
optimization of nozzle locations, orientation, and drain system
design are often based on both modeling and experience, and in
certain situations, with a systematic CFD analysis as discussed by
Hoffmann [20].

Nozzle Locations. Various alternatives for locating the nozzle
array/manifold are possible, namely, downstream of the inlet air
filtration system and between the silencers and trash screens. The
decision of where to locate the nozzle arrays depends on several
factors, including installation related downtime, desire for over-
spray, existing inlet duct design, overall system’s cost, and the fog
droplets residence time. Among different available options, the
nozzle manifold located upstream of the silencers and in the near
vicinity of inlet air filters provides more residence time and is
advantageous for evaporative fogging [21]. To avoid any possibil-
ity of foreign object damage, the nozzle manifolds must always be
installed upstream of the trash screens. In certain installations in-
volving large heavy-duty gas turbines, two nozzle manifolds may
be required: one downstream of the inlet air filters for evaporative
fogging and one closer to the compressor inlet for overspray (see
Fig. 14).

Residence time is an important consideration that must be care-
fully evaluated. Typically, fog droplets attain the airflow velocity
in a few milliseconds due to the large drag forces. As shown in
Fig. 15, the response time for fog droplets to attain air-stream
velocity is a function of their size [16].

Selecting and designing a fogging system is an art and involves
CFD analysis coupled with past experience and visual observa-
tions. As shown in Fig. 16, there are, in general, three positions in
the gas turbine duct where nozzle manifolds could be installed

e Zone 1: Close to the inlet filter housing after the filters
where the airflow velocity is around 2.5 m/s (500 fpm) with
a residence time for the droplets of approximately 1 s. This
position is commonly used for evaporative fogging applica-
tions.

* Zone 2: Downstream of the silencer where the velocity is
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Fig. 14 Nozzle array mounted in the inlet duct of Alstom GT24
gas turbine—a view looking into the intake cone (courtesy
Caldwell Energy & Environmental, Inc.)

about 12.7 m/s (2500 fpm). This position is also used for
evaporative fogging and for combined overspray fogging.
The residence time is in the order of 0.4 s.

e Zone 3: In the duct close to the axial compressor inlet,
which is the typical overspray installation, where the resi-
dence time will be of the order of 0.2 s. The velocity here
would also be close to 12.7 m/s (2500 fpm).

The position of the nozzles manifold in the duct should be
chosen with care considering the tradeoff between the spectrum of
droplets sizes generated and residence time. Installing the fog
manifold close to the inlet filter housing (zone 1), as shown in Fig.
16, where the airflow velocity is low, results in a longer residence
time and, therefore, a better evaporative cooling efficiency. How-
ever, the fog spray is polydispersed and the penetration velocity of
the bigger droplets emitted from the nozzle orifice is higher than
the penetration velocity of the smaller ones; consequently, colli-
sion and coalescence of droplets occur.

By installing the nozzle manifold downstream of the silencer
(zone 2 as shown in Fig. 16), the coalescence effect is reduced
significantly due to the change in shear conditions at the nozzle,
leading to increased breakup of droplets at higher flow rates and
to the fast response time of the smallest droplets to the high air-
flow velocity. Large and small droplets are separated into different
flow paths, and their collisions are greatly reduced, leading to
minimization of the coalescence effect and consequently having
small droplets sizes that can evaporate within the allowed resi-
dence time.

A typical impaction pin nozzle that produces a Dvgy, of 25 mi-
crons at the lower airflow velocity near the air-filter house will
produce a Dvg, of around 19 microns in the higher airflow veloc-
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Fig. 15 Response time of droplets to attain airstream velocity
as a function of droplet size [16]
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ity that exists downstream of the silencer. By installing the
nozzles manifold downstream of the silencer, the residence time
of the droplets in the duct is also reduced, typically from 1 to just
0.4 s.

Considering the above presented discussion, the position of the
nozzle manifold in the duct should be chosen by taking into ac-
count the tradeoff of droplets size and residence time in the duct.
Since all the droplets are small enough to rapidly attain the veloc-
ity of the airflow, the effect of the water flow velocity itself on the
evaporation rate for droplets with sizes as small as the size atom-
ized from the impaction pin nozzles is negligible. A more careful
analysis should be done when using nozzles that generate larger
size droplets in order to protect gas turbine components and to
achieve the expected cooling system efficiency.

Nozzle Orientation and Fog Distribution. The fundamental
reason for evaluating nozzle orientation and fog distribution is to
obtain uniform droplets distribution in the intake duct. The value
of the nozzle orientation angle chosen depends on factors such as
airflow velocity, distance between nozzle arrays, operating pres-
sure, duct wall and roof shape constraints, and duct geometry.

Several studies have been done by CFD modeling and then
empirically verified using wind tunnel tests to visually see and
optimize the nozzle layouts. The nozzle flow angle may vary be-
tween 0 deg (coflow; see Fig. 17(a)) and 90 deg (perpendicular to
the flow; see Fig. 17(b)). The 90 deg orientation can be used when
the plume does not interact with the duct walls or other nozzle
arrays. At 90 deg orientation of fog nozzles, the increased angle
provides a marginally longer residence time and slightly better
mixing as compared to the coflow position. Furthermore, at
90 deg, the relative velocity between the droplets and the airflow
is slightly higher than the coflow position. When the nozzle mani-
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fold is installed in a high airflow velocity zone (For example,
downstream of the silencer), the Weber number may become suf-
ficiently large to initiate a secondary breakup of the biggest drop-
lets in the spray [22].

Experimental studies have been conducted to study the effect of
nozzle angle with respect to the airflow [16]. The plume diameter
stays relatively constant in the axial length. This is an advantage
when the distance between the nozzles is not too large, as it pro-
vides a homogeneous pattern across the duct. However, in a case
of large spacing between nozzles, the 90 deg position may be
advantageous because the plume diameter is much larger and con-
sequently covers more duct volume. Care must be taken that the
airflow does not blow the fog back onto the manifold tube, where
it can coalesce and form larger droplets. This can be a problem
near the air filter house, where airflow is not always axial to the
inlet duct.

Droplet to droplet coalescence will most probably not occur in
the region where the plumes intersect, as at this location, the den-
sity of the droplets is much less than at a point close to the nozzle
efflux. Droplet to droplet coalescence and the resulting formation
of larger droplets can be significantly higher close to the orifice,
where population of droplets is very dense and different sized
droplets are moving at different velocities. Coalescence stops
within 30 cm (1 ft) from the orifice for most inlet fogging
nozzles.

It is important to understand the velocity and pressure profiles
of the airflow in the intake duct and recognize that certain areas
will have accelerated flow and decreasing pressure due to duct
bends. Nozzles have to be specially oriented to accommodate
these airflow patterns.
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Fig. 17 (a), (b), and (c¢) Plume shape with nozzle orientation of
a fog nozzle in the wind tunnel; airflow velocity is 4 m/s
(800 ft/min), Operating pressure is 138 barg (2000 psig): (a)
Co—flow; (b) 90 deg; (c) counter-flow

Number of Nozzles and Nozzle Pattern. The number of
nozzles should be appropriate to provide uniform fogging in the
gas turbine inlet duct. There is a tradeoff between the nozzle flow
rate, number of nozzles, and associated airflow pressure drop.
Having a smaller number of higher flow rate nozzles can result in
a larger separation of plumes and less homogeneity in the fog
distribution. Furthermore, nozzles with a high flow rate capacity
often produce larger size droplets. In addition, fewer nozzles will
worsen the compressor inlet temperature distribution during the
part-load operating condition.

To give a feel for a typical number of nozzles, a total of 1120

452 / Vol. 129, APRIL 2007

nozzles were used in an installation consisting of a heavy-duty GE
7FA gas turbine [21]. The nozzle pattern itself should be such as
to cover the maximum inlet duct area to avoid supersaturation in
certain regions and undersaturation and coalescence in the others.
Trewin [23] has discussed practical issues related to nozzle loca-
tions such as to maximize reduction in the average temperature
and to minimize variations of local temperatures at the compres-
sor inlet due to fogging effects.

Concluding Remarks

The inlet evaporative fogging of gas turbines has become a
popular power augmentation technique due to its low first cost and
simplicity. In this paper we have provided a comprehensive over-
view of the evaporative fogging technology covering climatic as-
pects, nozzle characteristics, and droplets dynamics in the gas
turbine intake duct system. Practical considerations relating to the
placement of fog nozzles in the intake duct system have been
covered and experimental data reviewed. A treatment of overspray
is provided in Part II of this paper, and Part III covers practical
considerations and operational experiences.
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Nomenclature
C, = constant pressure specific heat (J kg™'°C™")

CIT = compressor inlet temperature (°C)

DBT = dry-bulb temperature (°C)
DPT = dew point temperature (°C)
D, = droplet diameter (micrometer)
Dvg, = droplet size number (micrometer)
D3, Sauter mean diameter (micrometer)
E = evaporative cooling efficiency (effectiveness)
AT = static temperature depression (°C)
ECDH = equivalent cooling degrees hours (°C h)
HR = heat rate (kJ/kWh)
MWBT minimum wet-bulb temperature (°C)
RA active radius of the droplet (micrometer)
RH relative humidity (%)
T = temperature (°C)
T, = ambient temperature (°C)
T_Amb ambient temperature (°C)
V = airflow velocity (ms~!)
WBT = wet-bulb temperature (°C)
WBD = wet-bulb depression (DBT- coincident WBT)
(°C)
Acronyms

HRSG = heat recovery steam generator
PDPA = phase doppler particle analyzer
TWh = terrawatt hours

References

[1] Bhargava, R. K., 2003, “Global Energy Resources, Power Generation and Gas
Turbine Market - Recent Trends,” Proceedings of the International Conference
on Power Engineering, Nov. 9-13, Kobe, Japan.

[2] Bhargava, R., and Meher-Homyji, C. B., 2005, “Parametric Analysis of Existing
Gas Turbines with Inlet Evaporative and Overspray Fogging,” ASME J. Eng.
Gas Turbines Power, 127, pp. 145-158.

[3] Bhargava, R. K., Meher-Homyji, C. B., Chaker, M. A., Bianchi, M., Melino, F.,
Peretto, A., and Ingistov, S., 2007, “Gas Turbine Fogging Technology: A State-
of-the-Art Review—Part II: Overspray Fogging—Analytical and Experimental
Aspects,” ASME J. Eng. Gas Turbines Power, 129, pp. 454—460.

[4] Bhargava, R. K., Meher-Homyji, C. B., Chaker, M. A., Bianchi, M., Melino, F.,
Peretto, A., and Ingistov, S., 2007, “Gas Turbine Fogging Technology: A State-
of-the-Art Review—Part III: Practical Considerations and Operational Experi-
ence,” ASME J. Eng. Gas Turbines Power, 129, pp. 461-472.

[5] Meher-Homji, C. B., and Mee, T. R., III, 1999, “Gas Turbine Power Augmen-

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



tation by Fogging of Inlet Air,” Proceedings of the 28th Turbomachinery Sym-
posium, Houston, TX.

[6] Tawney, R., Pearson, C., and Brown, M., 2001, “Options to Maximize Power
Output for Merchant Plants in Combined Cycle Applications,” ASME Paper
No. 2001-GT-0409.

[7] Jones, C., and Jacobs, J. A., 2000, “Economic and Technical Considerations
for Combined-Cycle Performance-Enhancement Options,” GE Power Systems,
GER-4200.

[8] Bhargava, R., Bianchi, M., Melino, F., and Peretto, A., 2003, “Parametric
Analysis of Combined Cycles Equipped With Inlet Fogging,” ASME Paper
No. GT-2003-38187.

[9] Lefebvre, A. H., 1989, Atomization and Spray, Taylor & Francis, New York,
Chap. 6.

[10] Chaker, M., Meher-Homji, C. B., Mee, T. R., III, and Nicolson, A., 2001,
“Inlet Fogging of Gas Turbine Engines—Detailed Climatic Analysis of Gas
Turbine Evaporative Cooling Potential,” ASME Paper No. 2001-GT-526.

[11] Chaker, M., and Meher-Homji, C. B., 2002, “Inlet Fogging of Gas Turbine
Engines—Climatic Analysis of Gas Turbine Evaporative Cooling Potential of
International Locations,” ASME Paper No. 2002-GT-30559.

[12] Parsons, R., 2001, ASHRAE Handbook-Fundamentals, ASHRAE, Atlanta,
Chap. 6, Psychrometrics.

[13] Le Coz, J. F, 1998, “Comparison of Different Drop Sizing Techniques on
Direct Injection Gasoline Sprays,” 9th International Symposium on Applica-
tion of Laser Techniques to Fluid Mechanics, Lisbon, July 13-16.

[14] Mahapatra, S., and Gilstrap, J. K., 2003, “Gas Turbine Inlet Air Cooling:
Determination of Parameters to Evaluate Fogging Nozzle’s Atomizing Perfor-
mance,” International Joint Power Generation Conference, Paper No.
1IPGC2003-40124.

[15] Chaker, M. A., Meher-Homji, C. B., and Mee, T., III, 2003, “Inlet Fogging of
Gas Turbine Engines—Experimental and Analytical Investigations on Impac-

Journal of Engineering for Gas Turbines and Power

tion Pin Fog Nozzle Behavior,” ASME Paper No. GT2003-38801.

[16] Chaker, M., Meher-Homji, C. B., and Mee, T. R., III, 2002, “Inlet Fogging of
Gas Turbine Engines—Part A: Fog Droplet Thermodynamics, Heat Transfer
and Practical Considerations; Part B: Fog Droplet Sizing Analysis, Nozzle
Types, Measurement and Testing; Part C: Fog Behavior in Inlet Ducts, CFD
Analysis and Wind Tunnel Experiments,” ASME Papers No. 2002-GT-30562,
No. 30563, and No. 30564.

[17] Pitch, M., and Erdman, C. A., 1987, “The Use of Breakup Time Data and
Velocity History Data to Predict the Maximum Size of Stable Fragments for
Acceleration-Induced Breakup of Liquid Drops,” Int. J. Multiphase Flow, 13,
pp. 741-757.

[18] Schick, R. J., and Knasiak, K. F., 2000, “Spray Characterization For Wet
Compression Gas Cooling Applications,” 8th International Conference on Lig-
uid Atomization and Spray Systems, Pasadena, CA, July.

[19] Chaker, M., and Kippax, P., 2004, “Towards a Protocol For the Analysis of the
High Fogging Process Using Laser Diffraction Technology,” Power Eng., Jan.,
p. 49.

[20] Hoffmann, J., 2002, “Inlet Air Cooling Performance and Operation,” CEPSI,
Paper No. T1-A-39, Fukuoka, Japan.

[21] Meher-Homyji, C. B., and Mee, T. R., 111, 2000, “Inlet Fogging of Gas Turbine
Engines—Part B: Practical Considerations, Control and O&M Aspects,”
ASME Paper No. 2000-GT-308.

[22] Savic, S., Mitsis, G., Haertel, C., Khaidarov, S., and Pfeiffer, P., 2002, “Spray
Interaction and Droplet Coalescence in Turbulent Air-Flow—An Experimental
Study with Application to Gas Turbine High Fogging,” ILASS Europe, Zara-
goza, Spain, 9-11 September.

[23] Trewin, R. R., 2002, “Inlet-temperature Suppression of Inlet Air for Gas-
Turbine Compressors by Evaporative Cooling of Water Spray,” ASME Paper
No. GT-2002-30658.

APRIL 2007, Vol. 129 / 453

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



R. K. Bhargava
22515 Holly Lake Drive,

Katy, TX 77450

C. B. Meher-Homiji

M. A. Chaker

Bechtel Corporation,
3000 Post Oak Boulevard,
Houston, TX 77056

M. Bianchi

Gas Turbine Fogging Technology:
A State-of-the-Art Review—Part
II: Overspray Fogging—Analytical
and Experimental Aspects

The strong influence of ambient temperature on the output and heat rate on a gas turbine

F. Melino

has popularized the application of inlet fogging and overspray for power augmentation.

One of the main advantages of overspray fogging is that it enhances power output as a

A. Peretto

result of decrease in compression work associated with the continuous evaporation of

water within the compressor due to fog intercooling. A comprehensive review on the

University of Bologna,
DIEM, Facolta di Ingegneria,
Viale Risorgimento 2,
Bologna 40136, Italy

current understanding of the analytical and experimental aspects of overspray fogging
technology as applied to gas turbines is presented in this paper.
[DOL: 10.1115/1.2364004]

Keywords: power augmentation, overspray, high fogging, wet compression, compressor

performance
S. Ingistov
Watson Cogeneration Co./BP,
11850 S. Wilmington Avenue,
P. 0. Box 6203,
Carson, CA 90749

Introduction

Ambient temperature strongly influences gas turbine perfor-
mance with power output dropping by approximately 0.50-0.90%
for every 1 °C of temperature rise. There is also a significant
increase in the gas turbine heat rate as the ambient temperature
rises, resulting in an increased operating cost. As the increase in
power demand often coincides with high ambient temperatures,
evaporative fogging has become a popular approach for cooling of
the inlet air during the hot part of the day when the coincident
relative humidity is typically low. Theoretical and experimental
aspects relating to inlet evaporative fogging have been covered in
Part I [1] of this three-part paper.

Evaporative fogging, however, tends to become ineffective as
the relative humidity increases resulting in a low temperature de-
pression. In situations such as these, overspray fogging where a
deliberate introduction of fine fog droplets into the axial flow
compressor provides an intercooling effect reducing compressor
work and providing significant power augmentation and heat rate
reduction. Several major gas turbine original equipment manufac-
turers (OEMs) offer overspray technology for their gas turbines
and have active research programs underway in this area. The
main objective of this paper is to provide a comprehensive review
of the work accomplished as of this date in the area of overspray
fogging and discuss both theoretical and practical issues that must
be considered during the design and implementation of overspray
systems. Additional practical considerations and operational expe-
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riences with inlet fogging systems have been presented in Part I1I
[2] of this paper. In addition to discussing current status of re-
search and development efforts in the subject area, a list of unre-
solved issues and future needs is also presented in this paper.

Overspray Fogging

Overspray fogging (also referred to as high fogging, wet com-
pression, and fog intercooling) is derived by the deliberate intro-
duction of fog droplets into an axial flow compressor of a gas
turbine. The compressor of a gas turbine consumes a considerable
amount of the gross work produced by the gas turbine (two-thirds
or more for older machines) as is evident from Fig. 1 which shows
compressor work input ratio (W_C) for a wide range of old and
new technology turbines. Whereas, the compressor work input
ratio is defined as the compressor work divided by the total work
produced by the turbine. One of the main advantages of overspray
fogging is that it enhances power output as a result of decrease in
compression work associated with the continuous evaporation of
water within the compressor. Other factors which contribute to
power augmentation are: (1) increased flow rate through the tur-
bine and (2) increase in specific heat capacity of the fluid mixture
flowing through the turbine. For most applications, the amount of
overspray is in the range of 0.5-1% of the air mass flow rate of
the gas turbine.

Nozzle Location for Overspray Fogging. It is commonly ac-
cepted that overspray fogging nozzles should be located relatively
close to the axial compressor inlet to prevent large size droplets
accumulated on the duct walls from entering in the compressor
and causing damage to the blades. In most commercial applica-
tions, the nozzle array is located in the downflow section of the
duct downstream of silencer prior to the compressor inlet bell
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Fig. 1 Compressor work input ratio (W_C) versus turbine inlet
temperature (TIT) for existing gas turbines (ambient condi-
tions: 40 °C and 40% RH)

mouth or intake cone in case of cold-end drive machines. Further
details relating to the placement of fog nozzles are presented in
Part I [1] of this paper.

The concept of overspray (wet compression) is as old as devel-
opment of propulsion gas turbines as is evident from the work of
Kleinschmidt in the late 1940s [3]. Kleinschmidt noted that wet
compression was more effective in improving gas turbine cycle
performance than with traditional compressor intercooling (using
an external intercooler). The reason for this, he argued, was that
the heat removed from the air was returned to the working fluid in
the form of steam. For a given value of turbine inlet temperature,
Kleinschmidt’s analysis further showed that the wet compression
not only increased cycle efficiency for a given pressure ratio but
also increased the cycle pressure ratio at which maximum effi-
ciency occurred. There is a lot of analytical and experimental
work reported on overspray fogging in the literature [3—18], par-
ticularly, in the last five to six years.

Early work on wet compression was focused on the use of
water injection for thrust augmentation of aircraft engines. In the
early 1950s, a detailed procedure for estimating thrust augmenta-
tion of a turbojet engine with the help of a psychrometric chart
and Mollier diagram was presented by Wilcox and Trout [4]. The
analytical study of Wilcox and Trout showed the impact of factors
such as altitude, flight Mach number, and atmospheric temperature
on the thrust boost associated with water injection. Beede et al. [5]
experimentally examined the effects of water injection on the per-
formance of a double-entry centrifugal compressor. Their study
showed increase in total pressure ratio with an increased amount
of injected water.

In the early 1960s, Hill [6] presented a systematic aerothermo-
dynamic analysis procedure for evaluating the effects of water
injection on the performance characteristics of an axial compres-
sor and found good agreement with experimental results on
medium- and high-pressure ratio compressors of turboshaft en-
gines. For a given value of an evaporation parameter defined as
(wA\/6), Hill noted that the amount of work reduction due to water
injection was not affected by the compressor pressure ratio. More-
over, stage work distribution was affected by the evaporation in-
side the compressor such that initial stages were found unloaded.
He further noted that the process of mixing and evaporation de-
pends more on the geometry and rotational speed of the compres-
sor than on the initial droplet sizes and their distribution. It is
highly likely that this conclusion could be due to the limited un-
derstanding of heat transfer effects, droplet measurement tech-
niques available at the time, and factors relating to the state of
fogging technology in the early 1960s. However, as will be pre-
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sented in the later part of this paper, recent studies [1,7,8,10,11]
clearly show the importance of droplet size on the evaporation
process both upstream and within the compressor.

A thermodynamic analysis procedure for wet compression,
similar to the above discussed work of Hill, but including a dis-
cussion on droplet size, evaporation rate, evaporation time, and
the breakup of water droplets was recently presented by Zheng et
al. [7]. As shown by Zheng et al., pressure and temperature for the
wet compression process are related by the thermodynamic rela-

tion given below
m/m—1
P T
=) W

IJ_I -
where
Ld 1 n-
m___y  Ldw 1 n-y @
m—1 y-1 RdT y-1n-1
And for isentropic wet compression
k y Ldw
P R e )

= +
k=1 vy-1 RdT
The compressor work with wet compression can be calculated
using Eq. (4) given below [7]

W= (hyy = hgp) + (Wl = wihy,) = Afhyy )

In Egs. (1)-(3), m and k represent the polytropic and isentropic
exponents, respectively, for wet compression process, and n and y
represent polytropic and isentropic exponents, respectively, for
dry compression process. Variables L, R, and dw/dT represent
latent heat of vaporization, gas constant, and evaporation rate,
respectively. Subscripts 1 and 2 refer to compressor’s inlet and
discharge conditions, respectively. Subscripts a, w, and f refer to
air, steam (water vapor), and water, respectively.

The thermodynamic analysis by Zheng et al. [7] showed that
the polytropic index of actual wet compression is lower than the
dry air compression process which results in reduced compressor
work, compressor discharge temperature, and increased compres-
sion efficiency with wet compression. For given values of com-
pression ratio and evaporation rate, it can be shown that the com-
pressor discharge temperature becomes less than even that for an
isentropic dry compression process (see Fig. 2(a)). The legends
12di, 12d, 2wi, and 2w in Fig. 2(a) represent compressor dis-
charge temperature corresponding to dry-isentropic, dry, wet-
isentropic, and actual wet compression processes, respectively. It
was further shown that wet compression was more effective at
high values of compressor pressure ratio and that, for a given
value of pressure ratio and evaporation rate, compression work
can be lower than that required for the isentropic dry air compres-
sion as is evident from Fig. 2(b). The legends wdi, wd, wwi, and
ww in Fig. 2(b) represent compression work corresponding to dry-
isentropic, dry, wet-isentropic, and actual wet compression pro-
cesses, respectively. While lacking a detailed explanation, Zheng
et al. noted that better evaporation could be achieved with smaller
droplets diameter.

A detailed analytical and experimental investigation of over-
spray using a 115 MW gas turbine (Hitachi Frame 9E) by Uta-
mura et al. [8] showed a 10% gain in power output and a 3%
increase in thermal efficiency with 1% overspray. Their simplified
model of droplets evaporation showed incomplete evaporation in-
side the 17-stage compressor for size of droplets larger than
30 um. However, complete evaporation could be attained within
the compressor for size of droplets lower than 20 um. A new
parameter, termed incremental efficiency, as a measure of wet
compression effectiveness and defined as the ratio of incremental
power to additional fuel consumption, was introduced and found
to be 10% higher than the thermal efficiency for the dry case and
independent of spray rate.

A linearized one-dimensional analysis of compressor off-design
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Fig. 2 (a) Effect of evaporation rate on compressor exit tem-
perature for wet compression process at a pressure ratio of 30
(see Ref. [7]) and (b) effect of evaporation rate on compression
work for wet compression process at a pressure ratio of 30
(see Ref. [7])

performance, with simplifying assumptions that the gas constant,
polytropic efficiency, and blade speed remain constant through
compressor in presence of overspray, was presented by Horlock
[9]. The values of constant pressure specific heat and polytropic
exponent were assumed to have a first order change due to evapo-
ration within the compressor. Also, the droplet temperature was
assumed not to change through compressor while estimating the
evaporation rate which implies neglecting the effect of convective
heat transfer from droplets and overestimating evaporation length
for a given droplet size.

A detailed study using two analytical models for overspray fog-
ging, considering the effects of compression rate, droplet size, and
polytropic efficiency on overall compressor performance, was re-
cently presented by Haertel and Pfeiffer [10]. In the first model
(termed ideal model), the air-liquid mixture was assumed to be in
a thermodynamic equilibrium through the compression process.
This implies that the droplets are very small and that the compres-
sion rate does not affect thermodynamic changes. In the second
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Fig. 3 Effects of spray flow rate and polytropic efficiency (de-
noted by “n” in the legend) on specific work ratio for pressure
ratio of 30 (see Ref. [10])

model (called droplet model), the limitations of the ideal model
were addressed. Their analysis showed that the maximum spray
flow rate, which corresponds to complete saturation at the com-
pressor discharge for a given pressure ratio, depends on the pres-
sure ratio and polytropic efficiency and its value is higher for a
compressor with lower efficiency. The results further show that
difference in specific work reduction due to polytropic efficiency
change is insignificant for spray flow rates less than 2% (see Fig.
3). It is possible that the negligible effect of polytropic efficiency
for spray flow rate less than 2% is due to the fact that stage
mismatching and associated aerodynamic losses are not
significant.

The effects of droplet size on compressor work ratio with a
compression rate of 870 bars/s (or pressure ratio of 30) for poly-
tropic efficiency values of 100% and 80%, based on the droplet
model of Haertel and Pfeiffer are shown in Figs. 4(a) and 4(b),
respectively. It is evident that an increased specific work reduction
due to overspray fogging, for a given spray flow rate and droplet
size, can be achieved for a compressor with lower efficiency. Be-
cause of the fact that the models proposed by Haertel and Pfeiffer
did not consider effects of stage mismatching with high fogging,
there exists a possibility of overestimation of the reduction in
compressor specific work and discharge temperature drop.

A method combining droplet evaporation and mean-line com-
pressor performance to examine the effects of wet compression on
stage-by-stage performance was presented by White and Meacock
[11]. An evaluation of overall compressor performance character-
istics showed characteristics progressively moving to a higher
flow and pressure ratio with increasing water injection rate. The
increase in mass flow due to wet compression is due to the water
injected and also the cooling caused by an evaporation effect and
is therefore higher than the additional amount of injected water.
Furthermore, their analysis indicated a decrease in aerodynamic
efficiency as the injection rate increased which was mainly attrib-
uted to off-design operation of all the stages as seen in Fig. 5
which shows stage-by-stage normalized flow coefficient. Their
study clearly shows the unloading (increased flow coefficient
compared to the design value) of early stages and overloading
(decrease in flow coefficient) of later stages of a compressor.

Sexton and Sexton [12] conducted a parametric study on the
effects of evaporative and overspray fogging including stage-by-
stage performance on a 16-stage 19.8 pressure ratio compressor.
Their diffusion-controlled evaporation model assumes that each
droplet of water would be rapidly entrained in the air stream and
attains air velocity implying neglect of convective heat and mass
transfer effects. Their study shows higher performance gains for
combined effects of inlet evaporative and overspray fogging in
comparison to if the water is injected directly into the compressor
bell mouth.

Recently, a detailed thermodynamic analysis on the effects of
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Fig. 4 (a) Effect of droplet size on specific work ratio (com-
pression rate 870 bars/s and polytropic efficiency 100%); (b)
effect of droplet size on specific work ratio (compression rate
870 bars/s and polytropic efficiency 80%) (see Ref. [10])

wet compression in a regenerative cycle gas turbine was presented
by Zheng et al. [13]. For a given value of compression pressure
ratio and turbine inlet temperature, specific power of a regenera-
tive gas turbine with wet compression almost doubles compared
to a simple cycle gas turbine. Also the cycle efficiency of a regen-
erative cycle with wet compression can be competitive with any
advanced combined cycle system.

Jolly [15] presented results of field experiences with overspray
on three gas turbines: GE Frame 6B, Siemen-Westinghouse
WS501D5A, and Alstom GT-24. It was shown that an advanced
technology GT-24 requires relatively less water per unit power
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Fig. 5 Stage flow coefficient relative to their design value—
effect of wet compression with 5 um droplets (see Ref. [11])
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gain compared to the other machines discussed. The field data
show a power boost in the amount of 5.64% for 1% overspray.
Jolly also noted that the payback period for a wet compression
system is less than half that of an inlet chiller system.

Li and Zheng [17,18] recently presented compressor stability
analysis in presence of wet compression and noted that in addition
to improving gas turbine performance, water injection stabilizes
aerodynamic instabilities in the compressor.

Another approach to wet compression, by using inter-stage wa-
ter injection, has also been examined [19,20]. Arsen’ev and Berk-
ovich [19] compared overall performance considering cases of
water injection in different stages including upstream of a com-
pressor and for a compressor modified for water injection effects.
Their study showed that water injection effects are improved if
water is injected within the compressor. The presented results sug-
gested an optimum compressor stage for water injection, as for the
configuration studied the performance improvement was higher
with water injected at the third stage.

Recently, Bagnoli et al. [21] investigated the effects of inter-
stage injection on the performance of a GE Frame 7EA gas tur-
bine using aerothermodynamic modeling. In addition to estimat-
ing the overall gas turbine performance changes achievable with
the interstage injection approach, the study presented impact of
interstage injection on stage-by-stage compressor performance
characteristics of the selected gas turbine. This study showed,
similar to the work of White and Meacock [11], that various
stages in a compressor operate at off-design conditions and the
first few stages are unloaded and later stages are overloaded. An
increased amount of water injection results in the operating point
moving closer to the surge line in the 17th stage (see Fig. 6), for
the modeled machine, suggesting that one has to be cautious in
selecting the water amount in case of both interstage injection and
overspray fogging.

Analytical studies on the effect of droplets on the blade surface
reveal requirements for very small size (1-5 wm) droplets [22].
The use of swirl-flash technology, where pressurized hot water is
sprayed through a swirl nozzle, has demonstrated achieving drop-
lets of 2.2 pum in the laboratory. Swirl-Flash technology has been
applied on a number of gas turbines including a GE Frame 6,
Siemens V94.2, and an ABB 9D [22-24]. By using swirl nozzles
fed by high temperature pressurized water, droplets roughly ten
times smaller in diameter and a thousand times smaller in volume
and weight than the droplets from a normal swirl spray could be
achieved as reported by Liere et al. [24]. It was also shown that
approximately 14% power boost could be obtained for an ABB
9D gas turbine with 2% overspray injection rate. Compared to
inlet evaporative fogging, overspray has an advantage as it allows
the air to reach saturation in ambient conditions with high relative
humidity and low dry-bulb temperature due to the large quantity
of small size droplets in the spray which results in faster
evaporation.

In case droplets are not evaporated in the allowed time, they
may flow through the compressor and boost the power while
evaporating in the compressor. However, in order to maximize the
benefit of a fogging system, it is important to get as close as
possible to saturation at the compressor bell mouth. As an ex-
ample, the power boost achievable for a given ambient condition
(which requires 0.5% of water injection to achieve saturation at
the compressor inlet) under different amount of injected water for
selected gas turbines is shown in Fig. 7. It is evident from Fig. 7
that the power boost due to fog injected to saturate the air is
higher than the power boost due to overspray. For example, for
the ABB GT8C, the power boost up to the saturation point is 2.5%
for each 1% of water sprayed into the airflow. Whereas, the power
boost for GT8C is reduced to 1.25% for each 1% of injected water
with overspray.

Figure 8 shows the progressive boost in power with increase in
the amount of water sprayed with the inlet airflow for given am-
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Fig. 6 (a) First stage performance maps and operating points with water injection (reference: ISO case); (b) seventeenth
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operating points with water injection (reference: HOT case); (d) seventeenth stage performance maps and operating points
with water injection (reference: HOT case) (see Ref. [21])
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Fig. 8 Experimental power boost due to water sprayed with
the airflow in an advanced industrial gas turbine inlet air duct

bient psychrometric conditions. The figure shows the step changes
in power output as the injected water flow is stepped up by the
activation of additional fog stages.

Ongoing Areas of Research

Issues that need to be researched in the area of overspray fog-
ging are common to the areas mentioned in part III of this paper.
Specific issues relating to overspray include:

* study of the interaction of water injection quantity and the
surge margin of the machine—this should be evaluated un-
der both new and deteriorated compressor conditions

* innovative thermodynamic cycles utilizing overspray

e special control systems to provide power during under-
frequency operation

* nozzle testing protocols and standardization

* special control issues relating to multispool gas turbines

Concluding Remarks

Overspray fogging is being applied to both new and existing
gas turbines with most OEMs working on ongoing implementa-
tion programs at this time. Several existing gas turbines users
utilize overspray as a means for augmenting power. This paper has
provided a review on the current understanding of analytical and
experimental aspects of overspray fogging technology including

Journal of Engineering for Gas Turbines and Power

some practical issues that are of importance. In general, most
machines operate with an overspray level not exceeding 2% of the
air mass flow but the limiting amount of injected water is machine
specific. There are several engineering issues that have to be ad-
dressed prior to the implementation of overspray including issues
relating to compressor inlet temperature profile distortion, tran-
sient effects, and reduction in the compressor’s operating surge
margin. Particular care should be taken of cooling air flows issues
as the compressor loading will change with overpsray which
could result in modified cooling flows due to a modified pressure
profile through the compressor. Several practical aspects relating
to these issues are covered in part III of this paper.

Nomenclature

CF" = corrected flow normalized to the design value

CS" = corrected speed normalized to the design value
dw/dT = evaporation rate (kg/K)
D = droplet diameter (wm)
DBT = dry-bulb temperature (°C)
n = compressor polytropic efficiency
PHI = flow coefficient (=V,/U)
PHI" = design flow coefficient
pi = compressor pressure ratio
RH = relative humidity (%)
RA = active radius of the droplet
12d = compressor discharge temperature-dry (K)
12di = isentropic compressor discharge temperature-
dry (K)
2w = compressor discharge temperature-wet (K)
2wi = isentropic compressor discharge temperature
(X)
T2 = compressor discharge temperature (K)
TIT = turbine inlet temperature (°C)
U = blade velocity (m/s)
V., = axial flow velocity (m/s)
w = vapor to air mass ratio
wd = compressor work-dry (kJ/kg)
wdi = isentropic compressor work-dry (kJ/kg)
ww = compressor work-wet (kJ/kg)
wwi = isentropic compressor work-wet (kJ/kg)
WBT = wet bulb temperature (°C)
W_C = compressor work input ratio
WIP = water injection point
B;F = pressure ratio normalized to the design value
N = ratio of latent heat of coolant to latent heat of
water
6 = ratio of temperature to standard day
temperature
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Introduction

While there are several gas turbine inlet-cooling technologies
available, high-pressure inlet fogging (evaporative and overspray)
has in the past decade seen large-scale application. Inlet fogging
has been applied on a wide range of new and old gas turbines
from units as small as 5 MW to advanced technology gas turbines
rated at 250 MW and higher. While the underlying principle of
inlet fogging is simple, there are several practical issues that need
careful attention. A comprehensive review on the current under-
standing of analytical and experimental aspects of the high-
pressure inlet evaporative fogging technology and overspray fog-
ging for gas turbine applications has been covered in Part I [1] and
Part II [2], respectively, of this three-part paper. A comprehensive
overview of fogging technology was provided in 1999 by Meher-
Homji and Mee [3], summarizing some design and implementa-
tion considerations. Chaker et al. [4] provided, in 2002, the first
detailed theoretical and experimental treatment on the subject in-
cluding practical aspects based on over 400 fogging applications.

In addition to a good understanding of droplet generation, their
dynamic behavior and selection and sizing of appropriate nozzles,
it is equally critical to have a thorough understanding of fog sys-
tem design and implementation requirements. Our main objective
in this paper is to cover several practical issues relating to fogging
system design, installation, and operation. To give a complete pic-
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ture of the fogging technology, a brief summary of the fog related
work pursued by major gas turbine manufacturers including re-
sults of some field experiences are also covered.

High-Pressure Inlet Fogging

Inlet fogging is a method of inlet air cooling where demineral-
ized water is converted into fog droplets by means of specially
designed atomizing nozzles operating at a high pressure of 69 to
207 barg (approximately 1000 to 3000 psig). The fog provides
cooling when it evaporates in the inlet air duct of a gas turbine
and can attain close to 100% evaporative cooling efficiency, as
discussed in Part I of this paper. Overspray (also called wet com-
pression, high fogging, or fog intercooling) refers to a situation
where some water is deliberately allowed to enter the compressor
to provide an intercooling effect.

A typical high-pressure fogging system consists of series of
reciprocating pumps providing demineralized water at high pres-
sure to an array of fogging nozzles located downstream of the
inlet air filter elements. More details on the commonly used
nozzle locations and their influence on evaporative efficiency are
presented in Part I of this paper. An array of over 600 fogging
nozzles, installed upstream of the silencer, in a 80 MW class
heavy-duty industrial gas turbine is shown in Fig. 1.

There are several types of nozzles (as covered in Part I of this
paper) used by different manufacturers of fogging equipment that
utilize different principles to obtain a very fine fog. A close-up
view of a typical nozzle array, consisting of impaction pin design
nozzles, installed in an inlet duct of a gas turbine, is shown in Fig.
2. The orientation and angle of nozzles (see Fig. 2) need to be
optimized in order to minimize duct wetting and optimize fog
distribution, details of which are discussed in Part I of this paper.
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Fig. 1
turbine

Fog nozzle manifold in a 80 MW class heavy-duty gas

For a fog system to be safe and effective for the gas turbine, a
proper estimation of the quantity of water required and its quality
must be known, which is briefly discussed later.

Water Flow and Water Quality Requirements. The amount
of water flow required for an evaporative fogging system is a
strong function of the climatic design conditions and the tempera-
ture depression that can be attained. An illustration describing the
procedure to calculate the required amount of water needed under
given ambient psychrometric conditions is provided in Part I of
this paper. Figure 3 provides a simple method to obtain a rough
estimate of the water quantity required for an evaporative fogging.
The quantity of water in saturated air increases with the increase
of air temperature. Figure 3 shows the required amount of water to
cool the air to the Minimum Wet Bulb Temperature (MWBT) of
15°C (solid lines) and 30°C (dashed lines) for a series of Wet
Bulb Depressions (WBD) between 5°C and 15°C. This figure
shows that for a given amount of airflow rate and WBD value,
cooling the air to a high value of MWBT requires a larger quantity
of fog water.

Water Quality Requirements. General water quality require-
ments for fogging applications are provided in Table 1. If the
water quality is not up to these specifications, there can be con-
siderable distress due to compressor fouling or hot section corro-
sion. While the values given in this table provide general guide-
lines, it is best that the gas turbine OEM’s on-line water wash
specification be followed. Demineralized quality water is gener-

wired to manifolds

LI B N

Fig. 2 Typical high pressure nozzles in an intake duct [4]
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Fig. 3 A simple chart to estimate water flow requirements for
varying gas turbine airflow rates and temperature depressions
ranging from 5°C to 15°C (applicable for evaporative fogging
only)

ally acceptable for inlet fogging. It is imperative, however, that
only stainless steel piping and fittings be used to transport water
supply to the fogging skid.

Practical Considerations

There are several practical engineering considerations that need
to be addressed during the design of inlet fogging systems and are
discussed next.

Foreign Object Damage (FOD). As the nozzle manifolds are
mounted in the air stream, care must be taken to avoid any chance
of foreign object damage resulting from the nozzles or nozzle
array components themselves. Normally for evaporative fogging,
nozzles are located in a low velocity area after the inlet air filtra-
tion system. Extensive safety wiring of nozzles and an analysis of
the fog nozzle array for airflow-induced vibration should be done
to ensure that the structure is strong and cannot break. For ex-
ample, the use of safety wires on nozzles can be clearly seen in
Fig. 2. In the case of overspray applications, the fog nozzles are
typically located much closer to the inlet bell-mouth of the gas
turbine, usually in the vertical duct section leading to the inlet
cone of the gas turbine axial compressor. Experience has shown
that with careful engineering, FOD issues can be easily avoided.
Some of the engineering considerations for proper nozzle array
design including the evaluation of flow-induced vibration have
been provided by Chaker et al. ([4], Part C).

Gas Turbine Inlet Icing. The fog control system should be
designed to automatically terminate fogging whenever there is any
chance of inlet icing due to the static temperature depression that
occurs in the bell-mouth due to acceleration of the inlet air to

Table 1 General water quality requirements

Water quality indicator Value

Water pH 6.5-7.5
Total solids (dissolved and undisolved) 5 ppm
Total alkali metals and other metals that promote 0.5 ppm

hot corrosion

Conductivity 0.5-1 micro-mho/cm
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Fig. 4 Special channel system for water drain [4]

Mach number of about 0.5 for heavy duty gas turbines and 0.8 for
aeroderivative machines. Several fog systems are designed to de-
activate at a MWBT value of 15°C, though 12.8°C can be easily
set as a minimum temperature. Several OEMs recommend a com-
bination of relative humidity and temperature at which anti-icing
measures are turned on. With fogging applications where the end-
ing relative humidity is close to 100%, temperatures as low as
10°C can be utilized. However, to be on the conservative side,
temperatures of 12.8°C are typically used as a low minimum
when situations warrant it.

Duct Drainage. This is an important subject matter and there
are a lot of practical issues involved. Drains should be strategi-
cally located both near the silencers and also in the intake bell-
mouth region. These should be carefully designed as continuous
drains and the number of drains should be determined based on
experience, configuration of the duct, and obstructions that might
result in water collection. Special shaped channel sections may be
located on the floor and duct sections to channel water collected to
the drains. One such channel is shown in Fig. 4. Appropriate
sealing systems must be used to prevent the flow of ambient air
into the duct. In the case where p-trap type seals are used, it is
imperative that water be supplied to these seals to ensure that they
do not run dry due to evaporation that will allow the ingress of air.

Drain flow should be monitored and logged as a function of
ambient conditions and the number of fog stages in operation.
This can be done simply by measuring the flow for a duration of
5 min and then calculating the drain flow rate as a percent of the
overall water flow.

Special considerations are required for bell-mouth floor drains.
At times, the pooling of water in localized segments can be in-
gested into the compressor as it is pulled forward away from the
continuous drains. Figure 5 shows the proximity of the floor to the

Fig. 5 Proximity of the floor to the compressor inlet can at
time cause vortex ingestion of pooled water [4]
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Fig. 6 A schematic showing movement of engine operating
line with respect to the surge line [5]

inlet of a large gas turbine. In such cases, a special arrangement
may have to be made to prevent the pooling of water.

Compressor Surge. This operational condition is of greater
concern on systems that are implemented with overspray (or fog
intercooling). In most cases, the extent of the overspray is a little
over the amount that is allowed for compressor on-line water
washing. The effect of overspray is to cause the operating points
on the compressor map to move toward the surge line. Also, with
overspray, there is a movement of the engine operating line and
surge line as schematically presented by Lecheler and Hoffmann
[5] and shown in Fig. 6. Normally, on-line water wash rates are
themselves in the range of 0.4% to 0.5% of the airflow rate on
most heavy-duty gas turbines. Even with evaporative fogging,
compressor inlet temperature distortion and its rate of change has
to be considered carefully in the design of the fogging system and
the control system. The issue of the surge margin must be evalu-
ated for each specific engine type. The evaluation should also look
at factors that would impact the surge margin, including the blade
surface condition and the presence of compressor fouling.

Compressor Intake Temperature Uniformity. Axial com-
pressors have stringent intake temperature and pressure unifor-
mity criteria. Issues relate to blading vibration that can be induced
due to extensive compressor intake temperature and pressure dis-
tortions. Details of blading issues are discussed by Meher-Homji
[6]. Fogging systems are designed in multiple stages and each
stage has nozzle manifolds distributed within the inlet duct to
provide a relatively uniform compressor intake temperature. This
is an important consideration, as the susceptibility of the compres-
sor to stall or surge could be affected by severe compressor intake
temperature distortion. There are also criteria relating to rapid
changes in the inlet temperature, but fogging systems cannot ex-
ceed these criteria, even in the event of an emergency shutdown of
the fogging system due to the residual time and water flow in the
system that never results in instantaneous shock temperature
changes.

The location of gas turbine compressor inlet temperature (CIT)
sensors, typically do not provide a means to evaluate temperature
distortion. In several engines with complicated ducts, considerable
temperature and pressure distortions exist even without fogging,
and it is not uncommon to find the temperature difference of the
CIT sensors of 2°C. In some gas turbines, the CIT sensors may be
located in the intake duct in a location that is starved of flow.
These sorts of natural distortions can be made more evident by
inlet fogging. It is a good idea to map the compressor inlet tem-
perature sensor readings with different ambient conditions and
operating parameters and the number of fog stages in operation.
This can form a useful baseline for an analysis of deviations in
compressor inlet temperature due to a fogging application.

A common problem faced is that as the CIT sensors become
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wet, they tend to read lower temperatures than the bulk inlet tem-
perature. To avoid this problem, special shielded CIT sensors
should be used.

Intake Duct Considerations. There are several issues relating
to the intake duct itself that need to be considered while imple-
menting a fogging system. On retrofit applications, it may not be
possible to have “ideal” conditions and hence careful compro-
mises are needed. For example, it may be impossible to obtain a
length of duct with no obstructions and there may be items such as
bleed heating pipes [often present for machines with a dry low
NO, (DLN) combustion system] where airflow is bled for control-
ling the combustor conditions under certain operating regimes.
Furthermore, some gas turbines utilize trash screens and these will
act as agglomerators causing larger droplets to form. In the intake
bell-mouth region of cold-end drive gas turbines that have intake
cones, cone wetting may occur and some water may progress
toward the compressor. However, due to the Weber number effect,
the higher velocities often result in droplet shattering, [5], and
consequently the extent of the problem is minimized. The fog
system supplier should be knowledgeable of these practical con-
siderations and design their system to minimize such problems.
Much of the choice of selecting and designing a fog system is an
art and involves CFD (computational fluid dynamic) analysis
coupled with past experience and visual observations. In some
extreme cases of short ducts, duct extensions may have to be
provided to achieve adequate residence time for evaporation to
occur.

Axial Compressor Fouling. It is important to distinguish be-
tween the problems of natural climatic fog and the fog generated
by the fogging system. High natural humidity and climatic fog
that often occur during the night and early morning hours can a
cause a gas turbine to trip due to high inlet air filter differential
pressure and sometimes the heavily fouled filters tend to unload
and leach contaminants through the filter, causing compressor
fouling. However, if the air filtration system is appropriately de-
signed and working well, the increased humidity caused by the
fogging system does not inherently increase fouling. Fouling is a
situation that is so site specific that it is very difficult to predict the
behavior. At times, if the No. 1 bearing in a gas turbine is leaking
oil, then this may combine with the high humidity (caused by inlet
fogging) to create some compressor fouling. An important issue is
to wash the silencers thoroughly to avoid dirt that has been accu-
mulated here being washed into the compressor by the fogging
system during startup. This is particularly important when a fog-
ging system is being retrofitted on an older machine. On retrofit
applications, it may be necessary to perform several crank washes
before the problem resolves. More details on compressor fouling
may be found in Meher-Homji [7] and Meher-Homyji et al. [8].

Compressor Blade Erosion. In evaporative fogging systems
the control system can be adjusted to maintain a margin between
the compressor inlet temperature and the wet-bulb temperature,
thus ensuring (in theory) that no water enters the compressor. Yet,
it is possible that some droplets do enter the compressor. For a
relatively small size (less than 15-20 microns) droplets, CFD
studies have shown that the droplets will tend to follow the air-
stream. There is an issue of larger water particles forming on the
trash screen and inlet cone of the gas turbine, but with proper
design and drainage approaches this can be minimized. It is im-
portant to note that the operational experience shows that over-
spray systems have not resulted in excessive erosion problems,
and several OEMs are offering this technology currently. Opera-
tional results, presented in Figs. 7 and 8, show no sign of blade
erosion in the presence of overspray application [9,10].

Corrosion in the Inlet Duct

The use of demineralized water can deteriorate inlet ducts that
are already in a deteriorated state—the increased humidity is
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Fig. 7 Level of erosion on compressor blades of GE Frame 6B
gas turbine with wet compression: First stage blade tip (left);
First stage blade mid-height (Center); and First stage blade hub
(Right) (Courtesy Caldwell Energy and Environmental, Inc.)

clearly a corrosion factor. With proper maintenance and painting,
this problem can be mitigated. The use of stainless steel (316L) as
the duct material is gaining popularity. Despite the fact that the
equipment first cost is a little higher, the life cycle costs are sig-
nificantly lower. It is important to note that ducts often operate in
a distressed condition, such as seen in Fig. 9. It is important that
such problems are addressed and corrected prior to the implemen-
tation of a fogging system. Careful consideration should be given
to special paint systems or the use of stainless steel liners where
appropriate.

Compressor Blading and Coating Distress. Some gas tur-
bines that have undergone overspray have experienced coating
distress in the first few stages of the axial flow compressor. In
most cases, this can be minimized by careful location of fogging
nozzles, the avoidance of excessive water accumulation on ducts
and inlet cones, and by several other proprietary approaches. Cor-
rosive ambient conditions such as chlorides or even trace contents
of hydrochloric acids will cause acidity and hence coating dam-
age. Airborne contaminants in even the parts/billion (ppb) range
can often create very acidic environments for the gas turbine axial
blading. This is an issue that must be resolved by proper inlet air
filtration, especially in aggressive industrial environments. The

Fig. 8 Blade condition of first stage compressor blades of AL-
STOM advanced heavy duty industrial gas turbine GT24 (Cour-
tesy Caldwell Energy & Environmental, Inc.)
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Fig. 9 A view of a corroded floor of intake duct [4]

use of appropriate coatings does help protect in this area. In over-
spray cases, the situation should be examined on a case-by-case
basis, evaluating the available blading material and coating tech-
nologies. Haskell [11] has described the criticality of ambient air
quality.

Factors that can cause blading and coating distress include the
following:

e excessive or improper use of overspray

e improper orientation of fog nozzles

* lack of drains or inappropriately located drains

e corrosive ambient conditions that will cause acidity and
hence coating damage.

In some cases, if some blade leading edge coating distress al-
ready exists prior to fogging then this might progress with fogging
due to the reasons mentioned above.

Off-Frequency Operation of Gas Turbines. This is an impor-
tant consideration for countries where the grid operates under off-
frequency conditions. When under-frequency operation occurs,
the airflow rate drops considerably and there is a possibility for
some gas turbines to operate much closer to rotating stall condi-
tions in the early stages when the under-frequency operation is
coupled with high ambient temperatures. This sort of operation
must be carefully considered during the design of the fogging
system. The change in power output for a large heavy-duty gas
turbine operating under-frequency is shown in Fig. 10.

In the case of overspray, the aerodynamic loading through the
compressor stages is modified, and so the minimum corrected
compressor speed needs to be determined. As it occurs, some gas
turbine models actually will modulate the inlet guide vanes at
under-frequency operation at high ambient temperatures. Often, in
power plants, guarantees have to be met even with under-
frequency operation, and overspray may be used to mitigate this
effect.

Electrostatic Buildup and Bearing Distress With Overspray.
Similar to the electrostatic charges that occur in the low-pressure
section of a steam turbine where condensed particles induce an
electrostatic charge, machines that are operated with wet compres-
sion need to have superior shaft grounding brush systems utilized.
Several installations have used Sohre Turbomachinery grounding

Journal of Engineering for Gas Turbines and Power

Frequency Vs. Power Output (%)
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Fig. 10 Under-frequency operation of gas turbine and its ef-
fect on output (Design frequency 50 Hz)

brush systems very successfully. An installation of such a brush is
shown in Fig. 11 [12]. The area of electrostatic grounding has
been covered in great detail by Sohre [13].

Multispool Gas Turbines for Mechanical Drive or Power
Generation Service. In the case of multispool gas turbine such as
commonly found in mechanical drive service, the changes in the
gas generator speed result in modified airflow through the ma-
chine. It is important, therefore, that this be taken into account
during the fogging system design to ensure that the injected water
is appropriate with respect to the gas turbine airflow. If two-shaft
gas turbines are used for power generation applications, as is com-
monly done in the case of aeroderivative gas turbines, the same
considerations should apply.

Considerations Relating to Engine Cooling Air Flow With
Overspray. A detailed study on the overall engine and compres-
sor performance using fixed and variable design Secondary Air
System (SAS) with overspray effects has been recently reported
by Cataldi et al. [14] and clearly shows impact of SAS system on
the pressure distribution (see Fig. 12).

The variable SAS system implies relative cooling air mass
flows to various components (such as combustor, turbine hot
parts, etc.) is constant. Whereas, in the case of a fixed SAS sys-
tem, the cooling air flow is influenced by the injected water. The
annotations ex. 1, ex. 2, and ex. 3, in Fig. 12 represent bleed air

Fig. 11
applications

Special grounding brush utilized for overspray
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Fig. 12 Pressure variation along compressor showing pres-
sure buildup in the rear stages for a different amount of over-
spray: Top—Variable SAS system; and bottom—fixed SAS sys-
tem [14]

locations, whereas, “in” and “out” represent the compressor’s inlet
and outlet sections, respectively. Pressure ratio at various loca-
tions inside the compressor is normalized with its value for the
dry case (no fogging). It was evident that for an engine designed
for dry operation, the amount of water injected is limited due to
changes in the secondary air flow, compressor load redistribution,
and change in the surge margin. With overspray, the temperature
and pressure distributions within the compressor stages change
and in some cases adjustments to the bleed air orifices may be
required.

The stage-by-stage change in pressure buildup with and without
overspray in a compressor is shown in Fig. 13 [5]. The abscissa in
Fig. 13 represents axial position in the compressor. Whereas the
ordinate in Fig. 13 shows the relative change in pressure buildup
and effect on the buildup with increasing amounts of overspray.
The increase in the unloading of the early stages as overspray is
increased is also evident in Fig. 13.

Practical Considerations for Fog System Design and
Implementation

Some important practical considerations to be made, in the
form of a checklist, in the implementation of any fogging system
are provided below:

e Check vendors design calculations with regards to water
flow requirements, off design conditions, and evaluate the
design under different climatic conditions.

* Ensure that the fogging system vendor is provided with de-
tailed sketches and photos of the inlet system. Full details
including air takeoff for cooling of auxiliary systems (such
as an electrical system cabin) should be provided as appro-
priate measures may have to be taken to avoid moisture
entry into these areas.

e Evaluate amount of overspray required and ensure that the
compressor can accommodate this. The surge margin should
be evaluated. Check effects of overspray on the cooling air
flows.

e If overspray is being considered, review generator and lube
oil cooler capability.

¢ Insist on the use of all stainless steel piping.

e In the event of a problem, does the design permit rapid
isolation so that gas turbine operation can proceed without
the fogging system?
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Fig. 13 Change in pressure build with overspray up in a compressor [5]
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Fig. 14 View of intake from viewing window installed in a ple-
num [4]

* Optimize the location of the fogging manifold with respect
to air filters and inlet system.

e Check that sequential fogging capability (cooling stages) is
adequate to meet power demand profile and its turndown
profile.

e Check design features to avoid potential FOD.

* Check the rigidity of the manifolds to avoid flow-induced
vibration due to gas turbine airflow. Vendor calculations
should be reviewed.

* Review vendors proposed manifold design for structural ri-
gidity and strength.

* Review the proper tie-in of the programmable logic control-
ler (PLC) of the fog system skid with the plant data control
system (DCS).

* Ensure that there is a tradeoff between the pressure drop and
the evaporation efficiency. An excessive number of nozzle
manifolds with a high obstruction ratio may lead to a large
pressure drop, while a very low number of nozzles with high
water flow rates will lead to larger droplets sizes, poor mix-
ing between the airflow and the droplets, and consequently
lower evaporation efficiency, the higher amount of drained
water, and potential risk to gas turbine components.

* Evaluate proposed installation of nozzle manifold in the
duct for maintainability and accessibility.

* Ensure that appropriate drain lines will be installed in the
inlet duct system.

* Galvanized material should not be used downstream of the
fog manifolds.

* Installation of the weather sensor can be at skid location if
this is representative of inlet conditions to the gas turbine.
Ensure that there is no secondary effect (e.g., close proxim-
ity to an air cooled heat exchanger or a source of radiant
heat) causing wrong measurement of ambient conditions.

* Demineralized water supply lines must be thoroughly
flushed to ensure that no dirt has accumulated during instal-
lation. Supply lines must be of stainless steel construction.

* Thoroughly wash the inlet duct and silencers. Dirt in the
inlet duct system can be washed by the fog into the com-
pressor causing axial compressor fouling creating perfor-
mance deterioration or compressor damage. This is of spe-
cial importance on retrofit applications.

* Consider the installation of a viewing window at the com-
pressor bell-mouth. Lighting arrangement should also be
made to enable a view, as shown in Fig. 14.

Journal of Engineering for Gas Turbines and Power

Activities of Gas Turbine Manufacturers With Inlet
Fogging and Overspray

The efforts pursued by major manufacturers in using inlet and
overspray fogging is briefly summarized below and identifies the
importance of this technology in the gas turbine industry.

General Electric. A different approach to high pressure fog-
ging, called Sprint (Spray intercooled turbine) has been imple-
mented by GE for gas turbines with a multispool compressor such
as LM6000 [15]. In this approach, a power boost is achieved by
fog spraying water, atomized with eighth-stage bleed air from the
high-pressure compressor, at both low-pressure and high-pressure
compressor inlet plenums. Power boosts of 12% at ISO and 30%
or more at ambient temperature of 32°C (90°F) compared to the
LM6000-PC gas turbine are reported. According to the latest
available data, more than 260 LM6000 Sprint systems have been
installed since June 1998 when the first two units went into com-
mercial operation. With Sprint on, GE recommends 16 000 h and
50000 h of service for HP and LP compressor blades, respec-
tively. A cutaway of a SPRINT engine showing injection into the
HP compressor is shown in Fig. 15 [16].

Siemens-Westinghouse. Wet compression technology jointly
developed by Siemens-Westinghouse and Dow Chemical Com-
pany, demonstrated in 1995 on a W501A gas turbine, has been
implemented on a number of W501-series gas turbines [17]. In
one of the peaking applications using a W501D5A gas turbine,
wet compression combined with a conventional evaporative
cooler resulted in a greater than 20% power boost and a heat rate
reduction of 1.5% to 3% at ambient conditions of 38°C and 14%
relative humidity. In addition, W501D5A and W501D5 gas tur-
bines equipped with a standard combustor have shown a reduction
in NOy emissions by 20% to 40% with wet compression.

Siemens-Westinghouse has also done some research work relat-
ing to testing and evaluation of fogging system effectiveness, as
reported recently by Willems and Ritland [18]. This work includes
the use of nine CIT probes that have special arrangements for
shielding so that they accurately reflect the dry bulb temperature
at the compressor inlet.

Rolls-Royce. A detailed analytical and experimental program
including a CFD analysis to evaluate wet compression technology
(called IFB-inlet fog boosting) in combination with other options
such as fog intercooling, inlet chilling, and fog intercooling plus
inlet chilling was initiated by Rolls-Royce in 1998, as reported by
Walsh et al. [19]. In addition, characteristics of two main types of
nozzles were examined using water and air for atomization pro-
cess. Impaction pin type nozzles showed a smaller size droplets
distribution compared to swirl nozzles, as also discussed in Part I
of this paper based on the extensive experimental work of Mus-
tapha et al. [4].

Alstom. Alstom has done extensive studies in fogging and
overspray since 2000 on a range of their gas turbines. Alstom’s
term for overspray is “High Fogging.” High fogging has been
implemented on Alstom GT8C2 and a GT26 engine at their test
facilities in Birr, Switzerland. According to Hoffman and Mckay
[20] as of 2004, ten fogging systems had been supplied by Alstom
(I XGT8, 3 XGT13, and 6 X GT26) and five “High fogging” sys-
tems have been supplied (1 X GT8, 1 X GT24, and 3 X GT26). A
map defined by ALSTOM [21] indicating temperature and relative
humidity where fogging and high fogging are permitted for Als-
tom’s machines is shown in Fig. 16. In Fig. 16, lines A, B, and C
represent the icing limit (a low ambient temperature condition),
the temperature distortion limit (for overspray condition) and the
fogging efficiency limit (at high relative humidity), respectively.
Also, the regions with combinations of various inlet cooling tech-
nologies are included in Fig. 16.
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Fig. 15 Representation of a SPRINT LM6000 engine showing water injection between the LP
and HP compressor [16]

Inlet Fogging—Field Experience and User Perspectives recent years. A partial list of gas turbine models operating in the
field with inlet fogging systems installed by third-party vendors
(see Table 2) clearly shows inlet fogging implementation on gas
turbines from all the major gas turbine manufacturers worldwide.

In general, the field experience with inlet fogging has been
quite positive, as evidenced by a number of gas turbines (over
1000 gas turbines worldwide) fitted with fogging equipment in
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Fig. 16 Map defined by ALSTOM indicating temperature and relative humidity
where fogging and high fogging is permitted [21]
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Table 2 A partial list of gas turbines with third-party furnished fog systems

Gas turbine manufacturer

Gas turbine model

Number of units
with fogging

Alstom GT26, 13D2, 13E, 13E2, GT-11N, GT-10B, Tornado, 26

9D, GT24
General Electric-Frame 5 5271, 5361, 5371, MS5001, 5001P 62
General Electric—Frame 6 6001, 6531B, 6541, 6541B, 6551B, 6561B, 6F, 6101FA 59
General Electric—Frame 7 7001, 7001E, 7001B, 7001C, 7121EA, 7061EC, 7191F, 347

T121FA,

T221FA, 7231FA, 7241FA, 7661, 7821

General Electric Frame 9 9161E, 0171E, 9FA++ 18
General Electric— LM2500, LM5000, LM6000, LM6000PD, LM2500PE 28
Aeroderivatives and others PGT10
Mitsubishi M701-F, M501G, MF111AB, MW-701D 6
Pratt & Whitney FT4, FT4 TwinPac, GG4/FT4, FT4-AS5, FT8 TwinPac, 51

GG4A9

Twin, TP4-2C1

Rolls-Royce 501KB7, AVON, SK30, RB211 7
Solar Turbines Mars, Mars 100, Centaur 50, Taurus 60, Taurus 70 10
Siemens-Westinghouse Vo64.3, V64.3A, V84.2, V94.2, V94.3 30
Siemens-Westinghouse WI191G, W251B11, W251E, W501AA, W501B4, WH 38

E4-2,
W501 DSA, W501F

It must be noted that both inlet evaporative and overspray fogging
have been implemented on the gas turbines operating in wide
ranging applications (base-load, peaking, simple cycle, cogenera-
tion, combined cycles, and mechanical drive). Furthermore, Table
2 does not include gas turbines, where fogging systems have been
provided by gas turbine OEMs.

A brief description on few field installations including results
from a comprehensive experimental study by an OEM is given
below.

Inlet Evaporative Fogging on 80 MW Class Heavy-Duty In-
dustrial Gas Turbine in a Cogeneration Facility. A snap-shot of
8 h of operation showing changes in key performance parameters,
for a 80 MW class industrial gas turbine with and without inlet
evaporative fogging, is shown in Fig. 17. With inlet evaporative
fogging in operation, an average power boost of approximately
2.5-3 MW can be seen. Also a decrease in the compressor dis-
charge temperature and associated decrease in compressor dis-
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Fig. 17 Effects of inlet evaporative fogging on a 80 MW class heavy-duty industrial gas
turbine
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Fig. 18 The first application of overspray on Frame 5 gas tur-
bines (reproduced from the work of Nolan and Twombly [23])

charge pressure with inlet evaporative fogging effects can also be
observed in Fig. 17. As the fogging system is brought off-line (at
around 5 PM), the gas turbine attains its dry rating power. The
presented data was taken recently after a major overhaul and up-
grade (change in firing temperature) of the machine. Details on
the installed fogging system and initial test data are reported by
Ingistov [22].

Application of Inlet Fogging Overspray to a Frame 5 Co-
generation Installation. The first application of wet compression
or overspray was on the three Frame 5 gas turbines (with an air
mass flow rate capacity of 161 Ib/s) operating in a cogeneration
service, and was reported by Nolan and Twombly [23]. This fa-
cility is located in Rifle, Colorado, which has long hot and dry
summers. The facility examined traditional evaporative cooling
approaches but chose to use a fogging system owing to its low
initial cost. The system utilized 540 nozzles that allowed a total
flow of 15 gpm at 600 psi pressure supplied by three reciprocating
pumps.

Wet-bulb temperatures could be effectively attained (i.e., 100%
evaporative effectiveness) throughout the temperature range of
70°F to 100°F. Figure 18 shows the average gas turbine output
over the July to September time frame. In this figure, the lower
curve (A) shows average output for all three units without fogging
employed. Curve (B) in the middle shows the predicted output
from the gas turbine manufacturer’s curves with average wet bulb
temperatures attained, i.e., with 100% evaporative cooler effec-
tiveness. The uppermost curve (C) was the actual curve of these
engines. The difference between curves B and C was due to an
overspray effect. As reported by Nolan and Twombly [23], an
economic analysis of this system indicated a payback period of
3.2 months.

KeySpan Corp Power Generation Plants. According to re-
cently reported case studies, in the Second Quarter 2004 issue of
Combined Cycle Journal, KeySpan Corp of Brooklyn, New York
is operating 50 gas turbines (FT4s, GE Frame 5s, and GE Frame
7s) with overspray that provides an aggregate power boost of
100 MW from all machines, including a NO, emissions reduction
of 15% [24]. Tt was further reported that no significant damage to
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Fig. 19 Experimental test results on GT24/GT26 gas turbines
by ALSTOM [14]

compressor blades, attributed directly to wet compression, has
been experienced with over three years of operation.

Testing of Four GT24/GT26 Gas Turbines With Overspray
by ALSTOM. At ALSTOM, tests were conducted on four GT24/
GT26 series heavy-duty industrial gas turbines (reheat cycle) to
evaluate performance of overspray fogging. The test results,
shown for three engines in Fig. 19, revealed a linear power boost
up to an injection rate of 1.2% suggesting a minor impact on
compressor performance. This experimental study also showed
that a power boost of approximately 7.1% with 1% of overspray
can be achieved for GT24/GT26 engines.

GE Frame 6B Gas Turbine at Cardinal Cogeneration
Facility. Field tests on GE Frame 6B, installed at the Cardinal
cogeneration facility using overspray fogging, were conducted in
April 2002 [10]. The spray nozzles, installed downstream of si-
lencers in the inlet duct, had a total water flow rate of 22.6 gpm
(an overspray of 1% of airflow). Gas turbine performance with
and without overspray fogging is summarized in Table 3. The test
data shows that approximately 9% power boost for 1% overspray
was achieved. A drop in a compressor discharge temperature of
approximately 50°F was noted with an exhaust gas temperature
reduction of approximately 12°F.

Issues relating to overspray are totally different compared to
traditional evaporative fogging. If overspray rates are limited to
0.5%—1%, then the potential for blade damage in the compressor
is very small, provided the system is designed and operated prop-
erly. For overspray rates higher than 1%, careful consideration
should be given to the compressor aerodynamics and surge char-
acteristics. There are also potential issues relating to the genera-
tion of electrostatic charges, which might call for the use of spe-
cial electric grounding brushes. The effects of overspray fogging
on compressor casing temperature and dynamic pressure in the
combustor through field measurements on a GE Frame-6B gas

Table 3 Field performance results on GE Frame 6B gas tur-
bine with overspray [10]

Item Without overspray With overspray
Ambient dry bulb 58°F 59°F
Ambient wet bulb 52°F 52°F
Compressor Inlet air temperature 57.9°F 52°F
Compressor discharge temperature 663.5°F 614°F
Compressor discharge pressure 153 psia 158 psia
Fuel flow 6.11b/s 6.6 Ib/sec
Turbine inlet temperature 2023.4°F 2023.6°F
Turbine exhaust temperature 1029.5°F 1017.9°F
Turbine power output 35333 kW 38579 kW
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turbine in the cogeneration application were recently reported by
Jolly [10]. In this application, two nozzle manifolds, one down-
stream of the inlet filters and another downstream of the silencers,
were installed. While for this installation no unusual distribution
in the compressor casing temperature was noted, however, high
values of dynamic pressure in the dry low NO, combustion sys-
tem were reported with 1% overspray fogging.

Testing of 80 MW Class Heavy-Duty Gas Turbine. A hybrid
inlet cooling system consisting of a traditional evaporative cooling
system combined with inlet fogging having fog nozzles installed
upstream of silencers experienced fouling in the compressor be-
cause the accumulation of dirt over years of operation of the gas
turbine was washed into the compressor [22]. The compressor
fouling problem was alleviated by relocating the nozzle manifold
downstream of the silencer.

Inlet Fogging Applied at a 650 MW Combined Cycle Power
Plant. A large scale inlet fogging system applied to three V94.2
gas turbines operating in a combined cycle plant has been recently
reported by Gajjar et al. [25,26]. This application covers an inter-
esting approach, where inlet fogging can help recover power loss
when under-frequency operation occurs. These papers cover use-
ful commissioning, operational, and maintenance experiences.
These fog systems have been in operation for a period of approxi-
mately five years.

Each gas turbine has a total of 16 manifolds with spray nozzles,
with a design capability of 14°C of wet-bulb inlet depression. A
major benefit of the system was under-frequency operation at high
ambient temperatures where deloading of the gas turbine could be
avoided by lowering the compressor inlet temperature. In order to
observe fog behavior at the gas turbine intake a special viewing
window was installed near the bell-mouth and another viewing
window was installed at the fog nozzle location in the clean air
plenum downstream of the filters. The use of the viewing win-
dows allowed the optimization of nozzle locations.

Tests on Three SWPC W501FD Gas Turbines. Willems and
Ritland [18] have reported on several practical aspects derived
from tests conducted on three 185 MW WS501FD gas turbines.
Their paper points out the importance of using shielded thermo-
couples for measuring the compressor inlet temperature. The tra-
ditional evaporative effectiveness relationship is defined below,

_ DBT-CIT
" DBT-WBT

The above relationship of evaporative effectiveness cannot be
used unless the CIT value is accurate and does not report on an
artificially lower temperature due to the temperature sensor being
wet. Their work also discusses an injection control system to
avoid evaporation to saturation to ensure that no overspray occurs.
They also stated that due to temperature stratification effects, mul-
tiple (nine were used by them) inlet temperature sensors should be
utilized to accurately measure the bulk compressor inlet air tem-
perature.

Ongoing Research and Unresolved Issues

There are several issues of importance either being researched
today or need further study. These include the following:

» Testing the protocol for fog droplets sizing, which clearly
defines the system for measurements, measurement loca-
tions, flow conditions, data analysis procedures, and repre-
sentative droplets diameters. This is important in specifying
fogging nozzle ensuring that comparative testing was con-
sistent.

* A better understanding of practical issues relating to droplet
wetting within inlet ducts.

e Special design of duct water removal methods.

Journal of Engineering for Gas Turbines and Power

¢ Developments of new fog nozzles with a lower value of
Dvy droplet size than currently achievable.

e Proper understanding of airflow within the inlet duct to op-
timize the distribution of fog nozzles in order to avoid un-
derfogged and overfogged areas.

¢ Improved droplet evaporation models that allow for an ac-
curate prediction of the size of unevaporated droplets, which
may enter the compressor.

e Understanding of the performance of evaporative fogging
systems under off-design conditions

¢ Fog system performance testing protocols

e Understanding compressor performance characteristics in
the presence of inlet evaporative and overspray fogging us-
ing CFD analysis and its verification with experimental data

Concluding Remarks

Inlet and overspray fogging technology has become increas-
ingly popular in the gas turbine market, with fogging systems
being offered by both OEMs and third-party suppliers. This paper
along with Part I and Part II has covered the state-of-the-art of
inlet fogging technology. In this paper we have focused on some
of the practical issues relating to design and implementation of
inlet fogging and overspray systems. Several practical insights
have been provided along with areas of concern and areas that
need further study. The success of evaporative fogging and over-
spray systems will depend on the effectiveness with which prac-
tical aspects discussed here are addressed and considered during
the design and implementation of proposed fogging systems.
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Nomenclature
E = evaporative effectiveness
f = water mass fraction (my,0/my;)
2 = air mass flow rate (kg/s)
water flow rate (liters/min)
m = mass flow rate (kg/s)
P = power (kW)
p = pressure (bars)
RH, ¢ = relative humidity (%)
T = temperature (°C)
WBD = wet bulb depression (°C)

M

Acronyms
AIC = air inlet cooling
CFD = computational fluid dynamics
CIT = compressor inlet temperature
DBT = dry-bulb temperature
EC = evaporative cooling
FOD = foreign object damage
HF = high fogging
MWBT = minimum wet bulb temperature

OEM = original equipment manufacturer
SAS = secondary air system
WBT = wet-bulb temperature
Subscripts
air = air
amb = ambient

dry = dry (no water injection) operation
ex = compressor air extraction

GT = gas turbine

H,O = water

out = compressor outlet

wet = overspray operation

APRIL 2007, Vol. 129 / 471

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



References

[1] Bhargava, R. K., Meher-Homji, C. B., Chaker, M. A., Bianchi, M., Melino, F.,
Peretto, A., and Ingistov, S., 2007, “Gas Turbine Fogging Technology: A State-
of-the-Art Review—Part I: Inlet Evaporative Fogging—Analytical and Experi-
mental Aspects,” ASME J. Eng. Gas Turbines Power, 129, pp. 443-453.

[2] Bhargava, R. K., Meher-Homyji, C. B., Chaker, M. A., Bianchi, M., Melino, F.,
Peretto, A., and Ingistov, S., 2007, “Gas Turbine Fogging Technology: A State-
of-the-Art Review—Part 1I: Overspray Fogging—Analytical and Experimental
Aspects,” ASME J. Eng. Gas Turbines Power, 129, pp. 454-460.

[3] Meher-Homji, C. B., and Mee, T. R., III, 1999, “Gas Turbine Power Augmen-
tation by Fogging of Inlet Air,” Proceedings of the 28th Turbomachinery Sym-
posium, Houston, TX, September.

[4] Chaker, M., Meher-Homji, C. B., and Mee, T. R. III, 2002, “Inlet Fogging of
Gas Turbine Engines-Part A: Fog Droplet Thermodynamics, Heat Transfer and
Practical Considerations; Part B: Fog Droplet Sizing Analysis, Nozzle Types,
Measurement and Testing; Part C: Fog Behavior in Inlet Ducts, CFD Analysis
and Wind Tunnel Experiments,” ASME Papers No. 2002-GT-30562, No.
30563, and No. 30564.

[5] Lecheler, S., and Hoffmann, J., 2003, “The Power of Water in Gas Turbines-
ALSTOM'’s Experience with Air Inlet Cooling,” Power-Gen Latin America,
Nov.

[6] Meher-Homji, C. B., 1995, “Blading Vibration and Failures in Gas Turbines-
Part A: Blading Dynamics and the Operating Environment;” Part B: Compres-
sor and Turbine Airfoil Distress;” Part C: Detection and Troubleshooting;” Part
D: Case Studies,” ASME Papers No. 95-GT-418, No. 95-GT-419, No. 95-GT-
420, and No. 95-GT-421.

[7] Meher-Homiji, C. B., 1992, “Gas Turbine Axial Compressor Fouling-A Unified
Treatment of its Effects, Detection & Control,” Int. J. Turbo Jet Engines, 9 pp.
311-334.

[8] Meher-Homji, C. B., Chaker, M., and Motiwalla, H., 2001, “Gas Turbine
Performance Deterioration,” Proceedings of the 30th Turbomachinery Sympo-
sium, Turbomachinery Laboratory, Texas A&M University, Houston, 17-20
September.

[9] Jolly, S., 2003, “Performance Enhancement of GT 24 with Wet Compression,”
Power Gen International, 9-11 Dec., Las Vegas, NV.

[10] Jolly, S., 2002, “Wet Compression—A Powerful Means of Enhancing Com-
bustion Turbine Capacity,” Power-Gen International, Orlando Florida, 10-12
December.

472 / Vol. 129, APRIL 2007

[11] Haskell, R. W., 1989, “Gas Turbine Compressor Operating Environment and
Material Evaluation,” ASME Paper No. 89-GT-42.

[12] Jolly, S. (personal communication).

[13] Sohre, J. S., 1980, “Shaft Currents Can Destroy Turbomachinery,” Power,
Mar., pp. 96-100.

[14] Cataldi, G., Guntner, H., Matz, C., McKay, T., Hoffmann, J., Nemet, A.,
Lecheler, S., and Braun, J., 2004, “Influence of High Fogging Systems on Gas
Turbine Engine Operation and Performance,” ASME Paper No. GT2004-
53788.

[15] Badeer, G. H., 2000, “GE Aeroderivative Gas Turbines—Design and Operat-
ing Features,” GE Power Systems, GER 3695E.

[16] Jones, C., and Jacobs, J. A., 2000, “Economics and Technical Considerations
for Combined-Cycle Performance-Enhancement Options,” GE Power Systems,
GER-4200.

[17] Smith, E., 2000, “Wet Compression: Gas Turbine Power Output Enhancement
for Peak-Load Demand,” Power Journal International, pp. 29-32.

[18] Willems, D. E., and Ritland, P. D., 2003, “A Pragmatic Approach to Evaluation
of Inlet Fogging System Effectiveness,” International Joint Power Generation
Conference, Atlanta, Georgia, 16—19 June, Paper No. [JIPGC 2003-40075.

[19] Walsh, P. P,, Mathieson, D., Bicknell, G., and Matthews, K., 2000, “Inlet Fog
Boost Technology Acquisition Programme,” Power-Gen Europe.

[20] Hoffman, J., and McKay, T., 2004, “Customer Benefits of Air Inlet Cooling
and ALFog Fogging and High Fogging,” Power-Gen Far East, October.

[21] Lecheler, S., Florjancic, S., and Cataldi, G., 2004, “Fogging and High Fog-
ging: ALSTOM’s Experience and Customer Benefits,” Power-Gen Europe.

[22] Ingistov, S., 2000, “Fog System Performance in Power Augmentation of
Heavy Duty Power Generating Gas Turbines Model 7EA,” ASME Paper No.
2000-GT-305.

[23] Nolan, J. P, and Twombly, V. J., 1990, “Gas Turbine Performance Improve-
ment Direct Mixing Evaporative Cooling System,” ASME Paper No. 90-GT-
368.

[24] Combined Cycle Journal, 2004, “Wet Compression,” Second Quarter.

[25] Gajjar, H., Chaker, M., Dighe, A., and Meher-Homji, C. B., 2003, “Inlet Fog-
ging For a 655 MW Combined Cycle Power Plant — Design, Implementation
and Operating Experience,” ASME Paper No. GT2003-38757.

[26] Gajjar, H., Modi, A., Bathija, D., and Jain, S., 2002, “Gas Turbine Inlet Air
Cooling: GPEC’s Experience,” 11" v94.2 User’s Meeting, Vadodara, India,
October.

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.106. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Key Parameters for the
Performance of Impaction-Pin
Nozzles Used in Inlet Fogging of
Gas Turbine Engines

The application of inlet air fogging to gas turbine engines for power augmentation has
become common practice, with more than 1000 installations worldwide, including a large
number of advanced gas turbines. In this paper an experimental investigation and em-
pirical analysis of key operating parameters on the performance of impaction pin nozzles
will be investigated. To date, no such correlation is available for impaction pin nozzles,
which are currently used in about 75% of this type of applications. The correlations are
developed from a series of experiments conducted in a wind tunnel equipped with the
Malvern Spraytec droplet size measurement system. The conducted analysis covered a
wide range of the relevant parameters. Mainly, the water flow rate from the nozzle orifice
was (0.00126 to 0.00063 1 s': 0.02 gpm to 0.1 gpm), the operating pressure was (34.5 to
204.1 bars: 500 to 3000 psi), the airflow velocity was (1.5 to 15.2 ms™': 295 to 3000
fpm), the distance between the nozzle orifice and the location of measurement was
(0.0127 to 0.508 m: 0.5 to 20 in.). Other parameters such as the plume spray cone angle
and the surrounding ambient psychrometric conditions, which may affect the droplet size

Mustapha A. Chaker
Gas Turbine Division,

Mee Industries Inc.,

Monrovia, CA 91016

for impaction pin nozzles, is also discussed. [DOI: 10.1115/1.2364006]

Introduction and Background

The gas turbine output is significantly impacted by the tempera-
ture of the ambient air, with the power output dropping by 0.54%
t0 0.90% for every 1°C (1.8°F) rise in ambient temperature. One
approach to overcome the loss of gas turbine power output during
periods of high ambient temperature (high demand period) is to
cool the inlet air. While there are several inlet air cooling tech-
nologies available, high pressure inlet fogging has become in-
creasingly popular over the past decade due to its low cost and its
effective power augmentation.

A direct evaporation effect is derived by using fog droplets
generated by high-pressure pumps and atomizing nozzles installed
in the inlet duct downstream of the inlet air filters. The fog evapo-
rates in the inlet duct and cools the air down to the wet bulb
temperature.

A review of the basic principles of fogging technology can be
found in Chaker et al. [1-4], Meher-Homji and Mee [5,6], and
Bhargava et al. [7]. Early papers on fog intercooling and wet
compression started to appear in the late 1940s and include Hill
[8], and Utamura et al. [9].

There are two types of nozzles commonly used in inlet fogging
systems: impaction pin nozzles and swirl jet nozzles. In both
types, the difference in the nozzles’ configurations may lead to
differences in the atomization process and, consequently, in drop-
let sizes. It is therefore important to provide all details regarding
the nozzles under test. In this paper we study the behavior of
impaction pin nozzles designed and implemented by Mee Indus-
tries in various gas turbine inlet fogging applications, as shown in
Fig. 1.

Due to the use of swirl nozzles in some applications such as the
atomization of fuel in gas turbine combustors, there are a number
of studies characterizing this type of nozzle and summarized by

Contributed by the International Gas Turbine Institute (IGTI) of ASME for pub-
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Air, Barcelona, Spain, May 8—11 2006, Paper No. GT2005-68346.
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Lefebvre [10]. His work includes a number of empirical formulas
regarding the parameters that influence the size of the droplet
from this type of nozzle.

Several papers have been published to measure the droplet size
from impaction pin nozzles [11,12]. However, to our knowledge,
no paper exists in the open literature that provides empirical rela-
tions of droplet size as a function of critical parameters affecting
it. These equations are very useful in showing the importance of
each parameter and gives the users a tool in order to estimate
rapidly the droplet size based on the value of the applied experi-
mental parameters. In this paper we make a systematic study and
analysis of the different parameters that influence the droplet size
and provides an empirical correlation between the droplet size and
each of these parameters.

Experimental Setup

In order to measure the droplets’ size in conditions similar to
those found in gas turbine inlet ducts, a variable speed wind tun-
nel was built, as shown in Fig. 2.

A brief description of the wind tunnel is given below and more
information regarding its configuration and instrumentation may
be found in Chaker [1,3].

Fog is generated in the wind tunnel by forcing high-pressure,
filtered, and deionized water through the small orifice nozzles. In
the experimental setup, a variable-speed-drive, positive-
displacement, ceramic-plunger pump is used to generate water
pressures up to 207 bars (3000 psi).

The wind tunnel is equipped with a high-speed data acquisition
system, which consists of a DAS 1200 board with up to 16 input
channels and 2 output channels. Daisy Lab software was used to
manage the data acquisition. The DAS 1200 monitors:

e temperature and relative humidity of the air in several loca-
tions

e air velocities

e water flow

APRIL 2007, Vol. 129 / 473
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Fig. 1 Impaction pin nozzle

The position of the sensors in the duct is shown in Fig. 2 and Fig.
3.

Droplet size measurements, at different locations in the spray
plume and for different airflow velocities, and operating pressures
were done with nozzles located in the constricted section of the
duct, where the highest airflow velocities are attainable. Measure-
ments were taken at different locations in the spray plume using a
Malvern Spraytec RTS5114 laser particle analyzer, as shown in
Fig. 3. The Malvern system is based on a laser diffraction tech-
nique [13,14]. This is a spatial sampling system; consequently it
allows the sampling of a large number of droplets instantaneously
with a frequency up to 2500 Hz.

A nozzle manifold, installed at the inlet of the duct, was turned
off when measurements were taken at ambient conditions. For
measurements with a saturated airflow, these nozzles were turned

Fig. 2 11 m long 25 m s~ velocity wind tunnel

Flow Ivleter  Filter
Water Inlet
Deionized water tank
3 FLC
. P
. M3 . !
H —p— : : ; —— : o Fan @
I -
P
Hozzles  Fog Droplet Filter ata Acuisition Syster

Fig. 3 Wind tunnel experimental setup
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Fig. 4 Fog nozzles manifold

on, Fig. 4, and a fog droplet filter was used, as shown in Fig. 3, to
remove any unevaporated droplets. Droplet size measurement lo-
cation is shown in Fig. 5.

Experimental Results

The Spraytec unit outputs a value for concentration volume
(CV). The results from each measurement position are based on
the relative mass flow of water at that particular position and use
the concentration volume value as a weighing coefficient. This
technique mitigated errors that would have resulted from the fact
that droplets in the center of the spray plume tend to be much
smaller than droplets at the edges of the plume, while mass flow is
much greater at the edges.

The most important variables that affect the water droplet size
produced by impaction pin nozzles are as follows: the water sup-
ply pressure, the airflow velocity in which the water is atomized,
the flow rate of the water from each nozzle, and the distance
between the measurement position and the nozzle’s orifice. Other
parameters, namely the plume cone angle and consequently the
width of the plume, as well as the ambient psychrometric condi-
tions, have less impact on droplet size. Their influence will be
analyzed in later sections.

Two characteristic diameters, employed in the gas turbine inlet
air fogging industry, were used to study the droplets size: the first
is the Sauter mean diameter (SMD) or Ds,, which gives a droplet
diameter that represents the ratio of volume to surface area of all
the drops in the spray plume and, consequently, is important in
showing the evaporation rate that occurs at the droplet-air inter-
face. The second is DV90, which is a droplet diameter where 90%
of the volume of water in the fog is made up of drops with diam-

Fig. 5 Droplet size measurement in the wind tunnel
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Fig. 6 Variation of droplet size as a function of the operating
pressure and the location of the measurement in the spray
plume. The distance between the nozzle orifice and the mea-
surement position is 0.075 m.

eters smaller than or equal to the given diameter. A small DV90
diameter indicates that a very small volume of larger droplets is
produced. That minimizes any potential erosion effects on com-
pressor components should these droplets be carried over into the
COmpressor.

Either D3, or DV90 may be written as function of the above-
cited most important parameters following the equation
D’ (1)
APVT

w'a

Diameter = «

Where k is a constant of proportionality, m1,, is the water flow
rate in liters per second, D is the distance between the nozzle
orifice and the measurement position (m), AP,, is the differential
pressure applied on the liquid (bar), and V/, is the airflow velocity
(ms™"). u, 8, 7, and w are power constants.

Effect of Applied Pressure. Figure 6 shows the effect of the
operating pressure on the droplet size for different airflow veloci-
ties (from 1.5 to 15.2 ms™!). It shows that as the operating pres-
sure increases droplet size decreases. This decrease is important
when the water is under an increasing operating pressure from
34.5 to 138 bar (a nozzle is typically operated at 138 bar in gas
turbine inlet air fogging), however, becomes insignificant when
the operating pressure increases from 138 to 207 bar.

The variation of DV90 and D3, as function of the applied pres-
sure follows the empirical formulas:

DV, AP~016 (2)

Dy o AP02 (3)

From Fig. 6, we can also see that the droplet size decreases
when we increase the airflow velocity. Figure 7 shows this varia-
tion at different operating pressures.

Effect of Airflow Velocity. The airflow velocity was varied
from 0.46 to 15.24 ms~!. As can be seen in Fig. 7, a decrease in
droplet size occurs as the airflow velocity increases. This decrease
is important between 0.46 and 5 ms~!, which is the typical air-
flow velocity at the location of nozzle manifolds installed in gas
turbine inlet ducts upstream of the silencer. For the other nozzle
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Fig. 7 Variation of the droplets size as function of the airflow
velocity, at 30°C and 40% RH. The distance between the nozzle
orifice and the measurement position is 0.075 m.

manifolds position, downstream of the silencer with an airflow
velocity varying between 10 and 20 m s~!, depending on the gas
turbine inlet duct configurations, the decrease in droplet size is
much smaller and eventually levels out.

In still air, and close to the nozzle orifice where the density of
the droplets is high, a coalescence phenomenon may occur due to
the high probability of collision between droplets of different
sizes, and therefore different penetration velocities [4].

In high-velocity air streams, the coalescence effect is greatly
diminished as the airflow acts to separate droplets of different
sizes, thus reducing the potential for collision.

Measurements made at ambient conditions, where fast evapo-
ration of smallest droplets occurs, and at saturated air conditions,
where no droplet evaporation occurs, exhibit no difference in size
increase due to this coalescence phenomenon.

The variation of DV90 and D3, as function of airflow velocity
follows the empirical formulas:

DV o V" 4)
D, o V! (5)

Effect of the Measurement Distance. By increasing the dis-
tance between the nozzle’s orifice and the measurement position,
an increase in droplet size may occur for two reasons: The first is
due to the coalescence and the second is due to the fast evapora-
tion of the smallest droplets.

Figure 8 shows the effect of the measurement distance between
the nozzle orifice and the position of measurement on the droplet
sizes. The upper two lines on the chart show the DV90 diameters,
while the lower two lines show the D3, diameters. In studying
these curves, one can see that the dashed lines (which represent
the droplet size under nonsaturated conditions), start to separate
away from the solid lines (which represent the droplet size under
dry air conditions), as the fog moves away from the nozzle orifice.
That separation shows the very small effect of evaporation.

In order to experimentally quantify the effect of rapid small
droplet evaporation, measurements were taken at two airflow ve-
locities, 3 and 13 ms™! (590 and 2560 fpm), and for two sets of
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Fig. 8 Effect of ambient humidity on droplet size at different
axial distances from the nozzle at 38 bars (2000 psi) pressure

air conditions: 30°C (86°F) with 40% RH represented by dashed
lines and defined as ambient in the chart, and 20°C (68 °F) with
close to 100% RH represented by the solid lines and defined as
saturated.

The results of the experiments (Fig. 8) show that the effect due
to coalescence is much higher than that due to evaporation for the
given distances of measurement. Figure 8 shows also the effect of
the airflow velocity on the reduction of the coalescence effect. At
13 ms~! (the blue lines) the coalescence leads to an increase of
DV90 of 4 microns, whereas for an airflow velocity of 3 ms™!
(the green lines) the increase is 8 microns due to higher coales-
cence. The difference in droplet size increases also with increasing
distance of measurement. D3, behaves similarly to DV90.

The variation of DV90 and Dj, as function of the distance
between the nozzle orifice and the measurement position follows
the empirical formulas:

DV90 o D0,14 (6)
D32 o pO-13 (7)

Effect of Flow Rate on Droplet Size. Figure 9 shows the effect
of the flow rate on the droplet size for different airflow velocities
and distances from the nozzles’ orifice.

It confirms that within our range of flow rate, the droplet size
decreases when airflow velocity increases, and the droplet size
decreases when the distance the distance between the measure-
ment position and the nozzles’ orifice decreases.

The variation of the droplet size and the flow rate may be cor-
related as follows:

DV ¢ it (®)
Dy, o it 9)

Effect of the Plume Cone Angle. The major reason for the
droplets’ coalescence within the plume is due to the high density
of droplets close to the nozzle orifice. The collision between drop-
lets in this region leads, in general, to their coalescence or bounc-
ing because of a low Weber number [2]. By increasing the cone
angle of the plume (by modifying the configuration of the nozzle)
and consequently its width, the density of the droplets in the